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ABSTRACT

DESIGN AND SIMULATION OF A VAPOR COMPRESSION
REFRIGERATION CYCLE FOR A MICRO REFRIGERATOR

YILDIZ, Seyfettin
M.S., Department of Mechanical Engineering
Supervisor: Asst. Prof. Dr. Tuba OKUTUCU OZYURT
Co-Supervisor: Prof. Dr. Riiknettin OSKAY

June 2010, 108 pages

Cooling of electronic equipments has become an important issue as the advances in
technology enabled the fabrication of very small devices. The main challenge in
cooling is the space limitation. The use of miniature refrigerators seems to be a

solution alternative for the cooling problem.

The objective of this study is to design and simulate a vapor compression
refrigeration cycle for a micro-scale refrigerator. A MATLAB code is developed for
the simulations. The four components of the refrigerator, namely, the condenser,
evaporator, compressor and the capillary tube are designed separately. The cycle is

successfully completed nearly at the same point where it begins.

The cold space temperature, ambient air temperature, condensation and evaporation

temperatures, and the evaporator heat load are the predetermined parameters. A fan

iv



is used to cool the condenser, and the compressor is selected as isentropic.

R-134A is selected as the refrigerant and a simple interpolation code is developed to

obtain the thermophysical properties of R-134A.

The original design is carried out with an isentropic compressor. For the purpose of
comparison, a cycle with a polytropic compressor is also considered. Similarly, two
alternative designs for the evaporator are developed and simulated. A second law

analysis is performed at the end of the study.

Keywords: Micro refrigerator, electronic cooling, micro evaporator-condenser,

microchannels, vapor compression refrigeration cycle.
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BiR MiKRO BUZDOLABI iCiN BUHAR SIKISTIRMALI SOGUTMA
DONGUSUNUN TASARIMI VE BENZETIMI

YILDIZ, Seyfettin
Yiiksek Lisans, Makina Miihendisligi Boliimii
Tez Yéneticisi: Y. Dog. Dr. Tuba OKUTUCU OZYURT
Ortak Tez Yoneticisi: Prof. Dr. Riiknettin OSKAY

Haziran 2010, 108 sayfa

Glnlimiizde, tretim teknolojilerindeki gelismeler sayesinde elektronik cihaz
boyutlarinin giderek kiiciilmesi sogutma problemini de beraberinde getirmistir.
Elektronik sogutma konusundaki temel zorluk alan sikisikligidir. Minyatiir
sogutucularin  kullanimi, sogutma problemine bir ¢oziim alternatifi olarak

gorinmektedir.

Bu calismanin amaci mikro Olgekli, buhar sikistirmali bir sogutma dongiisiiniin
tasarimini ve bilgisayar ortaminda benzetimini gerceklestirmektir. Bu maksatla bir
MATLAB kodu gelistirilmistir. Sogutma dongiisiiniin dort ana bileseni olan
kondenser, evaporator, kompresor ve kilcal boru ayr1 ayr1 tasarlanmistir. Dongiiniin

basladig1 noktayla neredeyse ayni noktada bitmesi saglanmistir.
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Soguk oda sicakligi, ortam sicakligi, yogusma ve buharlasma sicakliklari ile
sogutma yiikii onceden belirlenen parametrelerdir. Kondenseri sogutmak amaciyla

bir fan kullanilmis; adiyabatik, izentropik bir kompresor se¢ilmistir.

Sogutucu akigkan olarak R-134A secilmis ve termofiziksel 6zellikleri okumak igin

basit bir interpolasyon kodu yazilmstir.

[lk tasarim, sabit entropili bir kompresor ile yapilmistir. Karsilastirma amagl olarak,
politropik kompresorlii bir dongii de incelenmistir. Benzer sekilde, evaporator igin de
iki farkli tasarim gelistirilmis ve benzetimleri yapilmistir. Calismanin sonunda ikinci

yasa analizi de gergeklestirilmistir.

Anahtar Kelimeler: Mikro buzdolabi, elektronik sogutma, mikro buharlastirici-

yogusturucu, mikrokanallar, buhar sikistirmali sogutma dongiisti.
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CHAPTER 1

INTRODUCTION

1.1 General

Since Jacob Perkin’s “Ice Machine” built in 1834, Vapor Compression
Refrigeration Cycle (VCRC) has been in service of human beings. It can be used
whenever a refrigeration or air-conditioning requirement occurs. For a decade,
due to the tendency of miniaturization in technology, an effort to produce this
refrigeration cycle in smaller scales has begun, as well. Some application areas of

micro refrigerators may be sorted as:

— Space and aviation industry
— Military purposes

— Automotive industry

— Biomedical studies

— Micro electro mechanical systems (MEMS)

Especially, in hot spot applications, micro refrigerators take an important role due
to their advantages, such as the compactness, high COP values, ultra-low cold

plate temperatures and low mass flow rates.



1.2 Traditional Vapor Compression Refrigeration Cycle

The common VCRC has four main components that are the condenser, expansion
valve, evaporator and the compressor. The major function of a refrigerator is to

create a cold region by rejecting heat to the ambient as illustrated in Figure 1.1.

Heat Transfer
Work

Figure 1. 1 Refrigeration Process

The basic components of a sample VCRC are given in Figure 1.2 below.

Figure 1. 2 Basic Components of a Sample VCRC

The pressure vs. enthalpy and temperature vs. entropy diagrams of an ideal
VCRC are given in Figures 1.3 and 1.4., respectively.
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Figure 1. 3 Temperature vs. Entropy Diagram of an Ideal VCRC
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Figure 1. 4 Pressure vs. Enthalpy Diagram of an Ideal VCRC

Referring to Figures 1.2-4, the functions of the four main components of an ideal
VCRC may be summarized as follows:

1-2 Compressor: The low pressure saturated vapor is compressed to a high

pressure superheated vapor under constant entropy value.

2-3 Condenser: The high pressure superheated vapor is sub-cooled to s saturated
vapor state and then condenses into a saturated liquid state under constant

pressure.



3-4 Expansion Valve: The high-pressure saturated liquid is expanded to a low

pressure and temperature liquid-vapor mixture at constant enthalpy.

4-1 Evaporator: The low-pressure two-phase mixture boils to saturated vapor

under constant pressure.

It is a fact that the ideal cycle can nearly never be realized, especially in micro-
channel VCRCs owing to the very small dimensions of the channels, and much
higher pressure drops. Hence, in this study, the pressure drops in the condenser
and the evaporator have been taken into account. On the other hand, a miniature

isentropic compressor has been selected.

1.3 Micro-Scale Vapor Compression Refrigeration Cycle

1.3.1 What is meant by micro?

The categorization of channels according to their sizes is not an easy task due to
various dissimilar views in the community. As reported in the study of
Mehendale, Jacobi and Shah [1], channels are classified into four types according

to their hydraulic diameters:

— 1 um < Dy <100 pum : Microchannels
— 100 um < Dy < 1 mm : Meso-channels
— 1 mm < Dy <6 mm : Compact passages

— Dy > 6 mm : Conventional channels

In addition to these, Kandlikar et. al. [2] elaborate on the micro-channel flow and
thermo-hydraulic performance, pointing out the flow regime effect of different
gases. The flow regimes are classified as shown in Table 1.1 under 1 atmosphere

pressure.



Table 1. 1 Flow Regimes for Different Gases

Channel Dimensions (um)
Gas Continuum Slip Transition Free
Flow Flow Flow Molecular
Flow
Air > 67 0.67- 67 0.0067-0.67 < 0.0067
Helium > 194 1.94-194 0.0194-1.94 <0.0194
Hydrogen > 123 1.23-123 0.0123-1.23 <0.0123

In the same study of Kandlikar et al. [2], channel classification based on the

hydraulic diameter is given as shown in Table 1.2,

Table 1. 2 Channel Classifications

Channel Class Channel Hydraulic

Diameter

Conventional >3 mm

Channel

Mini-Channel 200pm to 3mm

Micro-Channel 10pm to 200um

Transitional Micro- | 1um to 10um

Channel

Transitional Nano- 0.1um to 1um

Channel

Nano-Channel <0.1um

Another definition for microchannels is suggested by Serizawa et al. [3].
According to Serizawa et al. [3] a channel may be called a microchannel if its
Laplace constant (L) is greater than its hydraulic diameter, where

L= |—2 (L.1)
IRFICOETS) '

This approach shows the importance of the surface tension and gravitational

forces in the classification.



Moreover, Kew and Cornwell [4] suggest a confinement number (Co) for the

classification of the channels, where

/#
g (pl - pv) (1-2)

Co =
0 Dh

The confinement number can also be expressed in terms of the Laplace constant

as

Co=—. (1.3)

The confinement number should be greater than 0.5 to classify a channel as

microchannel.

Different limits for the channel classification have been reported by different
researchers. For example, for the flow of R-134A at 1500 kPa, the channel may

be called a microchannel if Dy, < 0.66 mm [3], or Dy < 1.32 mm [4].

The channels of the condenser and the evaporator designed in the present study
have hydraulic diameters of 0.5 mm and 0.44 mm; respectively. Hence, they can
be considered as microchannels [3,4].

1.3.2 History of Micro VCRC

The name “micro” is due to the channel hydraulic diameters of the condenser and
the evaporator in a VCRC. Therefore, it may be more meaningful to give a brief
summary of the studies on the condensation and evaporation in microchannels
before proceeding any further. Then, a review of the literature on the complete

cycle will be presented.



1.3.2.1 Literature on Evaporation in Microchannels

Evaporation in microchannels has been a popular topic for about three decades,
and there is a very wide literature on the subject. Due to spacing considerations,
only the studies with R-134A will be mentioned in this chapter with the exception
of the very first study by Lazarek and Black [5] who investigated a circular
microchannel with a hydraulic diameter of 3.1 mm and length of 123 mm, with
R-113 as the refrigerant. This work may be considered as the major milestone of

evaporation research in miniature channels.

Yan and Lin [6] presented a study with horizontal, circular channels with
hydraulic diameters of 2 mm and lengths of 200 mm. R-134A with different mass
fluxes have been used as the working fluid. It has been shown that the boiling
heat transfer coefficient is a function of heat flux, vapor fraction and saturation
temperature in microchannels. Moreover, it is claimed that in low heat dissipation

studies, the boiling heat transfer is only a function of the mass flux.

Agostini and Bontemps [7] showed the relationship between the boiling heat

transfer and hydraulic diameter for vertical and rectangular channels.

Owhaib and Palm [8] studied heat transfer in vertical and circular channels of 0.8
mm, 1.2 mm and 1.7 mm hydraulic diameter, and 220 mm length. Different mass
flux values have been considered in this study for a saturation temperature of
24°C. The dependency of boiling heat transfer on heat flux has been reported.
Interestingly, it is stated that the heat transfer coefficient is independent of the
mass flux and vapor fraction, which is in contradiction with the study of Yan and
Lin [6].

Owhaib et al. [9] claimed the independency of the heat transfer coefficient from
the mass flux and the vapor fraction, and highlighted the relationship between

hydraulic diameter and the heat transfer coefficient.



The work of Mehendale and Jacobi [10] is another example of the heat transfer
studies on microchannels where circular channels with 0.8 mm hydraulic
diameter and 7.4 mm length have been considered. The claim of their study was
that the boiling heat transfer coefficient is independent of the vapor fraction and
the mass flux, but strongly dependent on the heat flux. Also, the dominancy of

the nucleate pool boiling regime has been indicated.

Huo et al. [11] presented a study with a 2.01 mm diameter and 4.06 mm length
circular channel. The heat transfer coefficient has been shown to be a function of
the heat flux and the vapor fraction as opposed to the findings of Owhaib et al.
[9] and Mehendale and Jacobi [10]. The effect of convective boiling is not
neglected in this study.

The research by Kandlikar and Steinke [12] and Kandlikar and Balasubramanian
[13] may be considered among the most important studies where the correlation
of boiling heat transfer coefficient in microchannels has been given in terms of
the liquid phase Reynolds number. The dominancy of the nucleate boiling or

convective boiling regimes has been taken into account in these two studies.

1.3.2.2 Literature on Condensation in Microchannels

Condensation in microchannels has been studied more recently compared to the
evaporation studies in literature. Again, only the studies with R-134A will be

included here.

One of the first studies on condensation in mini-channels is by Friedel [14]. The
study is applicable to channels with a hydraulic diameter greater than 4 mm and it
forms a bases of most for the microchannel condensation studies even at the
present time. About 25000 data have been used in this study, and a pressure drop

model for mini-channel condensation flow has been tried to be built up. The



separated model has been used based on a two-phase multiplier. The surface

tension effects have been included in the pressure drop correlations.

Wilson et al. [15] investigated the effect of channel shape on pressure drop. The
smallest channel hydraulic diameter used in this study was 1.84 mm. It has been
reported that the pressure drop increases if the profile of the channel is

rectangular rather than circular.

Zhang and Webb [16] investigated channels with a hydraulic diameter of 2.13
mm and reported that the work of Friedel [14] becomes inadequate in smaller
channels. Still using the separated model, they developed a new two-phase

multiplier.

Yang and Webb [17] studied channels with 1.41 mm hydraulic diameter. The
surface tension contribution is the major point of their work. The condensation

heat transfer coefficient has been given as a function of the surface tension.

Koyama et al. [18] presented a study with horizontal tubes. A saturation
temperature of 60°C has been selected in their study. Based on the separated

model, a newly defined two-phase multiplier has been built up.

Shin and Kim [19] highlighted that the heat transfer coefficient in square
channels is higher than that in circular channels at low mass fluxes, whereas, the
opposite is true at high heat fluxes. Square and circular channels with hydraulic
diameters ranging between 0.5 mm and 1 mm have been used in this study.

1.3.2.3 Literature on Micro VCRC

A few studies which may be considered as the milestones of the micro VCRC

analyses will be given here.



Chow et al. [20] designed a meso-scale VCRC using R-134A as the refrigerant
with 0.271 g/s flow rate. An evaporator heat load of 32 W has been obtained. The
evaporation temperature was 12°C and the ambient temperature was 45°C. In the
study, a centrifugal compressor has been used with a pressure ratio of 3.80 and a

power requirement of 9.57 W, thus, a COP value of 3.34 has been reached.

In the work of Heydari [21], all components of the system were designed one by
one and the refrigerator was called a miniature CPU cooling system. R-134A was
used as the refrigerant. The evaporation temperature was 20°C and condensation
temperature was 60°C. The condenser was designed as a compact air-cooled heat
exchanger. The junction temperature was assumed to be 86°C. A positive
displacement, piston-type compressor was used and the stimulation of the piston
was obtained by an electrical motor instead of a crank mechanism. An isentropic
compressor has been used, and the pressure lost in the valves and the manifolds
have been neglected. In addition, the need for a piston-free linear vapor
compression compressor has been demonstrated, and a COP value of 3.0 has been
reached.

Phelan et al. [22] studied a meso-scale VCRC using R-134A. A heat load of 100-
300W has been removed by the evaporator. The evaporation temperature was 5°C
and the condensation temperature was 55°C. A scroll type compressor was used
and a COP value of 3.0 was reached. To show the effect of the refrigerant
selection on the COP value of the system, NH3; and R22 were examined too.
Moreover, the efficiencies of reciprocating, screw, rotary, scroll and centrifugal
type compressors have been contrasted. For a range of evaporator heat loads, the
geometrical details of the condenser and the compressor were given. For a 100 W
load, 0.824 g/s refrigerant mass flow rate was reported to be needed and for a
300W this value has changed to 2.47 g/s. The design of the evaporator has been
left as a future work in this study.
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Later, Chriac and Chriac [23] designed a system for about 100 W and designed
the evaporator as well. Condensation temperature has been selected as 55°C and
the evaporation temperature was 10°C. R-134A has been used as the refrigerant.
A scroll type compressor with a diameter of 15.2 cm and height of 15.4 cm has

been selected. The COP value was 4.5.

Mongia et al. [24] designed a VCRC that may be used in Notebooks. Using
R600A with 0.26 g/s mass flow rate. A heat load of 50 W has been rejected from
the hot surface. The condensation temperature and the pressure were 90°C and
16.4 bar, respectively. The evaporation temperature and the pressure were 50°C
and 6.85 bar, respectively. The ambient temperature was assumed to be 50°C. A
reciprocating compressor with 2.4:1 pressure ratio was used and the COP value
of the system was around 2.25.

1.4 The Objective of the Study

The aim of this study is to design the components of a micro VCRC one by one
and to analyze the cycle. The effect of miniaturization on the pressure drop and
the heat transfer in condensation and evaporation processes has been investigated.
Moreover, an isentropic, reciprocating compressor has been designed for the
system. Two alternative evaporator designs with different geometries have been
suggested. The effect of polytropic compression process on the cycle COP has
also been observed. A second law analysis has been performed at the end of the

study. R-134A has been considered as the refrigerant throughout the study.

Firstly, the evaporator design part will be presented in the thesis. The design
criteria and the dimensions of the evaporator will be mentioned in Chapter 2.
After that, compressor design part will be discussed in Chapter 3. Chapter 4 is
about the condenser design where air flow thorough the condenser fins and
refrigerant flow inside the tubes will be considered. The tube and fin geometries

and the dimensions will be given including their detailed calculations. Capillary

11



tube design will be presented in Chapter 5. The sizing of the capillary tube will
be presented in this chapter. Following the design of all four components, a
second law analysis will be performed in Chapter 6. The details of the code
developed to analyze the system will be given in Chapter 7. The results will be
presented in Chapter 8. Finally, discussions on the results, conclusions, and the

potential future work will be outlined in Chapter 9.
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CHAPTER 2

EVAPORATOR DESIGN

2.1 Geometry and Material Selection

Evaporator is the component of the refrigeration system where the heat dissipated
from a hot medium is removed. In this study, the evaporator is designed to be in
direct contact with the heat dissipating unit. The isometric and cross-sectional
views of the evaporator are presented in Figures 2.1 and 2.2, respectively. The
refrigerant evaporates inside the rectangular microchannels. The dimensions of

the evaporator are listed in Table 2.1

Figure 2. 1 Isometric View of the Evaporator
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Heat Dissipated

Figure 2. 2 Evaporator Assembly

Table 2. 1 Principle Dimensions of the Evaporator

Evaporator Dimensions
Channel Height (mm) 0.400
Channel Width (mm) 0.500
Channel Thickness (mm) | 0.500

Number of Channels 10
Length (mm) 18.4
Base Thickness (mm) 1

The flow area of the evaporator is given by the relation

AflOW = NHw

The wetted perimeter of the evaporator is

P=2N(H+w)

14
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and the hydraulic diameter is

A
Dy =4 f;;’“” (2.3)

To reduce the thermal resistance between the hot surface and the refrigerant,
copper is selected as the evaporator material due to its high thermal conductivity.

The relative ease of fabrication is also considered in this selection.
2.2 Operational Conditions
The refrigerant enters the evaporator in the two-phase region and leaves as a

superheated vapor. The operational conditions of the evaporator are summarized
in Table 2.2.

Table 2. 2 Operational Conditions of the Evaporator

Inlet Vapor Fraction 0.3603 Cold Room 15
Temperature (°C)

Exit Condition Superheated Vapor | Boiling Pressure | 4 59769
(MPa)

Exit Temperature (°C) 3 Total Heat 45
Dissipated (W)

Boiling Temperature (°C) |0

2.3 Heat Transfer and Pressure Drop Calculations
There are two different flow regions in the evaporator, the two-phase mixture in

the entry and the superheated vapor region at the exit. Hence, the evaporator is

designed and simulated for these two regions separately.
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2.3.1 Two Phase Flow

The Reynolds numbers based on the liquid and vapor phases should be evaluated
first. The liquid phase Reynolds number is as

1—x
Rel =G Dh (24)
H
and the vapor phase Reynolds number may be obtained from the relation
X
Rev =G Dh — (25)
Hy
where G is the refrigerant mass flux defined as
G = m (2.6)
Afiow '

Two types of pressure losses occur in microchannels: the frictional and

accelerational. The frictional pressure drop is defined as [25]

AP, AP
f_ Tl g2 2.7
T T 0? (2.7)

AP
where Tl is the liquid phase pressure drop per unit length and is given by

AP, 2 f,G? (1 —x)?

(2.8)
L Dy py
The vapor phase pressure drop may be found as
2,2
ARy _ 2/, G7 X7 2.9)

L Dh Py
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where f | and f , are the liquid and vapor phase friction factors which may be

found for laminar flow as [26]

_Fo (2.10)
fl N Rel’ .
Po
fo = Re, (2.11)

respectively. The Poiseuille number is defined for rectangular channels as [27]

Po =24 (1 - (1.3553 a.) + (1.9467 a?)
—(1.7012 a2) + (0.9564 a?) (2.12)
—(0.2537 a?))

where a. is the aspect ratio defined as the ratio of short side of the channel to the
long side [27].

Almost always, laminar flow regime develops for the liquid phase flow in
microchannels. For the vapor phase, if the flow is turbulent, then the friction

factor may be found as

f, = (1.82 log(Re,) — 1.64)72, (2.13)

The two phase pressure drop multiplier is defined as

-1 )+ )

The constant C for the laminar liquid and laminar vapor phase flow conditions

may be obtained as [28]

C = 2.16 (Re ") (We®) (2.15)
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and for laminar liquid and turbulent vapor phase flow conditions as

C = 1.45 (Rel?%) (Wel>3). (2.16)

The Weber number based on the liquid phase flow is defined as

Dy,

Wel = GZ .
pLo

(2.17)
It has been shown that the pressure drop is strongly dependent on the surface
tension in both laminar and turbulent flows. In addition, while finding the two
phase pressure multiplier, the Martinelli parameter is an important factor which is

defined as

(2.18)

The heat transfer coefficient in the two phase flow may be obtained using the

following equations [12, 13]

hip = hipyy = 0.6883 Co™%2 (1 — x)*8hy, +

2.1
(1058 BOO'7(1 — X)O'S S hlo)l for Rel < 100 s ( 9)

hip = max Of(hfPNB'hfP(:B)' for Re; > 100. (2.20)

hp, s 18 the two phase heat transfer coefficient when the nucleate boiling regime
is dominant and hy, . is the two phase heat transfer coefficient when convective

boiling regime is dominant. They are defined as

= 0.6883 Co™%2(1 — x)°8h,
+1058B0°7(1 — x)°® S hy,

P (2.21)
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hepey = 1.136C07%2(1 — x)*8hy,
+667.2B0%7 (1 — x)°8 S hy,

where the heat transfer coefficient based on the liquid phase is defined as:

For 100 < Re; < 1600

k,
hi, = Nuy, D—h,
For 3000 < Re; < 10*
k.
fi Dy,

hlo = (Rel - 1000) PTl—

8 2 ’
1+127 (Prﬁ - 1) \/g

For 10* < Re, < 5x10°

ke
D
hlo = Rel PTl %l hz .
14127 <Prl3 - 1) I

(2.22)

(2.23)

(2.25)

For the transition region where 1600 < Re; < 3000, a linear interpolation may be

performed to find the liquid phase heat transfer coefficient. In addition, the

boiling number, the convection number and the fluid surface parameter should be

known in order to evaluate the two phase heat transfer coefficient.

The boiling number is defined as

Bo
G iy

19
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and the convection number which is a modified Martinelli parameter is defined

Co = (1 - X)OIS\/%. 2.27)

S is the fluid surface parameter for R-134A, and is given as [25]

as

S = 1.63. (2.28)

It should be noted that, for the Reynolds number range of 100 < Re; < 1600, the
Nusselt number for liquid phase is unknown, and should be found using Table 2.3
[29]. In this case, the aspect ratio a. is defined as the ratio of the unheated side to

the heated side for rectangular channels.

Table 2. 3 Nusselt Number Values for Rectangular Ducts [29]

a.=a/b Nu a.=a/b Nu

0 8.235 1.43 3.195
0.10 6.939 2.00 3.146
0.20 6.072 2.50 3.169
0.30 5.393 3.33 3.306
0.40 4.885 5.00 3.636
0.50 4.505 10.00 4.252
0.70 3.991 >10.00 5.385
1.00 3.556

In addition to the frictional pressure drop, there occurs an accelerational pressure

drop in the two-phase region which may be found as

APy = G* gy (xZ - xl) (2-29)

The total pressure drop is the sum of the frictional and accelerational pressure

drops.
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2.3.2  Single Phase Flow

The single phase flow Reynolds number is defined as

D
Re = h

2.30
nLlSp ( )

For turbulent flow, Nusselt number is given by Gnielinski as [30]

Pr.
Nugy = (g) (Re — 1000) P

2
2 (2.31)
1+12.7 g <Pr§0 - 1)

where f is the friction factor and defined by Filonenko as [31]

f =(1.82 log(Re) — 1.64)72. (2.32)

The Nusselt number is corrected for 2600 < Re < 23000 and 0.102 mm < Dy, <
1.09 mm as [32]

Nu = NuGN (1+F)

(2.33)
where F is defined as

F =CRe (1 — (%)j (2.34)

and the constants C and D, are found by a least square fit as [32]

D, = 1.164x10™3 m (2.35)
C =7.6x1075. (2.36)

Then, the single phase heat transfer coefficient may be found using the definition
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k
h = Nu =2 (2.37)
Dy

and the single phase pressure drop may be evaluated by the relation

AP = f G) pep UMZ, (Dih) . (2.38)

2.3.3 Fin Analysis

It should be noted that the thermal resistance between the heat dissipating surface
and the channel inner surface is tried to be minimized. The base temperature, T,
of the channel may be found as

tp

Ty = Ten = (0" 1), (2.39)
cu

The channels behave as fins at same time. For a fin with an insulated tip, the fin

efficiency is given as [33]

tanh(mﬁn LC)

= 2.40
Tfln mfin LC ( )

where
L.=H (2.41)

and
h 0.5

= 2.42
My = (2 - tch) . (2.42)

Once the fin efficiency is determined, the evaporator length may be calculated as
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L= q
hep (2 H pin + ten) N AT

(2.43)

where AT is the temperature difference between the channel base temperature and

the boiling temperature, T :

AT =T,—T. (2.44)

The calculations begin with an initial guess for the evaporator length. Hence, its
accuracy should be checked at the end of the calculations. The error between the

calculated and the assumed lengths, which may be calculated as

L — Linis
% error, = calculated initial x 100 (245)

Linitial

is kept within %1.

2.4 Alternative Evaporator Design

For the purpose of comparison, an alternative evaporator design is also suggested.
The alternative evaporator has circular tubes as shown in Figure 2.3, and is
designed to yield the same pressure drop as the original one. The geometrical
details of the alternative evaporator are given in Table 8.2. The number and
diameter of the tubes are selected iteratively to obtain the same design
requirements, such as, the heat load, pressure drop, and the inlet and exit
conditions. The requirements have been met by a shorter evaporator, decreasing
the occupied volume, weight and the material cost. However, some

manufacturing difficulties are reported in literature [34].
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Figure 2. 3 Alternative Evaporator
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CHAPTER 3

COMPRESSOR DESIGN

3.1 General

The function of the compressor in the vapor compression refrigeration cycle is to
compress the low-pressure superheated vapor leaving the evaporator to the high-
pressure condenser inlet state. In this study, a reciprocating type, isentropic

compressor is designed.

3.2 Principle Dimensions and Working Principles

The basic geometry and the pressure vs. volume diagram of the compressor may
be seen in Figures 3.1 and 3.2. There are four stages of a reciprocating

compressor:

1->2 Compression
2->3 Discharge
3->4 Re-expansion
4->1 Suction
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Figure 3. 1 Basic Geometry of Compressor
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Figure 3. 2 Pressure vs. Volume Diagram
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To find the swept volume (V;), the suction volume (Vs) and the clearance volume
(V¢), the ratio of the bore diameter (D) to the stroke (Ls) of the reciprocating
compressor should be known firstly. Swept volume is the volume between the
bottom dead center (BDC) and the top dead center (TDC), and may be calculated

as

DZ

ho=Vi—Vs=m— Ly. (3.1)

The suction volume is the volume swept during the suction process and may be

found as

To prevent the impact of the piston on the cylinder, the cylinder is designed to

have a clearance volume beyond the BDC. The clearance volume is calculated as
Ve=Vs=CV, (3.3)

where C is defined as the clearance factor which is given as 5% regardless of the
size of the compressor [35].

In real compressors, the suction and discharge pressures deviate from those seen
in Figure 3.2. Due to the valve pressure drop effects, suction pressure is lower
than the evaporator pressure and the discharge pressure is higher than the
condenser pressure. The suction and discharge pressures may be calculated using
(3.4) and (3.5), respectively,

=P fps (3.4)
fpd
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where the pressure fractions fp,; and f,4 at the suction and discharge valves are
given as [35]
fps = 0.95 (3.6)

foq = 0.95 (3.7)

The effect of the valve pressure drops may be seen in Figure 3.3.

1
\

F— ___f_)_jal

Pd

Ps

Figure 3. 3 Suction and Discharge Pressures

3.3 Compressor Work
The power input to the compressor may be found from Figure 1.4 as the product
of the mass flow rate and the difference between evaporator exit and condenser

inlet specific enthalpies

W =i (iy — iy). (3.8)

The specific work of the compressor may be calculated as

w=¢vdP. (3.9)
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For this study, for an isentropic compression and isentropic re-expansion

process, the specific work of the compressor is defined as [35]

k P\ &
Weomp = (m) Py vy <_d> -1 (3.10)

where K is the isentropic index of compression. From the ideal gas relation,

P vk = P, v¥ = P, v¥ = CONSTANT (3.11)
and
P
In (=2
k = "Gq) (3.12)
- In (ﬁ) . .
U3

Therefore, it is nearly the ratio of the constant pressure specific heat to the
constant volume specific heat

k=L (3.13)

The power input to the compressor may be calculated by multiplying the specific

work with the mass flow rate of the refrigerant

Weomp = M Weomp - (3.14)

3.4 Compressor Performance
There are different performance definitions for the compressor. In this study, the

compressor is selected as isentropic. Therefore, the isentropic efficiency, which is

the ratio of the isentropic work to the actual work is unity.
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n _ Wisent.
isent. —
W,

actual

(3.15)

In a reciprocating compressor, the ratio of suction volume to swept volume is

defined as the clearance volumetric efficiency, which may be found as [35]

X

P
N=-2=1+C—C (—d> (3.16)

Ps

SSIPS

where C was defined as the clearance factor. The most commonly used term for
the efficiency in a reciprocating compressor is the overall volumetric efficiency
that can be found from [35]

1 1
Pk Py\k Py
Nvor-= (1 + C) (P_j) —C * <P_1) - fleakage (E) (3.17)

where f jeakage 1S @assumed as 0.01.
3.5 Compressor Speed

The rotational speed of the compressor may be found as

muv
Neomp- = ——— X 60 (3.18)
Nvot Vp
and the mean velocity of the piston is
Ncomp-
Mpiston 2L 60 (319)

where Nomp.- is in rpm and Um, isin m/s.

iston
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CHAPTER 4

CONDENSER DESIGN

4.1 Geometry and Material

The condenser is designed as an air-cooled, micro-channel, multi-louver fin heat
exchanger. The basic geometry of the microchannel condenser is given in Figure

4.1 and the louvered-fin geometry is presented in Figure 4.2.

Figure 4. 1 Condenser Geometry
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Figure 4. 2 Fin Geometry

Additionally, geometrical details of the condenser and the louvered fins are
shown in Table 4.1 and Figure 4.3.

Table 4. 1 Principle Dimensions

Tube Side Fin Side Louver
Tube Fin Pitch Louver
Height 1.96 (mm) 1.114 | Angle 27
(mm) @)
Tube Fin Louver
Depth 16.26 | Length 9.15 Pitch 0.94
(mm) (mm) (mm)
Number of _Fin Louver
10 | Thickness | 0.127 | Length | 7.62
Channels
(mm) (mm)
Channel
Diameter 0.5
(mm)
Length
(mm) 135
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Figure 4. 3 Principle Dimensions of Condenser
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The flow area of the refrigerant side of the condenser is given by

DZ

AflOW =Nmn T . (41)

The wetted perimeter of the refrigerant channels is

P=NnD (4.2)
and the hydraulic diameter is
A
D, = 4 f;)"""_ (4.3)

The free flow area for the air side of the condenser is given by

Afreea = (Lseg — Nt Zt) 2. (4.4)

For the air side, the wetted perimeter is

Z
Po=4 (Loeg = Nyin 2 +5) (4.5)

and the hydraulic diameter of air side is

Afreea
P,

Dy, =4 (4.6)

As an alternative to copper which was used for the evaporator, aluminum is
selected for both the air and the refrigerant sides of the condenser, due to its

lower density and cost, as well as the availability of empirical correlations.
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4.2 Operational Conditions

The operational conditions of the condenser are stated in Table 4.2.

Table 4. 2 Design Variables of the Condenser

Refrigerant Side Air Side
Refrigerant Mass 035 Air Mass Flux 5
Flow Rate (g/s) ! (kg/m?s)

. Air Inlet
Refrigerant Inlet 1.3177 Temperature 30
Pressure (MPa) °C)

Refrigerant Inlet
Temperature (°C)
Refrigerant

Condensation 50
Temperature (°C)

58.05

4.3 Calculation Scheme

The air-cooled condenser is where the heat rejection from the system takes place.
The refrigerant enters the condenser as a super-heated vapor and exits as a sub-
cooled or saturated liquid. Calculations are performed for the single phase and
two-phase regions separately. In the superheated region, the flow is in single-
phase and the refrigerant properties vary along the tube length with varying
temperature. On the other hand, in the condensation region, the refrigerant is in
two-phase and its properties vary along the tube length with varying refrigerant
quality. In order to minimize the calculation errors due to the mentioned property
variations, the tube is divided into segments. The number of segments is
determined based on the heat transfer and pressure drop correlations. Four
segments are used in the two-phase flow region and one segment is used in the

single phase flow region.

35



For the single phase region, the refrigerant properties at the inlet of the first
segment are the same as those of the super-heated vapor leaving the compressor.
For two-phase region, the first segment properties are saturated vapor properties
nearly at the same pressure as the saturated vapor but at a lower temperature. For
all segments, the refrigerant properties are evaluated as the arithmetic average of
the inlet and exit properties. However, since the exit properties of a segment
cannot be known at the beginning, an initial assumption should be made first, and
an iterative procedure should be followed. Finding the enthalpy loss and pressure
drop for a segment, the outlet conditions may be found for that segment. If the
difference between the assumed value and calculated value is less than 1%,

calculations may continue for the next segment.

4.4 Refrigerant Side Heat Transfer and Pressure Drop Calculations

Calculations for the refrigerant side are performed in two separate regions, the
single phase and the two-phase regions, respectively. Refrigerant R-134A
properties are taken from ASHRAE transactions [36] and a code is written to

interpolate the properties for any temperature and pressure value.

4.4.1 Single Phase Flow

For the single phase flow in refrigerant side the Reynolds number is defined as

Dy,
Re =G~ 4.7)
Usp

For laminar flow, assuming constant surface temperature, the Nusselt number is
defined as [33]

Nu = 3.66. (4.8)

It should be noted that vapor flow in microchannels is rarely laminar.
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For turbulent flow, the Nusselt number is defined by Gnielinski as [30]

Pry

2 4.9
14127 é(Pré—l) (4.9)

Nugy = (g) (Re — 1000)

where f is the friction factor and is defined by Filonenko as [31]

f =(1.82 log(Re) — 1.64)72 (4.10)

The Nusselt number is corrected for 2600 < Re < 23000 and 0.102 mm < Dy<
1.09 mm [32]

Nu = Nugy (1 + F) (4.11)

where F is defined as
D 2
F=CRe <1 - (—h) ) . (4.12)
D,
The constants D, and C are found by a least square fit as [32]

D, = 1.164x10 3meters (4.13)

C =7.6x107°. (4.14)

The single phase heat transfer coefficient is defined as
ksp
h =Nu — (4.15)

Dy,

and the single phase pressure drop may be calculated as

AP =f G) psp UMz, (Dih) (4.16)
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442  Two Phase Flow

For the two-phase flow part, the sum of the frictional and decelerational pressure
drops may be found using the relation given by Garimella as [37]

o = (3) fi6° < L 4.17)
=) A, '

where f; is the interfacial friction factor given by Lee and Lee as [38]

fi=AX*Rel ¢° f,. (4.18)

@ is the surface tension parameter and is given by

S 4.1
¢ =i (4.19)

j1 is the liquid superfacial velocity and may be found as

1—x

G —
St pl(l_av)

(4.20)
where fj is the liquid-phase Darcy friction factor.
For Re; < 2100

A=1308x10"3 a=0.427 b=0.930

64 (4.21)
c=-0121 fi=7

For Re; > 3400

A=2564 a=0532 b=0.327 c=0.021

fi = 0.316(Re; °2%) (422)
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The liquid-phase and vapor-phase Reynolds numbers are defined as

1—x
Re, =G Dy ————— 4.23
o (Lt a) 429
R GD X
ey = 4.24
’ "ty Jay (4.24)

where a, is the void fraction given by Baroczy as [39]

W ((TETET) e

X is the Martinelli parameter defined as

S NN R

The two-phase heat transfer coefficient is defined as [37]

*

u

where u* is the dimensionless friction velocity given by Garimella as [37]

T;
u* = /— (4.28)
P

where T; is the interfacial shear stress defined by Bandhauer [40] as

Dy,

7, = (ATP) Ja (4.29)

and T is the turbulent dimensionless temperature defined by Garimella [37] as
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For Re; < 2100

6+
T+=5Prl+51n<Prl<?—1>+1> (4.30)
For Re; > 2100
st 1
Tt =5Pr;+5In(Pr,+1)+ dyt/((—-1)
30 Pr (4.31)
ytooy
+= A -29)
R* is the dimensionless pipe radius and is defined as
Rt=Rp, — (4.32)
Hy
and Ris the pipe radius in meters.
u*
yi=yp — (4.33)
Hi
&+ is the dimensionless turbulent film thickness defined as
u*
§t=6p — (4.34)
Hy
and ¢ is the turbulent film thickness determined using [37]
Dy,
§=(1-ay) - (4.35)

In addition to the frictional and decelerational pressure drops, there occur minor
pressure drops due to the bends on the refrigerant side. The pressure drop through

the bends can be calculated as
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1
APyeng = (E) kminor Pr V;”Z (436)

where kinor 1S the minor loss coefficients for bends and a value of 0.2 is used
for the loss coefficient in this study. For the two-phase flow, the pressure drop
through the bends may be calculated using the correlation given by Rohsenhow et
al. [41]

2xpiiq
APbendtwo—phase = APbendliq 1+ . (437)
Pr
The total pressure drop may be calculated by summing the frictional,
decelerational and minor pressure drops at bends for the refrigerant side of the

condenser.

It should be taken into consideration that the length of the single phase flow part
of the condenser is a very small compared to the two-phase flow part, and is

neglected in most of the studies in literature.
4.5 Air-Side Heat Transfer and Pressure Drop Calculations

Since the air temperature varies along the flow path, an iterative process is
performed while evaluating the air properties. Air outlet temperature is guessed
initially and the actual outlet temperature is calculated with at most 1% error. The
air properties are then evaluated at the mean temperature. The air velocity is kept

under 4.5 m/s in this study.

To find the air side pressure drop, a friction factor is found by Kim and Bullard as
[42]
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0.444 —-1.682
_o781y (P Zp
= (Re™™) (90) <_>

—-1.22 0.818 (438)
<ﬁ> B @
lP
where Rey,, is the Reynold number based on louver pitch defined as
lp
Re;, = G, —. (4.39)
Ua
The air side pressure drop is calculated as
Zq
AP, = fo G§ 20u Ly’ (4.40)

To find the air side heat transfer coefficient, Colburn-j factor is used which is

found by Chang and Wang [43] for multi-louvered fins as

9 0.26 z —-0.51
Jeor = 1.18 (Rez 0505) (9()) (E)
£\ 026 7] \082
= al (4.41)
Ly by

—-0.25 —0.097
@)
lP lP

and the air side heat transfer coefficient is calculated as

|
winN

ha = Jeop CPq po Umg Pr, (4.42)

The power requirement of the air side fan is calculated as
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m
Power = AP, —=. (4.43)

Pa

4.6 Overall Heat Transfer Calculations
The overall heat transfer coefficient is calculated as

1

Uo:(AO)+< 1 ) (4.44)
A; hy ha Nfin,

where A, is the outer side heat transfer area, A; is the inner side heat transfer
area, h; is the inner side heat transfer coefficient, n;, is the overall fin efficiency

defined as

Npin, = 1= () L =1pin,) (4.45)

and n¢;y, is the fin efficiency given by

tanh(mfl-n chl-n)

— 4.46
nfma mfin chin ( )
My, and Leggy, are given by [33]
0.5
hq
o= 4.47
mm,<zhm%) (4.47)
Zt
Legin = (20 + (5) (4.48)

e-NTU method is used to find the total heat transfer where
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Ao
NTU =U, , (4.49)
Cmin
Cnin = Mg Cp,a- (4.50)
The maximum heat transfer is found by

Amax = Cmin (Tri - Tai) (4-51)

where T,; is the refrigerant inlet temperature and T,; is the air inlet temperature.
The condenser effectiveness is calculated using

€ =1—exp(—NTU) (4.52)
Finally, the total heat transfer rate may be calculated as

qtot = Qmax € - (4-53)
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CHAPTER 5

CAPILLARY TUBE DESIGN

5.1 Introduction

Capillary tube is one of the basic components of a vapor compression
refrigeration cycle. The function of the tube is to reduce the pressure of the
refrigerant from condenser pressure to the evaporator pressure. Therefore, a long,
narrow tube is used. There are two basic reasons for the high-pressure drop in the
tube:

i. Since the diameter of the tube is very small and the length very long, the

frictional pressure drop occurs in the tube.

ii. The saturated liquid exiting the condenser turns into a two-phase mixture,
when entering the evaporator. Since the mass flow rate of the refrigerant is
constant, the density of it reduces due to the vapor formation. It leads to a
higher velocity in tube and an accelerational pressure drop occurs.

The total pressure drop inside the capillary tube may be written as

AP = AP + APy, (5.1)
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5.2 Sizing of the Capillary Tube

The sizing of the capillary tube is in effect selecting the length and diameter of
the tube. Any different combinations of the length and diameter may give the
same pressure drop in the system. There are actually two basic methods to size
the tube. The first method is commonly used in mass production. After selecting
the diameter and length of the hose, a a hose with greater length is installed in the
system. The hose is cut until the desired pressure drop isachieved. This method is
called the cut-and-try method. The second method is used commonly for unique
system designs. The length and diameter of the hose are selected and a hose
which is a little shorter than the desired length is installed in the system. The

desired pressure drop is then obtained by pinching the hose at some points.

Either using the cut-and-try method or the pinching method, the length and the
tube diameter should be decided first. Hence, in the present study, the design of

the capillary tube is performed by determining these two parameters.

5.3 Pressure Drop in the Capillary Tube

In this study, an isenthalpic capillary tube is considered. Actually, the flow in a
capillary tube is three-dimensional, compressible and in two-phase. However, the

analytical studies with incompressible, one-dimensional and single phase flow

assumptions yield highly accurate results.

Flow

F 1
v

‘_.}‘L

Figure 5. 1 Capillary Tube Section
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A capillary tube section is illustrated in Figure 5.1. To find the pressure drop in
the section, conservation of mass and momentum equations should be solved for

this control volume (CV).

Conservation of Mass:

apV
pVAC+%ALAC—pVAC=0 (5.2)
where
nD?
AC = T (53)
thus,
apV)
- 5.4
51 0 (5.4)

Hence, p V = Constant
Conservation of Momentum:

IMoyr — 2Myy = 2F¢y . (5.9)

In other words, the difference between the momentums entering and leaving the
CV is equal to the sum of the forces on the control volume. Including the

gravitational force and shear forces in the equation,

v
A, (pV2 + pV (E) AL) — A pV?

aP
= —A, E AL — pmean 9 Ac AL

—n DALz,

(5.6)
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Since AL is an infinitesimal length, the gravitational force is neglected and higher
order terms are diminished. Dividing both sides by A, AL as AL converges to zero

gives

av dP T
v __oF ,Tw 57
PYar="aL %D 67

Shear stress causes frictional pressure drop in the pipe and therefore, it is written
in terms of the friction factor

APr,.
D fric

4 AL ©8)

Ty =

where frictional pressure drop is calculated as

e @) e

The friction factor is defined for laminar flow (Re < 2300) as

64

= — 5.10
f=2 (5.10)

For turbulent flow, the friction factor is defined by Blasius as
f =0.33Re™ 025 (5.11)

for 2300 < Re <10°. The shear stress is written as
VZ

Ty = pf ? (512)

Substituting the shear stress in (5.7),
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2
ov__o .V (5.13)

PV ar="ar Pl

Conservation of mass equation gives p V = constant, and this constant is the

mass flux which can be written as

=G. (5.14)
Substitution of G in (5.13) yields

v P VG

— = (5.15)
oL L 2D
Integration of (5.15) over the infinitesimal length AL gives
G AV = —AP ( VG) ( VG) AL (5.16)

Taking the friction factor and the velocity as the average values for states 1 and 2,

AL
G AV = =AP = (f VImean G 55 - (5.17)

The total pressure drop may be found as

AL
AP =G AV + (f VIimean G 55 (5.18)

To reduce the margin of errors in calculations, the total length of the hose is
divided into segments and the total length of the hose is found as the sum of the

lengths of these segments. The calculation procedure is explained next.
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Isenthalpic

W

Figure 5. 2 Segmentation in capillary tube

First, a differential temperature value should be assumed for all segments as seen
in Figure 5.2. Thus, T1 = To - AT. The properties of the refrigerant and friction
factor are evaluated at state 0. Knowing T;, the saturation pressure is found at
state 1. Then, the liquid and vapor properties are found at state 1. However, the
vapor fraction must be known to evaluate the properties. Since the process is
assumed to be isenthalpic, i.e. io = iy, the enthalpy at state 1 can be written as

il = X1 igl + (1 - Xl) I’fl (519)
and the vapor fraction is
i1 —1
X = —12 (5.20)
lgl - I’fl

Properties at state 1 can be calculated as

py = x1 gy + (1 —x1) pipy (5.21)
171 == xl vgl + (1 - xl) vfl (522)

At the end, the length of the hose for segment 1 is found as
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—AP — G AV
(%) (f V)mean

AL, = (5.23)

The total length of the hose is the sum of the lengths of all segments.

One of the most important design criteria for a capillary tube is to avoid choking.
If the velocity in the tube exceeds the speed of sound, choking occurs and it is not
a desired condition. Figure 5.3 shows the choked flow condition in a tube under
constant condenser temperature. In case of choked flow, a capillary tube with a

higher diameter should be selected.

Sonic
s Velocity

Refrigerant
Mass Flow Rate

.

-
Evaporator Pressure

Figure 5. 3 Choked Flow Condition
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CHAPTER 6

SECOND LAW ANALYSIS

6.1 General Considerations

To analyze a vapor compression refrigeration system based on the second law of
thermodynamics is not an easy task. Moreover, in the present study, the system
scale is smaller than a conventional refrigeration cycle, which is thought to cause
a higher entropy generation. Sangkwon considers systems with about 10 um
evaporator channel hydraulic diameter [44], and explains the difficulty of
miniaturization of a refrigeration system in terms of the second law analysis.
Although the mentioned system is much smaller compared to that of the present
study, the analysis still gives an opinion about the entropy generation in small
systems. Interestingly, the entropy generation in the evaporator, condenser and
the capillary tube is not a function of the length scale. On the other hand, entropy

generation increases with decreasing length scale of the compressor.

In this study, an isentropic compressor is used. However, to show the effect of
unisentropy, a cycle with polytropic compression is simulated too. The second
law analysis of the whole cycle is performed [35, 45] by calculating the
irreversibilities of all components one by one and summing them to find the cycle

irreversibility.

Icomp =M Troom (52 —81) — Qcomp (6.1)
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Ieona = M Troom (53— 52) — Qcona
Icapillary =M Troom (Sa — S1)

. Troom
Ievp =M Troom (51 - 54) - Qevp T
CR

Icycle = Icomp + Icond + Icapillary + Ievp

(6.2)

(6.3)

(6.4)

(6.5)

In (6.1-6.4) the room temperature and the cold room temperature are in K. The

results of the second law analysis are presented in Chapter 8.
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CHAPTER 7

SIMULATIONS

7.1 General

The complete design of a micro-scale VCRC is performed in this study.
MATLAB is used as the software. The correlations used for the design of each
component were given in previous chapters. In this chapter, the details of the
code are presented. The design criteria and the code algorithm are also given.

7.2 Algorithm

The design algorithm of the complete cycle is given in Figure 7.1.
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START

>

If Difference > 2J/kg ‘

‘ Inputs for Evaporator

‘ Evaporator Simulation, Evaporator Outlet Properties

Compressor Simulation, Compressor Outlet Properties

Condenser Simulation, Condenser Outlet Properties

|

Capillary Tube Simulation, Capillary Tube Outlet
Properties

Enthalpy Check Between Capillary
Tube Exit & Evaporator Inlet

If Difference < 2J/kg ‘

Print Results

Figure 7. 1 Design Algorithm
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7.3 Design and Simulation of a Micro VCRC

Actually, the design of a micro VCRC begins like that of a traditional VCRC.
The heat load of the system should be determined first. After that, the evaporation
and condensation temperatures should be decided. The operational conditions of
the compressor and the capillary tube should be designated. In this study, an
isentropic compressor and an isenthalpic capillary tube are selected. Knowing all
these data and assuming an ideal cycle, an opinion about the mass flow rate of the
refrigerant, the compressor pressure ratio, the condenser heat load and the COP of
the system is formed. Designing each component one by one, and calculating the
pressure drops in the condenser and the evaporator, a deviation from the ideal
cycle line will occur. Therefore, a pre-determined state should be chosen and the
design should be started from this state. Mostly, this is the inlet state of the
evaporator. Since it is a cycle, the start and end points of the cycle should be
nearly equal. Here, the starting state is the evaporator inlet and the end state is the
capillary tube exit. The difference in the enthalpy values of these two states
should not exceed 2 J/kg. If the desired value is not reached at the end of the
design, calculations should be repeated with a new inlet enthalpy value of the
evaporator as the mean value of capillary tube exit and the pre-determined

evaporator enthalpy as

_ iexp + ievp . (7.1)

levpnew - 2

7.3.1 Evaporator

An ideal cycle analysis yields a pre-determined state to begin the design of the
evaporator. In the evaporator, there are two different regions with different flow
regimes, which are the superheated vapor and two-phase mixture phases.
Therefore, the design is performed separately in these two regions and the total
length of the evaporator is calculated by summing the lengths in each of these

regions.
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7.3.1.1 Two Phase Mixture Regime

Steps in the algorithm used to solve the two phase regime problem in the
evaporator may be listed as follows:

— Take the inlet state of the refrigerant as the fixed point from the ideal cycle
analysis.

— Take the exit state temperature and pressure equal to the inlet state.

— Designate the vapor fraction of exit state as 1, which means saturated vapor.

— Define the required heat load.

— Calculate the mass flow rate.

— Assign a cold room temperature.

— Calculate the mean refrigerant temperature as:

_ Tinlet + Texit

Tmean - 2 (7'2)

— Read the inputs which are sorted as the

Channel height, channel width, channel thickness, number of the channels, and

the base thickness.

— Designate a pre-determined segment length.

— Calculate all geometrical design parameters, which are the frontal area of the
evaporator, the wetted perimeter, and the hydraulic diameter.

— Calculate the heat flux.

— Read material properties of the evaporator.

— Calculate the mass flux.

— Show the liquid phase based velocity of the refrigerant.

— Show the vapor phase based velocity of the refrigerant.

— Calculate the Reynolds number based on the liquid phase.

— Calculate the Reynolds number based on the vapor phase.
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Identify the Weber number based on the liquid phase.

Determine the constant C according to the Reynolds number based on liquid
and vapor phases.

Calculate the rectangular aspect ratio.

Define the Poiseuille number.

Show the friction factor based on the liquid phase.

Show the friction factor based on the vapor phase.

Calculate the liquid phase frictional pressure drop per length.

Calculate the vapor phase frictional pressure drop per length.

Define the Martinelli parameter.

Find the two phase multiplier.

Show the two-phase frictional pressure drop of the refrigerant per unit length.
Multiply the previous value with the segment length, which gives the total
two phase frictional pressure drop of the refrigerant.

Calculate the accelarational pressure drop.

Sum up the frictional and accelarational pressure drops to get the total
pressure drop.

Subtract the total pressure drop from the inlet pressure of the refrigerant.

Find the new saturation temperature of the vapor.

Determine % error for the saturation temperature as:

Tassumed - Tcalculated

error % = %X 100 (7.3)

Tassumed

If the % error value for the saturation temperature is less than 1%, continue
calculation.
Else if % error value for the saturation temperature is greater than 1%, assume

a new exit temperature for the segment as:

Thew = Tassumed +2Tcalculated (7.4)
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Calculate the boiling number.

Calculate the convection number.

Get the fluid surface parameter for R-134A.

Calculate the heat transfer coefficient according to the Reynolds number

based on the liquid phase and taking the liquid phase based Nusselt number

as:

— If Re; < 100, calculate the two-phase flow heat transfer coefficient from
(2.19).

— Else if 100 < Re; < 1600, use (2.23) to calculate the liquid phase heat
transfer coefficient.

— Else if 3000 < Rey < 10% (2.24) may be used to find the liquid phase heat
transfer coefficient.

— Else if 10* < Re; < 5x10° calculate the liquid phase heat transfer
coefficient using (2.25).

— 1f 1600 < Re; < 3000,

hy, = hl(Rel=1600)
( Re; — 1600

{3000 = 1600) (ucre,=3000) (7.5)
— hi(re;=1600))

If Re; > 100, two-phase heat transfer coefficient may be found from equations
(2.20-22).

Identify the tube surface temperature.

Calculate the fin efficiency.

Get the difference between the tube surface temperature and the film
temperature.

Find the real segment length.

Calculate the % error in the segment length as:

59



Lyeqi — L
% error; = real “assumed o 100. (7.6)

Lassumed

— If the % error in the segment length is less than 1%, the calculation is
completed successfully.
— Else if % error value of the segment length is greater than 1%, assume a new

segment length as:

Lnew — Lassume; + Lreal (7.7)

— Apply the procedure until the % error in the length is within 1%.
7.3.1.2 Single Phase Regime

Steps in the algorithm used to solve the single phase regime problem in the

evaporator may be stated as follows:

— Take the inlet state as the exit state of the two-phase part.

— Define a temperature difference value for the superheated part.

— Take the exit temperature by subtracting the temperature difference from the
inlet temperature under constant pressure.

— Assign a cold room temperature.

— Calculate the mean refrigerant temperature as:

_ Tinlet + Texit (7 8)

Tmean - 2

— The read inputs may be listed as the mass flow rate, channel height, width
and thickness, number of channels, base thickness.

— Designate a pre-determined segment length.
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Calculate all geometrical design parameters, which are the frontal area of the
evaporator, the wetted perimeter, and the hydraulic diameter.

Define the required heat load.

Calculate the heat flux.

Read material properties of the evaporator.

Calculate the mass flux.

Get the vapor mean velocity.

Calculate the Reynolds number.

Identify the friction coefficient.

Determine the Nusselt number based on Gnielinski correlation.

Read the constants D, and C.

Calculate the correction factor for Gnielinski correlation.

Determine the new Nusselt number.

Calculate the single phase heat transfer coefficient.

Show the pressure drop value.

Identify the tube surface temperature.

Calculate the fin efficiency.

Obtain the difference between the tube surface temperature and the film
temperature.

Find the real segment length.

Calculate the % error in the segment length as

Lyeqi — L
% error; = real “assumed o 100 . (7.9)

Lassumed
If the % error in the segment length is smaller than 1%, the calculation are
completed successfully.
Else if the % error value in the segment length is greater than 1%, a new

segment length is assumed:

L L
Lnew — assume(é-l' real (7.10)
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— Apply the procedure until the % error in the length stays within 1%.

7.3.2 Compressor Design

The compressor design begins at the exit state of the evaporator. The properties
of this state are known. Since the condensation pressure is known, the pressure
ratio of the compressor is known at the beginning. It should be known that
designing a compressor is to design its principle dimensions which may be listed
as the

Stroke, bore diameter, suction and discharge valve pressure fractions and leakage

fraction, clearance factor, number of cylinders

Since the system is a microscale VCRC, the number of the cylinders is selected
as unity. The stroke and the bore diameters are decided first. An isentropic
compressor is considered in the design. Power requirement of the compressor is
found. Moreover, the volumetric and clearance efficiencies, the swept and suction

volumes and the piston speed are calculated.

Steps in the compressor design:

— Take the inlet state as the exit state of the evaporator.

— Take the entropy of exit state equal to inlet entropy.

— Designate the exit state.

— Read the thermophysical properties of the refrigerant at the inlet and exit
states.

— Read inputs which may be listed as the mass flow rate, stroke, stroke/bore
diameter ratio, suction valve pressure fraction, discharge valve pressure
fraction, the leakage fraction, the clearance factor, and the number of
cylinders.

— Pre-determine the rotational speed of the compressor.

— Calculate the bore diameter.
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— Determine the swept volume.

— Calculate the suction pressure.

— Calculate the discharge pressure.

— Calculate the specific work of the compressor.

— Calculate the compressor power requirement.

— Determine the volumetric efficiency.

— Determine the clearance volume.

— Determine the suction volume.

— Calculate the rotational speed and the mean velocity of the compressor.

— Find the % error between the calculated and the assumed values for the

rotational speed as:

Ncalculated - Nassumed

error % = x 100 (7.11)

N assumed

— If the % error is less than 1%, the design is completed.
— Else, assume new stroke.
— Repeat the procedure until the % error in the rotational speed stays

under 1%.

7.3.3 Condenser Design

In the condenser design, the principle dimensions of the condenser are
determined both the in refrigerant side and the air side. The principle dimensions
of a condenser may be given as the tube height, tube depth, the number of
channels, the diameter of the channels, the length of the tube, the fin pitch, length

and thickness, the louver angle, pitch and length.
Since inside the condenser tubes there are two different flow regimes, namely, the

superheated vapor and the two-phase mixture, the lengths of these regions are
calculated separately, and sum of these lengths gives the total length of the
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condenser. The superheated vapor, which leaves the compressor, enters the

condenser and leaves as a saturated liquid. The algorithm steps for the condenser

are presented next.

7.3.3.1 Superheated Vapor Regime

The algorithm steps for the superheated refrigerant side and the airside of the

condenser may be summarized as follows:

For Refrigerant Side:

Take inlet state as the exit state of the compressor.

State the thermophysical properties at the inlet state.

Obtain the condensation temperature taking the pressure of inlet state as
constant.

Determine the thermophysical properties at the exit state.

Read inputs which may be listed as the mass flow rate, the segment length,
the channel height and depth, the number of channels, the diameter of
channels, the fin pitch, length and thickness, the louver angle, pitch and
length.

Calculate all geometrical design parameters, which are the frontal area of the
condenser, the wetted perimeter and the hydraulic diameter.

Determine the Reynolds number.

Determine the friction coefficient.

Determine the Nusselt number based on the Reynolds number.

Calculate the heat transfer coefficient.

Calculate the refrigerant side total pressure drop.

Subtract the inner side pressure drop value from the inlet pressure value of the
refrigerant.

Find the condensation temperature of the refrigerant at this pressure.

Calculate the error between the assumed and calculated values of the

condensation temperature of refrigerant as:
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T —-T
error % = calculated assumed % 100 (7.12)

Tassumed

If the % error in the condensation temperature is less than 1%, continue.

Else, assume new condensation temperature as:

Tcalculated + Tpredtermined
Teona. = 2 (7.13)

For Airflow Side:

Define a room temperature.

Take the room temperature as the air inlet temperature.

Determine a differential temperature between the air inlet and exit
temperatures.

Add the differential to the air inlet temperature, which gives the air exit
temperature.

State the thermophysical properties of the air at the average of air inlet and
exit temperatures.

Calculate all geometrical design parameters, such as, the free flow area, the
wetted perimeter and the hydraulic diameter of the air, the total fin area, and
the total outer area.

Calculate the air side Reynolds number based on the louver pitch.

Determine the mean air velocity.

Obtain the Colburn-j factor.

Define the air side friction factor.

Provide the power required for air supply.

Determine the air side fin efficiency.

Calculate the overall fin efficiency.

Determine the air side pressure drop value.
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For the Overall System:

Calculate the overall heat transfer coefficient.

Determine the minimum heat capacitance.

Determine the number of transfer units.

Find the maximum heat transfer.

Determine the effectiveness.

Identify the total heat transfer ratio.

Calculate air exit temperature.

Designate the % error between the assumed and calculated values of the air

exit temperature as:

T —-T
error % = calculated assumed % 100 (7.14)

Tassumed

If the % error is less than 1%, calculations are completed successfully.

Else, assume a new air exit temperature, and apply the procedure again.

7.3.3.2 Two Phase Mixture Condensation Regime

For the refrigerant side:

Take the inlet state as saturated vapor leaving the superheated region of the
condenser.

State thermophysical properties at the inlet.

Read inputs which are the mass flow rate, the channel height, the channel
depth, the number of the channels, the diameter of the channels, fin pitch,
length and thickness, louver angle, pitch and length.

Designate a pre-determined segment length.

Calculate all geometrical design parameters, which are the frontal area of the
condenser, the wetted perimeter and the hydraulic diameter.

Assume a vapor fraction at the exit of the segment under constant pressure

and temperature.
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—  Take the average of inlet and exit state vapor fractions.

— Evaluate the refrigerant properties at the average vapor fraction value.

— Calculate the mass flux.

— Calculate the velocity of the liquid phase.

— Calculate the velocity of the vapor phase.

— Determine the void fraction value.

— Determine the liquid phase based on the Reynolds number.

— Determine the vapor phase based on Reynolds number.

— Calculate the liquid super-facial velocity.

— Calculate the surface tension parameter.

— Calculate the Martinelli parameter.

— If the liquid phase based Reynolds number is less than 2100
Assign the variables as follows as in equation (4.21).

— Else if the liquid phase based Reynolds number is greater than 2100.
Assign the variables as follows as in equation (4.22).

— Calculate the interfacial friction factor.

— Determine the refrigerant side pressure drop.

— Determine the interfacial shear stress.

— Obtain the dimensionless friction velocity.

— Determine the turbulent film thickness.

— Identify the dimensionless turbulent film thickness.

— Identify the turbulent dimensionless temperature in terms of the liquid phase
based Reynolds number.

— ldentify the turbulent dimensionless temperature.

— Determine the refrigerant side heat transfer coefficient.

For the airflow side:
— Define a room temperature.
— Take the room temperature as the air inlet temperature.

— Determine a differential between air inlet and exit temperature.
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Add the differential to air inlet temperature, which gives air exit temperature.
State the thermophysical properties of the air at the average value of the air
inlet and exit temperatures.

Calculate all geometrical design parameters, which are given as:

Free flow area, the wetted perimeter and hydraulic diameter of air, the total fin

area, the total outer area.

Calculate air side Reynolds number based on the louver pitch.
Determine the mean air velocity.

Get the Colburn-j factor.

Define the air side friction factor.

Provide the power required for the air supply.

Read the material properties of the condenser.

Determine the air side fin efficiency.

Calculate the overall fin efficiency.

Determine the air side pressure drop.

For the overall system:

Calculate the overall heat transfer coefficient.

Determine the minimum heat capacitance.

Determine the number of transfer units.

Find maximum heat transfer.

Obtain the effectiveness.

Identify the total heat transfer ratio.

Calculate the enthalpy of the refrigerant at the exit of the segment.
Determine refrigerant exit vapor fraction value.

Show the % error value for the enthalpy as:

Lealculated — | d
error % = ——¢ e % 100 (7.15)

lassumed
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If the % error value of enthalpy smaller than 1%, continue calculation.

Else, assume a new vapor fraction value for the exit state of the segment as:

Xnew = (Xcaicutatea T (Xassumea) /2 (7.16)

Subtract the refrigerant side pressure drop value from the inlet pressure of
the refrigerant.
Find the new condensation temperature.

Determine the % error in the condensation temperature as:

Tassumed - Tcalculated

error % = x 100 (7.17)

Tassumed

If the % error is less than 1%, proceed.

Else, assume a new exit temperature for the segment.

Calculate the air side exit temperature.

Find the % error between the assumed and the calculated temperature values

of air side as:

T, -T
error % = assumed calculated % 100 (7.18)

Tassumed
If % error value of air side exit temperature is less than 1%, then stop
calculations.
Else, assume a new air side exit temperature.
Take the newly calculated vapor fraction, temperature and pressure values as
the inlet state of the second segment.
Apply the procedure again for every segment until the vapor fraction reaches

the value of 0 with an error less than 1%.
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7.3.4 Capillary Tube

Design algorithm for the sizing of the capillary tube is given as follows:

Take the inlet state of the refrigerant as the exit state of the condenser.

Read the evaporator temperature and pressure as inputs.

Choose a diameter value for the tube.

Determine the temperature difference between the inlet and exit states.
Divide the tube into a selected number of segments with equal temperature
differences.

Read the inlet and exit saturation properties.

Take the exit enthalpy being equal to the inlet enthalpy.

Find the exit vapor fraction.

Evaluate the inlet and exit state properties using the vapor fractions.

Evaluate the thermophysical properties of the refrigerant as the mean values
of inlet and exit states.

Find the inlet velocity.

Find the exit velocity.

Take the tube velocity as the mean value.

If the exit velocity is greater than the sound velocity, stop calculations and
select a tube with a greater diameter.

Identify the Reynolds number.

If the Reynolds number is less than 2300 calculate the friction factor from
(5.10).

Else, use (5.11) to find the friction factor.

Calculate the length of the segment.

Take the exit state of the first segment as the inlet state of the second
segment.

Apply the procedure until the last segment length is found.

Total length of the hose is the sum of the lengths of all segments.
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— If the total length of the hose becomes greater than 2 meters, select a tube
with a smaller hydraulic diameter and repeat all calculations.
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CHAPTER 8

RESULTS

8.1 General

The micro-scale VCRC has been designed and analyzed first with an isentropic
compressor, then with a polytropic one. For both cases, two alternative designs

for the evaporator as suggested in Chapter 2 are considered.

Throughout the design and analyses, the cold room temperature is selected to be

15°C and the ambient temperature is selected as 30°C.

The results for each component and the complete cycle with the isentropic
compressor are presented in Section 8.2 and those with the polytropic compressor

are stated in Section 8.3.

8.2 Results of Micro VCRC with Isentropic Compressor

The results for the original evaporator, with rectangular microchannels, are given
in Table 8.1. The total pressure drop in the evaporator is nearly 5080 Pa. 4600 Pa
of this loss occurs in the two phase region and only 480 Pa in the single phase
region. Accelerational pressure drop in the two phase region is about 1345 Pa and
the frictional pressure drop is 3255 Pa. In the two phase region, the liquid phase

based Reynolds number is 87 and the vapor phase based Reynolds number is
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4836. In the single phase region, the Reynolds number is 6840. The liquid

velocity is about 0.0433 m/s and vapor velocity is about 8.25 m/s. The single

phase velocity is about 12.9 m/s. The two phase region heat transfer coefficient is

19030 W/m’K while the single phase region heat transfer coefficient is 966

W/m?K.

Table 8. 1 Evaporator Results

Cold Room Temperature (°C) 15 Inlet State | Exit State
Length of Two-Phase Region Temperature

13 | o 0 3
(mm) (<)

Length of Superheated Region
(mm)

5.4 | Pressure (MPa) 0.29269 0.28761

Total Length of Evaporator

(mm) 18.4 | Enthalpy (kJ/kg) 271.59 401.3
. Entropy
Channel Height (mm) 0.4 (kJ/kgK) 1.2621 1.738
. Evaporator
Channel Width (mm) 0.5 Capacity (W) 45
Number of Channels 10
Table 8. 2 Alternative Evaporator Results
Cold Room :
Temperature 15 IS?;(:(E SEtg'I[fe
(’C)
Length of Two-
Phase Region 10 Temperature (°C) 0 3
(mm)
Length of
Superheated 4.4 Pressure (MPa) 0.29269 | 0.28761
Region (mm)
Channel
Diameter (mm) 0.52 Enthalpy (kJ/kg) 271.59 401.3
Number of 8 Entropy (kJ/kgK) 19621 1738
Channels
Base Thickness 1 Evaporator 45
(mm) Capacity (W)
Total Length of
Evaporator 14.4
(mm)
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Results for the alternative evaporator, with circular tubes, are given in Table 8.2.
The total pressure drop in the alternative evaporator is nearly 5080 Pa where
4640 Pa is in the two phase region and 440 Pa is in single phase region.
Accelerational pressure drop in the two phase region is about 1826 Pa. and the
frictional pressure drop is 2814 Pa. In two phase region, the liquid phase based
Reynolds number is 119 and vapor phase based Reynolds number is 6660, while
the single phase Reynolds number is 9422. The liquid velocity is about 0.0509
m/s and the vapor velocity is about 9.72 m/s. The single phase velocity is about
15.2 m/s. Two phase region heat transfer coefficient is 25220 W/m?K while

single phase region heat transfer coefficient is 1177 W/m?K.

Compressor results are summarized in Table 8.3.

Table 8. 3 Compressor Results

Number Clearance Inlet Exit
of 1 Efficiency | 85.02 State State
Cylinders (%)

Pressgre Overall

Fraction Volumetric Temperature

Through | 0.95 un 75.31 o 3 | 5805
Sucti Efficiency (°C)

uction (%)

Valve

Pressure

Fraction Compressor Pressure
T_hrough 0.95 Power (W) 11.1 (MPa) 0.28761 | 1.3177
Discharge

Valve

Compressor
Clearance | o5 | ““gpeed | 500 | EMNAPY | 4013 | 43313
Factor (k/kg)
(rpm)

Stroke Entropy

(mm) 51.8 (k/kgK) 1.738 | 1.738
Bore
Diameter | 10.4

(mm)
Isentropic 1136

Index
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Table 8. 4 Condenser Results

Refrigerant Inlet )
Room Temperature (°C) 30 _ Exit State
Side State
Condenser Capacity (W) | 56.8 Tem(e%r?ture 58.05 49.95
Superheated Region
P g 14 Pressure 1.3177 1.3160
Length (mm) (MPa)
Two-Phase Region Length
| | 170 Enthalpy | a0 14 271.51
(mm) (kd/kg) '
Total Condenser Length
] 184 Entropy 1738 1.2371
(mm) (kJ/kgK) '
e . Inlet :
Fin Efficiency (%) 77.95 Air Side Exit State
State
Temperature
Fan Power (W) 0.3 €c) 30 37

Condenser results are presented in Table 8.4. The total pressure drop in the
condenser is nearly 1903 Pa where 1653 Pa is in the two phase region and 250 Pa
in the single phase region. In two phase region, the condensation heat transfer
coefficient is plotted against the condenser length in Figure 8.1. Plots for the air
side, the refrigerant side and the overall heat transfer coefficients with respect to
the length are given in Figure 8.2. The liquid phase based Reynolds number, and
the vapor phase based Reynolds number are also plotted with respect to the
length as shown in Figure 8.3. The single phase Reynolds number is 6394, and
the corresponding velocity is 2.78 m/s. The heat transfer coefficient is 1164

W/m?K and the overall heat transfer coefficient in the single phase region is
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about 42.5 W/m?K. The air side velocity is calculated as 4.376 m/s along the
flow direction.
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Figure 8. 2 Heat Transfer Coefficients (W/m2K) vs. Length (mm)
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Table 8. 5 Capillary Tube Design
Diameter (mm) 0.4
Length (m) 0.721
Inlet State Exit State
Temperature 4995 0
(C)
Pressure (MPa) 1.3160 0.29269
Enthalpy (kJ/kg) 271.51 271.59
Entropy 1.2371
(kJ/kgK) 1.2621
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Table 8. 6 Cycle Parameters

Mass Flow Rate of Maximum
) 0.35 58.05
Refrigerant (g/s) Temperature (°C)
Coefficient of Maximum
3.89 1.3177
Performance Pressure (MPa)
Evaporator
) Total
Saturation 0 o 9.2275
Irreversibility (W)
Temperature (°C)
Condenser
Saturation 50
Temperature (°C)

Capillary tube results and the cycle analysis data are given in Tables 8.5 and 8.6,
respectively. The temperature vs. entropy and pressure vs. enthalpy diagrams of
the vapor compression cycle with an isentropic compressor are given in Figures

8.4 and 8.5, respectively.

5)
g _ ™S ss0s°C,
2 19.95°C, 1,738 kI/kgK
2 12371 kJ/kgK
<«
=
=
2]
= \
c .

l 1.738 kl/kgK

0°C,

12621 kJ/kgK
ENTROPY (kJ/kgK)

Figure 8. 4 Temperature vs. Entropy with Isentropic Compressor
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1.3177 MPa.

PRESSURE (MPa)

433.13 kJkg
\lr \ 0.28761 MPa.
0.29269 MPa 401.3 klkg

271.59 kJkg

ENTHALPY (kJ/kg)

Figure 8. 5 Pressure vs. Enthalpy with Isentropic Compressor

8.3 Results of Micro VCRC with Polytropic Compressor
Evaporator, alternative evaporator, polytropic compressor, condenser, capillary
tube results and the cycle data for the vapor compression refrigeration cycle with

a polytropic compressor are presented in Tables 8.7-12.

Table 8. 7 Evaporator Results

Cold Room Inlet :
Temperature (°C) 15 State | =X State
Length of Two- o
Phase Region (mm) 13 Temperature ("C) 0 3
Length of
Superheated Region 5.4 Pressure (MPa) 0.29269 | 0.28761
(mm)
Cha”(”rf]'mH)e'ght 0.4 | Enthalpy (ki/kg) | 27159 | 401.3
Channel Width (mm) | 0.5 Entropy (kJ/kgK) | 1.2621 1.738
Evaporator
Number of Channels 10 Capacity (W) 45
Total Length of
Evaporator (mm) 18.4
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Table 8. 8 Alternative Evaporator Results

Cold Room Temperature Exit
°C) 15 Inlet State State
Length of Two-Phase 10 | Temperature (°C) 0 3
Region (mm)
Length of Superheated |, /| procire (MPa) | 020269 | 0.28761
Region (mm)
Channel Diameter (mm) | 0.52 | Enthalpy (kJ/kg) 271.59 401.3
Number of Channels 8 Entropy (kJ/kgK) 1.2621 1.738

. Evaporator
Base Thickness (mm) 1 Capacity (W) 45
Total Length of

14.4

Evaporator (mm)

It should be noted that the inlet and exit states of the two evaporators are kept the

same both for the isentropic and polytropic compressors.

Table 8. 9 Compressor Results

Clearance .
Number of . Inlet Exit
. 1 Efficiency | 86.45
Cylinders (%) State State
. Overall
Pressure Fraction Volumetric Temperature
Through Suction | 0.95 | Yo, 76.98 o 3 82.7
Efficiency (°C)
Valve
(%)
Pressure Fraction Compressor Pressure
Through 0.95 Powzr W) 20.81 (MPa) 0.28761 | 1.3177
Discharge Valve
Compressor Enthal
Clearance Factor | 0.05 Speed 500 Py 401.3 | 460.76
(kJ/kg)
(rpm)
Entropy
Stroke (mm) 514 (k/kgK) 1.738 | 1.8172
Bore Diameter 103
(mm)
Polytropic Index | 1.2
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Table 8. 10 Condenser Results

. ] ] Inlet Exit
Room Temperature ("C) 30 Refrigerant Side:
State | State
Condenser Capacity (W) 56.8 | Temperature (°C) | 82.7 | 49.93
Superheated Region Length | 43 Pressure (MPa) | 1.3177 | 1.3154
Two-Phase Region Length | 170 | Enthalpy (ki/kg) | 460.76 | 271.51
Total Condenser Length 213 12371
(mm) Entropy (kJ/kgK) | 1.8172 |
] o o Inlet Exit
Fin Efficiency 77.95 Air Side:
State | State
Fan Power (W) 0.346 | Temperature (°C) 30 37.5

For the polytropic compressor, only in the single phase region of the condenser,

different results are obtained compared to those obtained with an isentropic

compressor. The single phase pressure drop is obtained as 852 Pa, the Reynolds

number is 5806, the velocity is 3.02 m/s, the heat transfer coefficient is 1232

W/m2K and the overall heat transfer coefficient in single phase region is about

44.24 W/m2K.
Table 8. 11 Capillary Tube Design
Diameter (mm) 0.4
Length (m) 0.721
Inlet State Exit State

Temperature (°C) 49.93 0
Pressure (MPa) 1.3160 0.29269
Enthalpy (kJ/kg) 271.51 271.59

Entropy (kJ/kgK) 1.2371 1.2621
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Table 8. 12 Cycle Parameters

Mass Flow Rate of Maximum
_ 0.35 86.2
Refrigerant (g/s) Temperature (°C)
Coefficient of Maximum
2.12 1.3177
Performance Pressure (MPa)
Evaporator Saturation Total
0 o 18.8975
Temperature (°C) Irreversibility (W)
Condenser Saturation 50
Temperature (°C)

It is shown that the polytropic compression needs more work in the cycle. The
total irreversibility is also higher in the polytropic compression case. The same
capillary tube and the evaporator are used as those in the isentropic compression
cycle. Temperature vs. entropy and pressure vs. enthalpy diagrams of the

polytropic cycle are given in Figures 8.6 and 8.7.

82.7°C.
1.8172 kl/kgK =,
49.939C.
1.2371 kJ/keK

TEMPERATURE (°C)

\ 3,

l 1.738 kJ/kgK
0°C
1,2621 kJ/kgK

ENTROPY (kJ/kgK)

Figure 8. 6 Temperature vs. Entropy with Polytropic Compressor
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Figure 8. 7 Pressure vs. Enthalpy with Polytropic Compressor
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CHAPTER 9

DISCUSSION AND CONCLUSION

9.1 Discussion and Conclusion

In this study, a vapor compression refrigeration cycle is designed for a micro
refrigerator. Firstly, the reason for the use of the word “micro” in the name of the
study is explained. Apparently, the categorization of the channels changes from
author to author. The condenser and the evaporator designed in this study may be
classified as microchannels based on the studies of Serizawa [3], and Kew and
Cornwell [4]. After that, the related studies in the literature are discussed. Then, a
cycle analysis is performed and all four components of a micro refrigerator are

designed one by one.

The results are presented in Chapter 8. First, the evaporator is designed. After
determining heat load and evaporation temperature, the dimensions of the
evaporator are set. The main point in the evaporator design is that the heat
transfer coefficient in the two phase region is really high compared to any
conventional channel evaporation. This shows the beauty of the use of
microchannels. On the other hand, the single phase flow heat transfer coefficient
is found to be about 1/19 of that of the two phase region. For this reason, although
the length of the single phase region is nearly equals the half of the two phase
region length, the heat transfer rate in single phase region is very small compared

to that in the two phase region.
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Moreover, attention should be paid to the pressure drops. The pressure drop in the
two phase region is due to the friction and acceleration. However, since the mass
flow rate is small, the pressure drop is not so high. Only 0.45°C difference occurs
between the inlet and the exit states of the two phase region. In the single phase
region, the pressure drop is due to friction only and its value is about 1/10 of that
in the two phase region. Another important characteristic of the two phase flow in
microchannels is that the liquid based Reynolds number is always in the laminar
flow region whereas the vapor based Reynolds number falls nearly always in the

turbulent regime.

Another important point of this study is the design of an alternative evaporator
for the cycle. The alternative evaporator has circular tubes while the original
evaporator had rectangular channels. The design criterion for the alternative
evaporator is to work between same states and to get nearly same pressure drop
as the original evaporator. It is seen that the heat transfer coefficient in the
alternative evaporator is higher than the original one in both single phase and two
phase regions. Therefore, the length of that evaporator is selected shorter than the
original one. It has been concluded that both evaporators can be used in the cycle
and selection must be made based on the manufacturing considerations as well as

the space limitations.

The heat transfer rate to volume ratio of the original and alternative evaporators
are found to be about 1.67 W/cm® and 2.05 W/cm?, respectively. These ratios

show the high compactness of the evaporators.

After designing the evaporator, the compressor design is performed. An
isentropic compressor is used first. For the purpose of COP comparison, a
polytropic compressor is designed and analyzed as well. The speed of the
compressor is selected as 500 rpm and the principle dimensions are determined.
The stroke over diameter ratio is selected as 5 at the beginning of the design. The

length of the compressor may seem very short and it may be thought that it is
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hard to find such a small motor for the compressor. However, with the advances
in the manufacturing technology, such compressors and motors are believed to be
buildable today. Besides, since microscale and pressure sensitive opening and
closing valves are used as the suction and discharge valves, the mechanical losses

may be diminished considerably.

Since all compressors must work with an index of compression between
isentropic (n = k) and isochoric (n = o), a polytropic index of 1.2 is selected to
compare the results with those for an isentropic compressor. Obviously, the
temperature at the exit state is higher for a polytropic compressor than the
isentropic one, which leads to a higher heat transfer rate from the condenser when
the saturation temperatures are held constant. Since the condenser heat load
becomes higher and the evaporator heat load is constant, a smaller COP value is

obtained with polytropic compression process.

Condenser design was the most difficult part of the study due to the lack of
studies on micro-scale condensers and their geometric details. The refrigerant
side flow has two portions, the single phase flow and the two phase flow. Like in
the evaporator, the two phase flow heat transfer coefficient is very high in
microchannels compared to conventional channels. The single phase heat transfer
coefficient is also high too but its value is very small compared to that of the two
phase region. The Reynolds number based on the liquid phase is always in the
laminar region whereas the vapor phase based Reynolds number is in the
turbulent region. An important point here is that since the air side heat transfer
coefficient is much smaller than the refrigerant side, the dominant part in the

overall heat transfer coefficient is due to the air side heat transfer.

The air side geometry of the condenser is selected with a high attention. Since
forced convection is preferred on the air side, the fin design plays an important
role. The influence of the louvered fin geometry on the flow and heat transfer

should be investigated carefully. Moreover, the air side velocity should be kept
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under a reasonable value. For the condenser design, the room temperature is
selected as 30°C.

The last equipment to be designed was the capillary tube. Two phase flow occurs
in the capillary tube and its role on the pressure drop cannot be denied. Since the
temperature, pressure and vapor fraction change along the length of the capillary
tube, it is an obligation to use finite segments in its design calculations. It should
be known that the length of a capillary tube is highly dependent on the diameter
of the tube. For example, a tube with a diameter of 0.5 mm should be 2.16 m
long, whereas with a tube diameter of 0.4 mm, a length of 0.72 m is sufficient to

work between the same states.

After designing all four components in the cycle, a second law analysis is
performed for the cycle. The second law analysis in the refrigeration cycle
depends on the irreversibility of the cycle which is due to entropy generation in
the components. The difference between the polytropic and isentropic
compression processes are observed in this study.

The cycle is checked against a possible condensation problem that may occur if it
is placed in contact with an electrical device due to the low evaporation and cold
room temperatures. However, for the winter season, the dew point is calculated
below 10°C and for the summer season below 15°C, respectively. Therefore, no

condensation problem is expected on the walls of the evaporator for this cycle.

During the construction of the cycle, the most important issue is to insulate the
compressor, capillary tube, the sides of the evaporator and all the connection
pipes very carefully to prevent the heat transfer between the equipments and the

surroundings.

To decide where to put the present study in the literature and to compare the

results, Table 9.1 may help.
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Table 9. 1 Comparison of present study with literature

. | Phelan Chriac . Present
Chow et al. | Heydari ot al and Mongia
[20] [21] [22]' Chriac [24] Study
[23]
Heat Load i 100- 45
(W) 32 300 100 50
Tevp. (C) 12 20 5 10 50 0
0 50
Tcond. ( C) - 60 55 55 90
(Tamb. o)y | {45} - - - {50} {30}
- 12.5
Flow Rate 16.3 0.824 ; 0.26 0.35
(9/s) 247 | (cm /s)
System CPU Meso Notebook :
Vglume Meso-scale | Cooling Scale i Coolin Micro Scale
System g
Refrigerant | R-134A | R-134A | R-134A | R-134A | R-600A R-134A
COP 3.34 3.0 3 45 2.25 3.89
COmPressor | centrifugal | Piston | Scroll | Scroll - Piston
Type

It is seen that the study of Mongia [24] may be compared with the present study
in terms of the sizes of the cycle. However, it should be noted that the study of
Mongia [24] is an experimental study. Therefore, the present study may be
thought as a milestone in the literature where a micro-scale refrigerator with all of

the components is designed theoretically.

In conclusion, a micro refrigerator has been successfully designed and analyzed
within the scope of this thesis. The results actually indicate that it is possible to
construct and test such a cycle.

9.2 Future Work

For different application areas, the cycle may be analyzed for different

temperatures, pressures and for different refrigerants. Moreover, an optimization
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study on the components may be performed. Different types of compressors may

be designed for the cycle, such as, screw, centrifugal or scroll compressors.

In the present study, a steady-state analysis of the refrigeration cycle has been
performed. The transient response of the cycle may also be investigated. The
effect of radiation in the condenser and the evaporator may be taken into account

during the design.

The designed cycle would be constructed and tested during the operation to verify

the design procedure and the correlations adopted from the literature.
Finally, the design procedure may be improved by a variable speed compressor to

cope with the variation of the refrigeration load due to different modes of

operation.
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APPENDIX A

PRESSURE VS. ENTHALPY CURVE OF R-134A
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Figure A. 1 Pressure vs. Enthalpy Curve of R-134A
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APPENDIX B

SATURATED LIQUID AND VAPOR PROPERTIES OF R-134A

Table B. 1 Saturation Properties of R-134A

e e X e
Tamp,* Pressure, kam® mka il "y : Tension, Temp,*
°C  MPa Liquid Vapor Liquid Vapor Liquid Vapor Liquid Vapor Vapor Liguid Vapor Liquid Vapor Liquid Vapor ml °c
-10330a 000039 15912 35263 7189 33507 04143 19638 1147 0585 1163 1135 127 21866 663 — — 2815 10330
~10000 00005 15819 25039 7571 33700 04366 194% 1168 05% L1161 111L 128 19582 676 —  — 2% -10000
-000 000153 15539 97191 759 34234 0502 18975 1201 06M 1155 1051 131  M456 716 — — 258 -5000
-8000 000369 15262 42504 9965 34903 05674 18585 1211 06F 1151 9% 134 11089 75T  —  — M1 -8000
-7000 000801 14986 20528 11178 35523 06286 18269 1215 0660 1148 951 137 8796 797 1258 — 24 -7000
-6000 0015% 710 10770 12396 36151 06371 18016 1220 0625 1146 904 139 7154 838 1211 — 208 6000

=5000 002348 14431 060560 13621 36783 0743 17812 1229 0712 1146 858 142 S%43  87% 1165 7312 192 -5000
—4000 005122 14148 036095 14357 37416 07973 17649 1243 0740 1148 812 144 5022 920 ne 219 1766 -40.00

=3000 00B436 13859 022596 16110 38045 O0B49%8 17519 1260 0771 1152 765 145 4304 962 1073 916 1613 =3000
=2800 009268 13800 020682 16262 38170 08601 17457 1264 077 1133 756 M5 4180 amn 06,3 935 1583 =28.00
—2607b 010132 13743 019016 16607 38250 08701 1747 1268 0734 1134 747 M6 4064 979 w54 9.52 15 2607
-2600 010164 13741 018%1 16616 382%4 08704 17476 1268 0735 1154 747 146 406.0 979 054 953 155 -2600
—2400 011127 13682 0.17410 16870 38419 08806 17455 1273 0791 1135 738 M6 3946 agg 04.5 an 152 -0
—2200 012160 13622 016010 17126 38543 08908 1743 1277 079% 115 728 M6 3836 99 1036 989 1493 200

—2000 013268 13362 014744 17282 38666 09009 17417 1282 0305 1157 718 M6 37311003 wze 1007 1463 -20.00
—1800 01445 13502 013597 17635 3878% 05110 173% 1286 0312 1139 710 146 3630 1014 1017 1024 1433 -1800
1600 015721 13441 012556 17897 38911 085211 1738 1291 0820 1160 700 147 3533 1022 W08 1042 1404 -1600
~1400 017074 13380 011610 18156 39033 08311 17367 129 0327 1162 691 147 3440 1031 89 1056 13 -M00
~1200 018516 13318 010749 18416 39155 05410 17351 1301 0835 1164 682 147 3350 1040 990 1076 1345 -1200

=1000 020052 13256 008%3 18678 39275 00508 17337 1306 0342 1166 672 147 3263 1049 920 1093 1316 =1000
-800 021634 13193 009246 18940 39395 05608 17323 1312 08350 1168 663 147 3180 1058 971 1110 1287 -8.00
—600 023418 13130 008591 19203 395153 09707 17310 1317 0838 1170 634 147 3099 1067 %62 1128 123 -6.00
—400 025257 13066 007931 13468 39633 005805 17257 1323 086 1172 644 147 3022 1076 953 1145 12: =400
-200 027206 13002 007440 19733 39751 05903 17285 1329 0875 1175 635 7 2%47 1085 «3 1162 1200 -200

000 029269 12937 006935 20000 39368 10000 17274 1335 0833 1178 626 147 2874 1094 934 1179 nmn 000
200 031450 12871 006470 20268 39984 10097 17263 1341 08% 1180 616 147 2804 1103 925 1186 1143 200
400 033755 12805 005042 20537 40100 1.01M 17252 1347 0901 1183 607 147 @736 1113 916 1213 1M 400
600 036186 12738 005648 20808 40214 1.0291 17242 1353 0910 1187 3558 147 2670 M2z 907 1231 08 600
E00 038749 12670 005284 21080 40327 1.03%7 1723 1360 0920 1190 3588 147 2606 1132 297 1248 10.58 £.00

1000 041445 12602 004548 21353 40440 10483 17224 1367 0930 1193 575 M6 2¥3 142 838 1266 103 10.00
1200 044289 12533 004636 21627 40351 10579 17215 1374 0939 1197 365 46 2483 1152 £79 1284 10.02 12.00
1400 047276 12463 004348 21903 40661 10674 17207 1381 0950 1201 560 146 2425 1162 &70 1302 97 1400
1600 050413 12393 0.04081 221.80 40770 10770 171% 1388 0960 1206 350 146 2368 1172 260 1320 947 16.00
1800 053706 12321 003833 2255 40878 10865 17151 139 0971 1210 3541 M6 2312 1182 831 1339 919 18.00

2000 05715 12245 003603 22740 40984 10960 17183 1404 0582 1215 532 M5 2258 1182 842 1357 852 2000
2200 060777 12175 003388 23021 41089 11055 17176 1412 09 1220 522 W45 2205 1203 833 1376 B65 200
2400 064566 12101 0.0318% 23305 41193 11149 17169 1420 1006 1.226 512 145 2154 1214 824 13% 838 24.00
2600 068531 12026 003003 23550 41295 11244 17162 1429 1018 1231 503 144 2104 1225 814 1415 2 26.00
2800 072676 11%4% 00282% 23877 41395 11338 17155 1438 1031 1238 493 144 2055 1236 BOS 1435 78 23.00

3000 077008 11872 002667 24165 414%4 11432 17149 1447 1044 1244 434 143 2007 1248 796 1456 757 3000
3200 081530 11793 0.02516 24455 41590 11527 17142 1457 1038 1251 474 143 1960 1260 8T 1476 731 32.00
3400 086250 11713 002374 24747 41685 11621 17135 1467 1073 1250 465 142 1914 1272 7T 1497 705 00
3600 091172 11632 0.02241 25041 41778 11715 17129 1478 108 1.267 455 142 1869 1284 TE 1519 678 3.00
3800 096301 11545 002116 23337 41865 11809 1712 1489 1104 1276 445 141 1825 1297 738 1541 6.32 38.00

4000 10165 11465 001999 2535 41958 11903 17115 1500 1120 1285 436 M40, 1782 1310 750 1564 677 40.00
4200 10721 11379 001890 25935 42044 11997 17108 1513 1I13® 1295 426 140, 1740 1324 741 1586 601 4200
4400 11300 11252 001786 26238 42128 12091 17101 1525 11% 1306 416 135 1698 1338 731 1610 576 4400
4600 11901 11203 0.01689 26542 42209 12185 1709 1539 1175 1318 407 138 1657 1352 722 1634 551 46.00
4200 12527 11113 001558 26849 42283 12239 17085 1353 11% 1331 397 137 1617 1367 I 165% 526 4300
5000 13177 11020 001511 27159 42363 12373 17078 1569 1218 1.345 387 137 1577 1383 704 1684 501 5000
5200 13852 10926 0.01430 27471 42435 12468 17070 1385 1241 1360 377 136 1538 1359 695 1710 4% 5200
5400 14553 10825 0.01353 277.86 42503 12562 17061 1602 1266 1377 367 135 1489 1416 685 1736 45 5400
5600 15280 10730 0.01280 28104 42568 12657 17051 1621 1293 1395 358 134 1461 1433 676 1763 428 %00
5800 16033 10628 0.01212 28425 42625 12752 17041 1641 132 1416 348 133 1423 1451 667 1751 404 5800

6000 16815 10524 001146 28749 42686 12847 17031 1663 135 1438 338 132 1386 1471 638 1819 381  60.00
6200 17625 10417 0.01085 20077 42737 12943 17015 1686 1388 1463 328 131 1349 1451  64% 1848 357 6200
6400 18464 10307 0.01026 20408 42784 13039 17007 1712 1426 149 313 129 1312 1512 639 1878 33 6400
6600 19334 10154 000970 25744 42825 13136 16093 1740 1468 152 308 128 1275 1535 630 1905 312 &0
6800 20234 10077 0.00317 30084 42861 13234 1697 1772 1515 1557 298 127 123% 1559 621 1540 289 6800
7000 21165 9956 000367 30429 42889 1333 16963 1806 1567 1597 287 126 1203 1585 612 1972 267 7000
7200 22130 9831 0.00818 30779 42910 13430 16945 1846 1626 1642 277 124 1167 1612 603 2005 246 7200
7400 23127 9700 0.00772 31134 42923 13530 16926 1890 1693 1695 267 123 1131 1641 593 2038 224 7400
7600 24155 9565 0.00728 31456 42927 13631 16905 1841 1770 1757 25 121 1084 1673 S84 2074 203 7600
7800 25227 5423 000686 31865 42820 13733 16881 2000 1861 1.830 246 120, 1058 1708 575 2105 183  78.00

8000 26331 9274 000646 32241 42902 13837 16855 2069 1967 1517 235 118 1021 1746 566 2146 163 80.00

8500 29259 8862 000550 33227 42791 14105 16775 2313 2348 2231 207 113 927 1859 543 241 115 8500
5000 32445  B365 0.00461 34301 42548 14352 16663 2766 3064 2832 178 108 826 2015 @ — @ — 072 50.00
9500 35916 7716 0.00374 35543 42060 14720 164 3861 4542 442 145 102 09 25— — 033 95.00
10000 38721 6467 0.00265 37402 40708 15207 16083 — @ — — 105 % 530 2886 @ — @ — 003 100.00
10103 40560 5133 000195 38979 38979 15593 15593 @ e o0 - = o o 0 10103

*temperatiures are an the TS50 scde = triple point = normal boiling point = criticd pont
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APPENDIX C

SAMPLE CALCULATIONS

Sample calculations are given for the micro-scale VCRC with the original

evaporator and the isentropic compressor.

C.1 Evaporator Part

C.1.1 Two-Phase Region

— H = 0.4 mm

- w=05mm

— t=05mm
— Linitial =0.129m
- q=45W

— wo=Ng (W+1t)+t=0.0105m

- q"=q/({Lw,) =3.2967 x 10° W/m?
— Afiow = NHw = 2x10"°m?

— P=2N(H+w)=0.0180m

~ Dy =4 = 44444x10~*m

m

- G =

=175W/m? K

Aflow

— Re; =G D, == =86.56

H

98



Re, = G D, ﬂi = 4835.6

a.= 0.8
Po =24 (1—(1.3553 a.) + (1.9467 a2) — (1.7012 a2) + (0.9564 af) —
0.2537 ac5=14.3818

fi==-=0.1662

el
f, = (1.82 log(Re,) — 1.64)2 = 0.0390
APy _ 216G (1-%)?
L Dp py

AP, 2 f, G* x?

= 1810.6 Pa/m

= 1.7230 x 10° Pa/m

L Dp py
We, = G2 lfl—’; = 0.8985
AP
X = EALT))I = 0.1025
)y

C = 1.45 (Re?%) (Wel*3) = 4.3152

92 =1+ (%) + (Xi) — 138.2554

2

=L =2 g} = 2.5033x10° Pa/m
AP, = G* 9y, (x; — x1) = 1343.4 Pa
APror = APy + APy, = 4597.7 Pa
Nuy, = 3.3461

Bo =-L = 0.0095

Gip

Co = (1;—")08\% = 0.0577

hep = 0.6883 Co~°2 (1 — x)°8hy, + (1058 Bo®7(1 — x)*8 S h;,) =
19030 W/m2K

Trin = tanh{myinle) _ ¢ g9

Mgin Le
L.=H = 0.4x10"3m

h
kcu ten

Mpin = (2 )0'5 = 435.684
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— Ty =T — (q" tb—) = 14.1779 °C

copper
- AT =T, —-T =14.1779°C

= a =12.9x10"3m
hep (2 H Tpin+tcn) N AT

C.1.2 Single-Phase Region

— Linitial = 0054 m
— AT =3°C
— Re=0G 2~ =6840.6

Usp

~ Nugy = (£) (Re - 1000)

Prsp
2
1+12.7\/§<Pr§p—1>
~ f=(182 log(Re) — 1.64)% = 0.0351
— Nu = Nugy (1+F) = 34.155

= 23.6515

— F=CRe (1 - (?)2) = 0.4441

— D, =1.164x10"3m
- C=17.6x10"°

— h=Nu ’;—” = 966 W/m2K

h
L

~ AP = (3) psp Um3, (D—h) — 480.87 Pa

h 0.5
— myy = (2 - tch) = 98.1621
_ tanh(mgp L)
- Tfin = W = 0.9995
- L 1 = 5.4x10"3m

- hsp (2 H Tpin+ten) N AT
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C.2 Compressor Part

N =500 rpm

mUl

X 60 = 4.3635x 107°m3

sz

Nvol

2
V,=m DT Ly, = 4.3635x10~°m?3

L/D =5
D =10.4 mm
L =51.8 mm

V.= CV, =21818x1077 m?3
P =P fps = 2.7323x10°Pa

P, = f"—z = 1.3873x10° Pa

pd

k= z—p = 1.1360

|4

W = (iy — i) = 11.0915 W
1

Na=1+C—C (i—d)z — 0.8502

1 1

Ps\k Pa\k P
muv
Neomp- = nvozllfp X 60 = 500 rpm

=21 Yeomp: _ 08631 ms.
60

Mpiston

C.3 Condenser Part

2
Afiow = N 2= = 1.9635x107° m?
P=NnD=0.0157m
Dy, =4 22 = 0.5x1073m

Arree, = (Lsog = Nin 2;) 2, = 1.6214x10™*m
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p =4 (Lseg — Npin 7 + %) =0.0892 m

Djg = 4 222 = 0,0073 m

a

C.3.1 Single-Phase Region

T, = 58.05°C
T, =50°C
T,; =30°C

L =14 mm

Re = G2t = 62943

Usp

Prsp

2
L pr3 -
1+12.7\/;(Prsp 1)

f=(1.82 log(Re) —1.64)"%2 = 0.036

= 24.1232

Nugy = (£) (Re - 1000)

F = CRe (1 - (?)2) = 0.3901

o

Nu = Nugy (1 + F) = 33.5341
h = Nu =2 = 1164.3 W/m?K
h

L

AP = £ (3) psp UM, (D—h) = 249.32 Pa

0.444 —-1.682 -1.22 0.818 1.97
fa = (Rez®”®") () (z—p) (Zl> (Z—d) (l—’) = 0.2351

p lp lp lp

Rey, = G, =2 = 247.83

Ha

. _ 0 0.26 -0.51 —-0.26 I 0.82

p lp lp

t —-0.25 z —0.097
(—p> (—t> = 0.029
lp lp

2

ha = jcow CPa po UM, Pra_g- = 182.86 W/mZK

AP, = f, G2 Zjd = 44.5 Pa

alp
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Power = AP, % =0.0221W

1
Ao ) 1
+ —
(Ai hi (ha Tfino)

T _ tanh(mﬁn chin) —0 7563
fina Mgin LCrin '

U, =

= 42.5309 W/m?K

Afin
Tfin, = 1- ( L ) (1- Tfina) = 0.7795

Atot

ha

kfin zt

0.5
My = (2 ) =110.2303

4o

NTU = U, = 0.4054

Cinin = My Cp = 0.4431 W/K
Amax = 9 max Cmin(Thi - Tci) =12.429 W

C, = imin — 0.7769

max

€ =1-exp(((NTU22)/C,) (exp(-C: *(NTU?78))-1))= 0.2858
q = Qmax € = 3.5526 W

C.3.2 Two-Phase Region

Calculations are given for the first segment:

x; =1

X, = 0.6467

L =50x10"3m
T..=30°C

fi = AX*ReP ¢° f; = 0.0355
®=j % = 0.0136

1-x
p1 (1-ay)

j = = 0.4306 m/s
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A=1308x10"% a =0.427 b =0.930
c=-0121 f=2=13106

Re
Re, = G D, ——>— = 48.83
L= M (+fay) — T
pe
Rev—GDh#Na_v—5528.3

0= (1 N (1%)0.74 (%)0.65 (%)0.13>—1 — 09361

v (t_x)og (%)0.5 (%)0.1 0,075
xZ

AP =(3) £, 67— Dihz 692.5 Pa

Pv*ay’

h = p, Cp, = = 3880.3 W/m’K

w = \/Z = 0.039
pL
7= () Jay 2 =1.6751Pa

T+ =5Pr+5n(Pr(S-1)+1)=1737

*

5t =6p, = =22107

u
Hy

§=(1-a,) 2 =81141x10"°m

APbendtwo_phase = APbend”q (1 + Zxﬂ) = 716.815 Pa

Pr

1
APbeTld = (E) kminor pr Vrz = 8383 Pa

~ —oza1y (0\OH (2 -1.682 a -1.22 24 0.818 y 1.97_
fa = (Rez®”®") () » = 0.2351

p lp lp

Rey, = G, L—z = 247.83

Um, = % = 4376 m/s

a

AP, = f, G2 —=%— = 44,5 Pa

2palp
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0.26 -0.51 ~0.26 ;, 0.82
— Jecowp = 1.18 (REZ 0505) ( ) (lz—;) (f—z) (i)

t —-0.25 z —0.097
£ i3 = 0.029
lp lp

2

~ ha = Jjeow Cpa pg Umg Pr, *.= 182.86 WIm’K

— Power = AP, =0.0789 W

Afin
- Tpin, = 1 (Afot) (1= Tfin,) = 0.7795
_ tanh(mgip Legin)

— Tfing = = 0.7563

Mgin LCrin

n 0.5
— Mypin = (2 P ﬁnt) = 110.2303

~ Lepin = (Fin) + (5%) = 0.0092 m

- = 83.5755 W/m?K
(ha ffmo)

= Cpin =mg C, 4 = 2.0369 W/K

—  Gmax = Cnin (Tn —T,) =40.7370 W

- NTU =1U, = 0.6190

- €=1—-exp(—NTU) = 0.4615
—  Qtot = GQmax € = 18.8007 W

- Tao = Tai + (Qtot/(ma Cpa) =37 OC

For the rest of the segments, the results of calculations are given in Table C.1 and
C.2.
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Table C. 1 Refrigerant Side Results

Refrigerant Segment | Segment Segment
Side 2 3 4
Xin 0.6467 0.3236 0.702
Xout 0.3236 0.0702 0
L
50 50 20
(mm)
G
) 178.25 178.25 178.25
(kg/m<s)
m
0.35 0.35 0.35
(9/s)
N 17.2 13.5 3.78
(W)
AP
581.7 316.5 62.5
(Pa)
Re, 153.6 256.5 356.5
Re, 3457 1582 426.9
Vi
0.0836 0.1307 0.1561
(m/s)
Vy
1.3019 0.5166 0.0945
(m/s)
h
5 2959 1684 911.1
(W/m*°K)
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Table C. 2 Air Side Results

Air Side Segment Segment | Segment
2 3 4

L (mm) 50 50 20

G (kg/m?’s) 5 5 5

m (9/s) 2 2 0.81

V. (m/s) 4.376 4.376 4.376

Re |, 247.83 247.83 247.83

j_colb 0.029 0.029 0.029

f 0.2351 0.2351 0.2351

AP (Pa) 44.5 44.5 44.5

T 2 (°C) 38.44 36.6 34.6

g 0.4221 0.331 0.2317

Mo 0.7795 0.7795 0.7795

ha (W/m? K) 182.86 182.86 182.86

U, (W/m?K) | 74.03 54.3 33.6

C.4 Capillary Tube Part

Calculations are given for the first segment of the capillary tube.

- Tl = 50 OC
- Tl = 4‘0 OC
— xl = 0
— x, = 0.0934
— Re=-2™ = 73805
D u
__Om

- v, =20= 25274 mis
A

c
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_ 9m

- V= = 7.4897 m/s
A

c

— f =0.33 Re™025=0.0356

—AP—-G AV

- ALl ==

For the rest segments, the results are given in Table A.4.

(%) (f V)mean

Table C. 3 Capillary Tube Results

= 0.4629m

Segment: 2 3 4 5
T1(°C) 40 30 20 10

T, (°C) 30 20 10 0

X1 0.0934 0.1728 0.2422 0.3042
X2 0.1728 0.2422 0.3042 0.3603
Re 7133.7 6895.3 6659.4 6420.8
Vi(m/s) | 7.4026 14.7765 | 26.03 43.46
V, (m/s) 14.8459 26.0869 43.5 71.015
f 0.0359 0.0362 0.0365 0.0369
AL (m) 0.1623 0.0648 0.0245 0.0061
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