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ABSTRACT

THEORETICAL AND EXPERIMENTAL INVESTIGATION ON
CENTRIFUGAL FANS WITH A SPECIAL INTEREST ON FAN NOISE

Bayraktar, Songiil
Ph.D., Department of Mechanical Engineering
Supervisor : Prof. Dr. O. Cabhit Eralp
Co-Supervisor : Prof. Dr. Mehmet Caliskan

December, 2006, 123 pages

In this study, the effects of design parameters on the fan noise level are investigated
both theoretically and experimentally. For the theoretical study, a computational
aero- acoustic method is used to predict the flow induced noise of a fan. This method
involves the coupling of a flow solver and a wave equation solver. Unsteady flow
analysis is performed with URANS using FLUENT. Then the time dependent data
are processed with LMS Sysnoise to compute the acoustic radiation. Experimental
studies are performed to verify the theoretical results and additionally to investigate
the effects of different design alternatives on noise level of the fan. The sound
pressure and intensity level measurements are performed in the full anechoic room of
Argelik A.S. Research and Development Laboratories. The validation experiments
indicate that there is a good agreement between numerical and experimental results.
The experimental study with different fan designs gives information about the noise

reduction possibilities.

Keywords: Computational Fluid Dynamics, Computational Aero-acoustics, Aero-

acoustic Analogy, Centrifugal Fan, and Boundary Element Method
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SANTRIFUJ FAN GURULTUSU iLE ILGILi TEORIK VE DENEYSEL
CALISMALAR

Bayraktar, Songiil
Doktora, Makina Miihendisligi Boliimii
Tez Yoneticisi : Prof. Dr. O. Cahit Eralp
Ortak Tez Yoneticisi  : Prof. Dr. Mehmet Caliskan

Aralik, 2006, 123 sayfa

Bu calismada, fan tasarim parametrelerinin fan giiriiltiisli tizerindeki etkisi teorik ve
deneysel olarak arastirilmistir. Teorik calismada, hava akisit kaynakli giiriiltiileri
tahmin etmek i¢in hesaplamali aero-akustik metodu kullanilmigtir. Bu metot akis
¢oziicli ile dalga denklemi ¢oziiclisliniin ortak kullanimindan olusmaktadir. Duragan
olmayan akisin analizi URANS metoduyla FLUENT kullanilarak yapilmistir. Daha
sonra zamana bagli veriler LMS Sysnoise programina aktarilarak akustik yayilim
¢Oziilmiistiir. Teorik ¢alismalarin dogrulamasi ve degisik tasarim alternatiflerinin fan
giiriiltiisii iizerindeki etkisi deneysel olarak calisilmigtir. Ses basinct ve ses siddeti
Olctimleri Argelik A.S. Ar-Ge tam yansimasiz ses odasinda yapilmistir. Dogrulama
deneyleri sayisal simulasyon ile deneysel verilerin uyumlu oldugunu gostermektedir.
Fan tasariminda yapilan degisikliklerin ses yayilimi iizerindeki etkisinin incelendigi
deneysel c¢aligmalar sonucunda fanmin giiriiltii seviyesini azaltacak bilgiler

edinilmistir.

Anahtar Kelimeler: Hesaplamali Akiskan Dinamigi, Hesaplamali Akis Akustigi,

Aeroakustik Analoji, Santrifiij Fan, Siir Eleman Y 6ntemi
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CHAPTER 1

INTRODUCTION

1.1 General

Fans are important machines for cooling, drying and circulating the flow. In the
household appliance market, compactness and low-noise requirement are keys as
purchase requirements. Fan is one of the major noise sources in appliances.
Therefore, the high efficiency and low-noise fan is seriously needed. For this reason,
it is desired to develop a methodology that guides the fan designer in the conceptual

design stage by predicting its noise characteristics.

Today, there is still no systematic methodology that can be implemented for the
design of a low noise fan. There have been some attempts to develop mathematical
models for the prediction of aerodynamic noise. Some acceptable correlations with
experimental data have been achieved for particular situations, but no universal
theory has yet emerged. In fact, most of the studies performed are on axial-fans,
compressors and turbofan engine, but only a few studies has been done on
centrifugal fans because of its complicated flow region and scattering effect of the

casing.

The noise of a fan consists of vibration noise and flow-induced noise. In the case of a
small fan that is used in household appliances, the flow-induced noise is dominant.
The flow-induced noise is a branch of aero-acoustics, which is concerned with sound

generated by aerodynamic forces or motions originated in the flow.

The sound generated from the fans has both tonal and broadband characteristics.
Tones are produced as a result of the regular cyclic motion of the fan blade with

respect to a stationary observer, and by interaction with adjacent structures. The

1



broadband component arises from random fluctuations in pressure over a wide range
of frequencies, and is associated with turbulent flow in the inlet stream, in the

boundary layer’s, and in the wake behind the blades.

Many researchers concluded that the dominant acoustic source of the fan is dipole
type. This means that the sound is generated from the fluctuations of forces on the
blade, induced by interactions between the flow passing through the impeller and
structures of the casing. So if the unsteady force on the blades can be calculated
accurately, the tonal sound can be predicted with a good accuracy. Analysis of

unsteady flow is then essential to understand and analyze the flow noise in fans.

1.2 Scope, Objectives and Achievements

In this study, a computational aeroacoustic method is used to investigate the noise
characteristics of a centrifugal fan. Two commercial softwares FLUENT and LMS
SYSNOISE are employed for this purpose. The numerical computations are
performed in two steps. First, the turbulent flow is computed with URANS. Second,
the time dependent flow data is exported to the aeroacoustic modal where the wave
equation is solved and the noise propagation is computed by LMS SYSNOISE. Both
tonal noise radiation representing Blade Passing Frequency and its harmonics, and
the excitation at the structural resonance frequencies are investigated. The sound
pressure and intensity levels are predicted at near and far field. The validation of the

numerical results is checked with sound power (and pressure) levels measurements.

The flow field is analyzed with Fluent CFD package to obtain force variations, and
the acoustic pressures are calculated using an acoustic analogy. Noise caused by the
unsteady pressure fluctuations at the impeller blades are predicted by using the force
(or pressure) information calculated from the flow field. In order to do this, forces
acting on elements of the impeller blades are calculated, and using this result,
FfowcsWilliam-Hawkings® acoustic analogy based on the Lighthill’s equation is
performed numerically in time domain. The validation of the developed model is

checked with sound pressure and intensity levels measurements.

2



Additionally, the effect of geometrical changes on the designed fan is investigated
experimentally. For this purpose, impeller, volute and fan inlet designs are modified.

Fan is coated with bitumen and its noise isolation property is investigated.

1.3 Outline of the Thesis

Contents of this study are presented in seven chapters. Chapterl is Introduction. In
this chapter the necessity of investigation on fan noise and the scope of this study are
explained. Chapter 2 gives a brief summary of the previous research work relevant to
this fan noise investigation study. Chapter 3 introduces the theory of flow acoustics.
Turbulence model used in Computational Fluid Dynamics and Boundary Element
Method applied for the structure effect on sound propagation are given in this
chapter. Chapter 4 is devoted to the numerical analysis methods used for the
modeling of flow field and acoustical field. Experimental studies performed to verify
the theoretical approach and to investigate the effect of some geometrical changes on
the fan noise characteristics are explained in Chapter 5. Chapter 6 presents the results
and comparisons of numerical and experimental studies. Discussions and conclusions
of the thesis and possible future research subjects based on the current study are

given in Chapter 7.



CHAPTER 2

LITERATURE SURVEY

Methods for predicting sound power level of rotating blades have encompassed the
range of empirical, semi-theoretical and theoretical approaches since sixties. The
experimental studies have focused on the parameters affecting the sound generation
and development of experimental correlations. Theoretical approach needs the
solution of flow field first. The success of this method depends on the computational
power. Therefore, it has shown great growth in parallel to the developments in

computer technology in recent years.

Many researchers have studied on fan noise reduction methods and the numerical
methods to predict the flow and acoustic fields of an axial fan. The numerical
prediction methods for the centrifugal fan are still a hot topic. In order to calculate
the radiated acoustic field of a centrifugal fan, the modification of the generated

noise by the casing should be considered.

In this chapter, previous works related to low-speed centrifugal fans will be

reviewed. The relevant studies about axial fans will be cited where appropriate.

2.1 Experimental Studies

2.1.1 Effect of Design Parameters and Flow Characteristics on Fan Noise

Many investigations were carried on the impeller design parameters and flow

properties related to the noise generated by the fan.



Tyler and Sofrin [1] first introduced the concept of applying linear infinite duct,
spinning mode analysis, to the prediction of ducted fan engine noise. In this research,
simple propagation and radiation models were applied to single radial modes incident
on the duct inlet. Reflections and inflow effects were ignored. They studied the role
of blade and vane number in noise generation. They showed that, for a fan rotating
with a subsonic tip speed, it is straightforward to suppress the fundamental blade
passing frequency (first harmonic) by choosing a sufficiently high number of stator
vanes. Then, all acoustic duct modes become cut-off and do not propagate along the

duct.

Bommes [2] presented a mathematical model based on dimensional analysis of the
sound power level generated by any type of aerodynamic noise source. The model
was applied to evaluate the effect of blade design on acoustical performances of
centrifugal fans. The geometry of the various blade shapes was used to calculate the
theoretical acceleration of the airflow through the channels between the blades. Then,
large negative accelerations were used as indication of flow separations, which was

considered as a major effect on noise generation.

Fehse and Neise [3] proved that the low frequency noise of centrifugal fans is
generated by flow separations in the impeller and/or the casing. Experiments were
made with 5 industrially manufactured test impellers having different geometries and
specific speed values in the range of n;=80-100. All impellers were run in the same

casing and operated in a ducted inlet/free outlet installation.

Konieczny and Bolton [4] identified the influence of several impeller and housing
design elements on the broadband random noise produced by centrifugal blowers
having forward curved impellers by measuring the sound power produced by each
member of a family of blowers. The design parameters considered were; impeller
type, axial and radial inlet clearances, scroll development angle and length, and cut-

off clearance.



Boltezar [5] investigated the influence of irregular blade spacing of car alternator
radial fans on the total sound pressure level and the noise spectrum. Blades were
modelled as dipole sources. Author showed that alterations in blade spacing do not
significantly alter the total sound power level. However, the sound energy at the
blade passage frequency of a fan with uneven blade spacing is spread over several

prominent tones thus, allowing for a reduction of the siren effect.

Sentek [6] studied on the influence of geometrical parameters on the sound power
level of centrifugal fans. The noise generated by the fan was interpreted as a dipole
on the basis of several tests done by Neise, 1976. They fixed the impeller aspect ratio
and changed inlet and outlet blade angles. A substitution of the mean value of the gas
exhaust absolute velocity at the impeller outlet for the impeller tip speed allows a
generalized relationship between the sound power or its level and geometrical

parameters of the fan.

Trunzo et al. [7] gives the generation of noise in low speed turbomachinery as a
function of blade geometry and upstream flow characteristics which are inlet
turbulence, centerbody and annulus wall boundary layer turbulence, mean flow
distortions and turbulence caused by vortices and wakes of upstream struts. The
noise spectrum was characterized as broadband and pure tone. The reason of the
broadband sound was explained as the random velocity fluctuations in wall and blade
boundary and free stream. The pure tone was indicated as the result of elongated
turbulent eddies present in the free stream, and mean velocity defects in wakes and
boundary layers. They investigated the relative importance of two noise sources in
the overall noise generation; which are long eddies present in the free stream and the

wall boundary layer, and disturbances caused by upstream struts.

There are some other experimental studies correlating internal flow, noise and
aerodynamic performance to the geometrical parameters of centrifugal fans [8-13].
The most comprehensive experimental investigation was performed by Morinushi

[12].



Morinushi investigated the effect of width to inner diameter ratio of the impeller,
axial clearance between the fan inlet nozzle and the impeller shroud plate, blade
setting angle, blade pitch to chord ratio and expansion angle of the scroll, on noise
generation and aerodynamic performance of forward curved centrifugal fan having
an outer diameter of 0.18 m. As a result of investigation, the following were found as
the most suitable values for low noise: the impeller width to diameter ratio between
0.6 and 0.8, axial clearance in the range of 3 — 10 %, blade setting angle 26°. The
pitch to chord ratio has two optimal regions depending on the flow and the scroll

angle also affects the noise levels.

2.1.2 Acoustical Characteristics of Fan Noise

Many researchers demonstrated that the fans are dipole in nature. The idea was first
proposed by Cremer [14] and measurement methods that can realize this idea have
been developed by Terao and Sekine [15]. Abom and Boden [16] illustrated that low
frequency aero-acoustical characteristics of an induct axial fan is dipole source
located at the fan blades. It was also shown that for predictions of in-duct sound
fields it is possible to assume an equivalent ideal dipole instead of the actual source.
Baade [17] has indicated that the noise at the blade passing frequency is primarily a
dipole source by measuring noise from a ducted axial fan over a range of speeds and
with a range of duct lengths. Margett [18] demonstrated that the axial fan in ducted
inlet/ducted outlet configuration generates predominantly a dipole noise. The phasing
of the inlet and outlet noise were 180 degrees apart, regardless of whether the fan
was generating tonal or broadband noise for frequencies from direct current to just a
few Hertz below the first higher mode cut-on frequency. Clark and Ribner [19]
validated the Curle theory by demonstrating a direct relationship between the
fluctuating lift on an airfoil and the resulting far field acoustic pressure. Hersh et al.
[20] confirmed that small airfoils exhibit dipole directivity. Chanaud [21] claimed
that the centrifugal fan noise has dipole characteristics by conducting experiments for
a fan having forward curved blades. Wright [22, 23] found that the fluctuating forces
on rotating blades, i.e., rotating acoustic dipoles, are the principal sources for

discrete- frequency noise.



Mudridge [24] modelled the acoustic radiation from low speed fans as an array of
dipoles whose strengths are related to the unsteady surface pressures and shear

stresses and obtained a good agreement between its model and measurements.

The noise in a centrifugal fan is dominated by tones at the blade passage frequency
and its higher harmonics. This is a consequence of the strong interactions between
the flow discharged from the impeller and the cut-off in the casing [25]. In addition
to the discrete tones, the broadband component arises from random fluctuations in
pressure over a wide range of frequencies, and is associated with turbulent flow in

the inlet stream, in boundary layer, and wake behind the blade [25].

Measured noise signals are considered as composition of two components; one from
an original fan noise and the others from a modified part of the fan noise. The latter
means diffracted and/or scattered noise due to a fan case and a duct of the fan system
in the noise propagation. The former also includes the effect of fan supporter, fan

shroud etc. in the fan system in regarding of noise generation.

Longhouse [26,27] classified the noise mechanism of low tip speed axial flow fans as
either rotational or non-rotational. The dominant rotational noise mechanism was
defined as blade fluctuating forces that are caused by interactions with inflow
distortions, unsteady flow, turbulence, and nearby stationary objects. These
mechanisms of noise are defined as tonal and related to the motor or blade passage
frequency. The non-rotational noise mechanisms are defined as random and
generally broadband with peaks occurring in the spectrum. The fan blade vortex
shedding and the blade tip clearance vortex interactions are stated as the dominant
mechanism of non-rotational noise. The resulting spectrum was given as depending
on the flow velocity relative to the blades, the Strouhal number, tip clearance and

aerodynamic loading.

Neise [29] divided the aerodynamic sound from centrifugal fans into two: the

harmonic part and the broadband noise. He stated that the harmonic part is caused by
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the interaction between mean airflow leaving the impeller and the fan casing. The
main source region is volute cut-of where the mean velocity profile with respect to
the circumferential direction exposes sharp minima and maxima due to the blade
wakes. This non —uniformity of the velocity profile produces strong pressure
fluctuations at the cut-off that result in an effective sound radiation at the BPF and its

harmonics.

The noise reduction studies have mostly concentrated on the reduction of the rotor-
stator interaction at the scroll cut-off. These studies aim to reduce the noise generated
at the blade passing frequency. Increasing the cut-off distance decreases the strength
of the tone, but adversely affects the performance of the blower. Alternative methods
for reducing the BPF noise include: streamlined cut-off geometry [2,13], a spatial
modulation of blade spacing, inclined blades relative to the cut-off [51], and
mechanical and electro-acoustical resonators located at the cut-off region [52]. While
it is widely recognized that these effects depend on the specific fan application,
increasing the fan cut-off normally attenuates the discrete tonal component by
softening the impact of the dipole sources as well as a corresponding decrease in fan

performance.

Reduction of broadband noise has been generally less successful than reduction of
pure tone levels such as at the BPF. This difficulty is due to the added complexity of
broadband noise mechanism that extends over the complete frequency range. There
are studies on housing effects on centrifugal blower noise [53] and techniques

relating to various housing treatment such as an acoustically lined scroll [54].
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Figure 2.1 Fan Noise Classification proposed by Neise [49]

2.1.3 Fan Noise Modelling

The characteristics of aerodynamic sound have been studied using acoustic similarity

law through numerical and experimental methods [30-33]. Wright [34] has

developed a method for estimation of wideband sound power levels of low-pressure

axial flow fans. The resulting algorithms are used to relate the fan performance

specifications to fan diameter, rotational speed and specific diameter of the fan.

Madison assumed aerodynamic flow through the rotor is similar for all members of

the series and that the effects of viscosity can be neglected. Then total sound power

is found to be proportional to the fifth power of (mean) flow speed U and to the

second power of the diameter D : W ~ D*U°.
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Maling [35] proposed a simple equation by the dimensional analysis using
Buckingham PI theorem for broadband noise of a centrifugal blower with forward
curved blades. In Maling study measurements were performed in anechoic discharge
duct. The influence of Reynolds number was neglected and only broadband noise
was considered. Then total sound power is found to be proportional to the 5.67

power of (mean) flow speed U and to the 0.33 power of the diameter: W ~ D**U*¢7,

The U’ dependence of fan noise law in the proposed relations neither agrees with the
U* dependence of free-field monopole radiation, nor with the U® dependence of the

dipole, nor with the U* dependence of the quadrupole.

Chanaud made tests with 4 uncased forward curved impellers in an anechoic room.
The rotors were not precisely similar. Influence of Reynold’s number is neglected.
Overall broadband sound measurement confirmed Madison’s U° law. However,
when frequencies below 100 Hz were excluded, the tip speed exponent became
slightly greater than 6. The difference was supposed to be caused by the microphone

being in the near field of the rotor.

The problem in application of acoustic similarity law is that it is difficult to divide
the original noise source from the measured signals. It is generally accepted that the
measured spectrum of signal is the combination of flow and geometry functions.
Sound measurements concerned with similarity over a wide range of impeller sizes
were made by Weidemann [36]. Weidemann investigated the noise prediction model
by testing uncased 6 backward curved centrifugal rotors under free field condition.

He divided the noise into sound generation and sound radiation parameters.
The generation of sound was expressed as a function of Mach number, Reynold’s

number and Strohoul number as: Ma"‘ReBF(St) where F(St) represents the

spectral distribution of the sound generated
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The sound radiation characteristics were described as a function of Helmholtz
number as G(He) which can be considered as an acoustic frequency response

function. This function is purely geometric.
Weidemann proposed the following relation:

Noise=(sound generation components)(sound radiation components)

K =(Ma"Re’ F(St)(G(He))

Table 2.1 shows the margin of tip speed exponents measured by various

investigators.

Neise [31] verifies experimentally the similarity law for the fan as formulated by
Weidemann. He applied Weidemann’s result to the analysis of noise at BPF (blade
passing frequency) and its higher harmonics for centrifugal fans. Neise also applied it
to the broadband noise in 1982. Neise, measured the sound power level of two
dimensionally similar fans within anechoic discharge ducts. Only the discrete

frequency sound was considered, and the flow coefficient, ¢, was kept constant.

Other empirical formula widely used is the total sound power level which is a
function of mass flow Q, and pressure difference in the system with some constants.
The constants are different for different fan system geometries, which are obtained
from measurement data. Once, the constants are obtained, the total SPL can be
predicted for several operating conditions in the ranges of parameters, which is very
useful in engineering point of view. The constants are related to the geometry
function and the others are related to spectral distribution function of the sound

source generated, roughly [35].
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Table 2.1 Values of the tip speed exponent found by various investigators [31]

Authors Tip Sound type Fan type and Tip Sped
Speed considered measuring method |range
Exp. covered
(m/s)
Howes and Real | 3-7 Outlet overall noise | Centrifugal 13-33
1958 5-6 Inlet overall noise | impellers, both forward
forward and 25-56
backward curved backward
blades, anechoic
discharge duct
Huebner 1963 5.5 6.5 | Overall broadband | Freely rotating 20-100
noise centrifugal rotors of
various shape, free
field conditions
Maling, 1963 4—-5.7 |Overall broadband | Centrifugal blower, |8-13
noise forward curved
blades, anechoic
discharge duct
Chanaud 1965 |6 Discrete freq.sound | Uncased centrifugal |9-30
5 Overall broadband | rotor, forward
6.4 Broadband over 100 |curved blades,
Hz wedge placed near
rotor, free field
condition
Leidel 1969 5.2-6.4 | BPF, distance Centrifugal impeller, | 21-42
between impeller backward curved
and cut-off was blades, anechoic
varied discharge duct
Weidemann 5.6 Discrete freq.sound |Uncased centrifugal |30-60
1971 52 Overall broadband | rotor with
rectangular wedge,
backward curved
blades, free field
conditions
Agnon 1973 4.6 Discrete freq.sound | Centrifugal impeller, | 30-60
backward curved
blades, volute
casing, free field
condition
Yeow 1974 4 Outlet Centrifugal impeller, | 16-34
>4 Inlet overall both forward curved
broadband and radial blades,

anechoic discharge
duct
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Fukano and Takamatsu [42] investigated the turbulent noise experimentally in detail
and derived theoretical formulae for estimating the sound power generated by low-
pressure axial flow fans. The parameters included in this formulae are rotational
speed, outer diameter of impeller, number of blades, blade chord length and blade
thickness. Authors suggested that thinning the blade thickness at the trailing edge and
sweeping the fan blades can reduce the sound pressure level although it cannot be

reduced by cambering the fan blade.

Thus the sound radiation from fans has been regarded as resulting from a distribution
of monopoles, dipoles, and quadrupoles located inside the fan. The tip speed
exponent depends not only on this sound generation mechanism but also on the
impedance of the fan itself together with its acoustic load. Therefore it is concluded
that there is no hope of finding a universal value for the tip speed exponent and the
generation of fan noise is not understood well enough to predict tip speed exponents

for arbitrary configurations.

2.2 Theoretical Approach

The earliest theoretical study of the noise generated by rotating machinery was the
work of Gutin [28], who analyzed the sound produced by a two-bladed propeller. He
discovered that the forces exerted by the propeller on the surrounding air generate the
sound. On the other hand, the nature of the sound produced by centrifugal fans, with

their large number of blades, bears very little resemblance to Gutin’s model.

Hybrid methods are used for the simulation of aero-acoustic noise. Since it is not
possible to solve the transient Navier-Stokes Equations from the location of sound
generation up to the observer position. All hybrid methods subdivide the aero-

acoustic problem into two parts, sound generation and sound propagation. In general,
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computational, aero-acoustic methods need the transient aecrodynamic flow in the

region where the sound is generated as an input.

Figure 2.1 shows the main computational approaches that may be used when

evaluating the sound field generated by turbulent flows.

RANS/URANS LES or DES
Flow time averaging| |large scales are resolved
Computation |of the flow field | |small scales are
modelled

DNS

all scales are resolved

'

'

ACOUSTIC SOURCES

L

(AAA)
Acoustic
Computation | Lighthill Eqn.,
FW-H Eqgn.
Kirchoff or Porous FW-H|

Aero-acoustic Analogy

Broadband Noise
Source Model

Lilley Eqn.
Linearized Euler Eqn.
Proadman’s Eqn.

Computational
Aero acoustics

(Direct
Simulation)

'

'

'

NOISE PREDICTION

Figure 2.2 — Different noise prediction approaches

2.2.1 Flow Computation

In order to understand the aero-acoustic source of a centrifugal fan, the detailed

information of the flow field is necessary. The Computational Fluid Dynamics
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methods for the calculation of the flow field can be subdivided into three main

categories, depending on the approach to simulating turbulence:

Reynolds Averaging Navies Stokes Equations (RANS/Unsteady RANS)
equations: The turbulent fluctuations are needed by any computational aero-acoustic
procedure. Therefore a method was developed to reconstruct the time dependent
turbulent flow field based on the averaged properties from the RANS calculation.

This approach models the whole range of turbulent scales present.

LES or DES (Large Eddy Simulation or Detached Eddy Simulation): The LES
technique solves the largest turbulence length scale motions of the flow while
modelling only the small scale motions. It can be regarded as a kind of compromise
between RANS and DNS (Direct Numerical Simulation). The computational mesh
needs to be finer compared with RANS methods, but not as fine as for a DNS. To
avoid the very fine near-wall mesh requirements of the LES method, the hybrid
detached eddy simulation method was developed. The DES approach creates two
separate regions inside the flow domain: one that is based on the pure LES
formulation and another that is close to the wall where the modelling is dominated by

a RANS-based approach.

DNS (Direct Numerical Simulation): The most accurate approach to turbulence
simulation is to solve the Navier-Stokes equations without averaging or
approximation. All of the motions contained in the flow are resolved. To capture all
of the kinetic energy dissipation the computational grid needs to be very fine and the
time steps must be small enough that the small-scale motion can be resolved in a

time accurate manner.

2.2.2 Acoustic Computation

There mainly three computational approaches for predicting noise level of a system
as it is summarized in Figure 2.2: Aero-acoustic Analogy, Broadband Noise Source

Models and Computational Acoustics.
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2.2.2.1 Aero-acoustic Analogy (AAA)

2.2.2.1.1 Volume integral methods

Most of the recent progress in aecrodynamic sound generation by rotating blades is
based on the traditional acoustic analogy developed by Ffowcs —Williams and
Hawkings [55] and Lighthill [56]. In the acoustic analogy, the governing Navier-
Stokes equations are rearranged to be in wave-type form. Lighthill’s work is
concerned with the estimation of sound radiated from a fluctuating flow with special
reference to the sound field of a turbulent jet. In the acoustic analogy of Lighthill, the
sound radiation from a turbulent flow within a volume is described as the solution of
the non-homogeneous wave equation for the acoustic pressure at a field point away
from the source. The forcing function for the wave equation, serves as a source term
having the form of a double divergence of a stress tensor, indicates a quadrupole
source distribution. The solution to this partial differential equation is in the form of
a double derivative of a volume integral over the turbulent shear stress tensor in the
flow region and represents the generation of sound due to volume sources. The
essence of the solution lies in the nature of the sources that may be regarded as a
field of quadrupoles whose strength per unit volume is the stress tensor. Lighthill’s
Analogy, therefore, equates the sound of real turbulence to that induced by a
quadrupole distribution in a medium. Curle [57] extended Lighthill’s theory by
including a solid boundary into the source region. Therefore, he included additional
terms in the solution developed by Lighthill to account for the fluctuating forces
acting on the fluid by the boundary. FfowcsWilliams and Hawkings [55] showed that
when the sources of sound are in motion, the sound power increases with the
reciprocal of (1-M) for Mach numbers less than unity. This implies that the level of

sound from a moving source is greater than for a stationary source.

The difficulty in this method is that when acoustic sources (i.e., quadrupoles) are
present in the flow field, volume integration is needed. This volume integration of
the quadrupole source term is difficult to compute and is usually neglected in most

acoustic analogy codes.
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2.2.2.1.2 Surface integral methods

The Kirchhoff method and Porous FW-H equation are the most widely used
methods. Kirchhoff’s integral formulation has been used extensively for the
prediction of acoustic radiation in terms of quantities on boundary surfaces (the
Kirchhoff control surface coincides with the body). Kirchhoff’s method has also
been used for the computation of acoustic scattering from rigid bodies using a

boundary element technique with the Galerkin method.

Porous FW-H equation was generated for the difficulties of original FW-H
equations. The usual practice is to assume that the FW-H integration surface
corresponds to a solid body and is impenetrable. However, if the surface is assumed
to be porous, the porous surface can be used as a control surface in a similar fashion
as the Kirchhoff method. Thus, the pressure signal in the far field can be found based

on quantities on the control surface provided by a CFD code.

Kirchhoff’s and porous FW-H methods consist of the calculation of the nonlinear
near and mid-field numerically with the far-field solutions found from a
Kirchhoff/Porous FW-H formulation evaluated on a control surface S surrounding
the nonlinear-field. The surface S is assumed to include all the nonlinear flow effects
and noise sources. The separation of the problem into linear and nonlinear regions
allows the use of the most appropriate numerical methodology for each. The
advantage of these methods is that the surface integrals and the first derivatives can
be evaluated more easily than the volume integrals and the second derivatives needed
for the evaluation of the quadrupole terms when the traditional acoustic analogy is

used.

The porous FW-H equation method is a new idea and there are few applications in
the literature. The method is equivalent to Kirchhoff’s method and has the same
advantages. In comparison, it is more robust with the choice of control surface and

does not require normal derivatives. Since the method also requires a surface
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integral, it is very easy to modify existing Kirchhoff/solid surface FW-H codes. The
method requires larger memory, because more quantities on the control surface are
needed. However, considering the robustness, the porous FW-H is the recommend

method [61].

The use of both methods has increased substantially over the last 10 years, because
of the development of reliable CFD methods that can be used for the evaluation of
the near-field. The methods can be used to study various acoustic problems, such as
propeller noise, high-speed compressibility noise, blade-vortex interactions, jet noise,
ducted fan noise, etc. The methods are becoming more popular and have been

coupled with production codes, such as Overflow, Fluent and Star-CD.

2.2.2.2 Broadband Noise Source Models

In many practical applications involving turbulent flows, noise does not have any
distinct tones, and the sound energy is continuously distributed over a broad range of
frequencies. In those situations involving broadband noise, statistical turbulence
quantities readily computable from RANS equations can be utilized in conjunction
with semi-empirical correlations and Lighthill's acoustic analogy to shed some light
on the source of broadband noise. Literature offers several source models that enable
to quantify the local contribution (per unit surface area or volume) to the total
acoustic power generated by the flow. They are: Proudman's formula, source terms in

the linearized Euler equations and source terms in Lilley's equation.

These equations can be employed to extract useful diagnostics on the noise source to
determine which portion of the flow is primarily responsible for the noise generation.

However, these source models do not predict the sound at receivers.

Unlike the direct method (CAA) and the integral methods, the broadband-noise-
source models do not require transient solutions to any governing fluid dynamics
equations. All the source models need are what typical RANS models would provide,

such as the mean velocity field, turbulent kinetic energy (k) and the dissipation rate
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(¢). Therefore, the use of broadband-source models requires the least computational

resources.

The Proudman's formula gives an approximate measure of the local contribution to
total acoustic power per unit volume in a given turbulence field. However proper
caution should be taken when interpreting the results in view of the assumptions
made in the derivation, such as high Reynolds number, small Mach number, isotropy

of turbulence, and zero mean motion.

Linearized Euler Equations (LEE) have been used in order to extend the CFD
solutions to the far field. Basically LEE can be used if the viscous effects can be
neglected. The LEE equations employ a division of the flow field into a time-
averaged flow and a time-dependent disturbance that is assumed to be small. The
hybrid approach consists of the near-field evaluation using an accurate CFD code
(e.g. LES) and the extension of the solution to the mid-field using LEE. Considerable
CPU savings can be realized, since the LEE calculations are much cheaper than the

CFD calculations.

Lilley's equation is a third-order wave equation that can be derived by combining the
conservation of mass and momentum of compressible fluids. The self-noise and

shear- noise can be obtained separately.

2.2.2.3 Computational Aero Acoustics (CAA)

The growth of computer technology in the recent years made possible to predict the
aerodynamic sound sources and the propagation of the generated sound, by starting
from the unsteady flow governing equations. This powerful tool for analyzing noise
generation and propagation is known as Computational Aero-Acoustics (CAA). The
compressible Navier-Stokes equations have been rearranged exactly to yield the
acoustic wave with a source term involving the acoustic pressure fluctuation, the
mass flow rate, the external forces acting on the fluid and Lighthill stress tensor

containing momentum flux, thermal and viscous terms. This equation expresses a
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linear wave problem in a medium at rest with equivalent acoustic sources derived

from the unsteady flow phenomena [37].

Some researchers have developed their own codes based on the above methods.
Dunn, Tweed and Farassat [39] used Boundary Integral Equation Method (BIEM)
for predicting ducted fan engine noise. The BIEM is based on the equations of
linearized acoustics with uniform inflow and predicts the sound scattered by an
infinitesimally thin, finite-length cylindrical duct that has been irradiated by some
simple source process. Brentner and Farassat [58] investigated the aerodynamically
generated sound of helicopter rotors, giving also an overview of the theoretical
background in the field, starting with the Ffowcs Williams-Hawkings equation and
its integral formulations. In Ref.[41], Farassat has shown the solutions of two linear
wave equations, Kirchoff Method and FW-H equations, which are the two major
approaches used in the discrete frequency noise prediction for rotating blade

machinery in the time domain.

Wu, Su [40] developed a semi-empirical formula for predicting the noise spectra of
axial flow fans in a free field. For derivation they assumed that the sound radiation
from an axial fan in free field is primarily due to the fluctuating pressure exerted on
the fan blade surface. Kiya studied the separated flow field of a centrifugal impeller
by the discrete vortex method (DVM) [43]. Lowson [44] derived the formula for
predicting the acoustic field generated by the moving point force from the wave
equation. By applying this equation to each blade element, the acoustic pressure
generated by the impeller can be predicted. But Lowson’s equation can be applied
only in the free field. The effects of the solid boundaries cannot be considered with
this method. The scattering effect of acoustic is calculated by the boundary element
method (BEM) in Ref.[45-48]. It is reported that the Kirchhoff~-Helmholtz BEM is
developed to calculate the solid boundary to take into account the scattering effect of
the solid boundaries such as casing and duct. Rumsey et al. [38] used Navier-Stokes
computer code to predict one of the ducted fan engine acoustic modes that result
from rotor-wake/ stator-blade interaction. In the study to find the far field noise two

acoustic codes were used. Near-field propagation was computed by using
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Eversman’s wave envelope code, which is based on a finite-element model.
Propagation to the far field was accomplished by using the results of the wave

envelope code as input.

2.3 Noise Measurement Standards

There are international standards describing sound power measurement methods. The
selection of the method is made according to the required accuracy from the
measurement results. The measurement system is selected considering the
information that can be obtained, the required degree of precision, the frequency
range of interest, the bandwidth of the noise source, the volume of the noise source
machinery and the measurement field. “ISO 3470-2000: Acoustics - Determination
of sound power levels of noise sources -Guidelines for the use of basic standards” is

used for determining the required measurement method.

Generally, the measurement approaches may be classified as Precision, Engineering

and Survey Methods.

The Precision Methods can be applied in laboratory conditions. Acoustics
Laboratories provides the highest accuracy levels. However these laboratory
facilities are expensive and can only be used for the machinery having very small
volumes compared to the room sizes. The type of the rooms to be used is decided

considering the characteristics of the noise radiated.

A reverberation room or reverberation chamber is an acoustically designed room for
uniform distribution of acoustic energy. It is used to determine the sound power of a
source and also to find the absorption coefficient of a material. It is constructed to
reflect sound as much as possible, thus it is the acoustic opposite of an anechoic

room.
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An anechoic chamber is a room that is isolated from external sound or
electromagnetic radiation sources, sometimes using sound proofing, and prevents the
reflection of wave phenomena (reverberation). In rooms such as these, the only
sounds which exist are emitted directly from their source, and not reflected from
another part of the chamber. Anechoic chambers are widely used for measuring the
acoustic properties of acoustic instruments, measuring the transfer functions of
acoustic devices, testing microphones, performing psychoacoustics experiments and

for hearing aid test chambers.

Semi-anechoic rooms or chambers have conducting floors that do not have absorber
installed. The size can be anything from small to large. The small ones for testing
smaller motors, tool machinery or any other items intended for standing on the floor.
The larger ones are for testing tool machinery, small cars and motorcycles,
refrigerators and many other things. 75% of all testing in anechoic chambers is done

in semi-anechoic chambers also called Open Field Rooms.

The Engineering Method is used when the noise source is placed over a reflecting
plane and outside of the building or in a very large room. Measurement is performed
while the machinery is working in its normal environment. “EN ISO 3744 Acoustics -
Determination of sound power levels of noise sources using sound pressure -
Engineering method in an essentially free field over a reflecting plane” is used as the

measurement standard. The accuracy of the measurements is in engineering level.

Survey Method is used when the noise source is placed over a reflecting plane and
inside of the building or in a very large room. There is no restrictions about the size
of the machinery. Measurement is performed while the machinery is working in its
normal environment. “EN ISO 3746 Acoustics - Determination of sound power levels
of noise sources using sound pressure - Survey method using an enveloping

measurement surface over a reflecting plane” is applied as the standard. The
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accuracy of the measurements is in survey level. This method is suitable for

industrial applications.
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CHAPTER 3

THE THEORY OF FLOW ACOUSTICS

3.1 Basic Principles And Terminology

3.1.1 Classical Acoustics

Sound is the sensation produced by a pressure disturbance that propagates through a
fluid at the acoustic velocity. A sound wave is characterized by its speed, wavelength
and amplitude. The speed of sound depends on the medium through which the sound
travels and also depends on temperature. Sound propagation is nondispersive, i.e.,
speed of sound does not change with the frequency. The wavelength, A of a sound
wave is related to the speed of sound ¢ and its frequency f by A= c/ f. Sound

pressure level (SPL) is calculated in decibels as:

p
L,= 2010g[—] dB 3.1
Po

Here p is taken as the rms value of the acoustic pressure at a particular point in the

field. po, the reference sound pressure, is 20 pPa in air.

The homogeneous wave equation for propagation of sound waves in air can be

written as follows.

2 ! 2 !
Op _29P (3.2)

ot? axAz

1

The sound field is characterized as near field or far field according to the distance

between sound source and receiver. In the study of diffraction, the near field is that
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part of the radiated field that is within a small number of wavelengths of the

diffracting edge. The far field is beyond the near field.

3.1.2 Aero Acoustics

Aero acoustics is the study of aerodynamic sound, generated when a fluid flow
interacts with a solid surface or with another flow. Aerodynamically generated sound
is governed by a nonlinear process. When acoustic sources (Q) are specified in the
Equation (3.2) , the equation becomes nonhomogeneous wave equation. Equation 3.3

gives the nonhomogeneous wave equation in the order of 2".

o’ p 2 o'p _ 0"0,;.
o’ " ax” oxox,

(3.3)

which is usually solved by the Green’s function technique. The solution with

Green’s function of generalized wave equation is given in Equation 3.4.

(3.4)

where r shows the distance from the center of the source.

All acoustic sources are characterized by specific radiating properties according to
the efficiency of the energy conversation from kinetic energy in the source
mechanism into acoustic energy. The sound produced by a monopole like acoustic
source is associated with the displacement of the fluid due to the acceleration of the
moving surface. The acoustic waves generated by a monopole are propagating

equally in all directions (Fig. 3.1 (a)).
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The sound produced by a dipole like source is due to the distribution of the forces
(fluctuating loading) on the surface. The directivity pattern of a dipole shows two
lobes and it has maxima along 0° and 180° directions as it is presented in Fig. 3.1 (b).
No sound radiation is found along the 90° and 270° directions. As practical
examples, those acoustic forces are found in the cases when fluctuating forces act on
blades (propellers or fans). A quadrupole acoustic source consists of two identical
dipoles which are opposite in phase. In the case of the lateral quadrupole, the dipole
axes do not lie along the same line. A lateral quadrupole like acoustic source is found
in all turbulent flows (jets, mixing layers) and is associated with the noise generated
by shear-layer and entropy. In this case there are four directions (four lobes) where
sound is radiated and four directions where no sound is radiated, as shown in Fig.3.1
(c). [59]. Table 3.1 summarizes the characteristic properties of three types of aero

acoustic sources.

Monopole Dipole CQuadrupole
/ o’ o’ '
180" A 0" 150" Sl 0"
\ 2M "
(a) (b) (c)
Figure 3.1 Directivity patterns for an acoustic monopole (a), dipole (b),
and quadrupole (¢)
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Table 3.1 - Noise Source Characterization ( Ref. [60] )

Place Acoustic
Source Type Time Variation | Strenght
excitation Power

Monopole Mass ou, / ot boundary ~U*
Dipole Pressure op / ot boundary ~U*®
Quadrupole Lighthill Stress o Tij / 0xi0x; internal ~Ut

3.2 Aero Acoustic Analogies

The approach suggested by acoustic analogy is to consider equivalent classical
acoustic sources radiating as if the medium were unbounded and uniformly at rest.
The primary work of Ligthill, performed in the fifties to tackle the problem of jet
noise, is the starting point of the theories generally referred to for the investigation of
the aerodynamic noise. This work was next extended by FfowcsWilliams and

Hawkings at the end of sixties for application to rotating machines.

The real problem of the noise radiated by a rotor/and or a highly disturbed flow was
replaced by the problem of the classical acoustic radiation in a medium at rest with
equivalent acoustic sources. Therefore, the difficulty of deriving exact equations was
then avoided and replaced by the question of defining equivalent sources, which is a
task of aerodynamic nature [42, 43, 44]. The general outline of the acoustic analogy

in Ref. [45] is given in Figure 3.2.
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ACOUSTIC ANALOGIES

< N

UNBOUNDED FLOW BOUNDED FLOW
Lighthill — 1952 Ffowcs W. — Hawkings — 1969
Quadrupole Sources Reflection and diffraction Surface sources
Volume Distribution Passive boundary Active Boundary
Q4 (x,)

Thickness effect Loading noise

Displacement noise

!

Monopoles Dipoles
Surface distribution Surface dist.
Q1 (x,t) Q2 (x,)

Figure.3.2 - Aero-Acoustic Analogies

3.2.1 Lighthill’s Acoustic Analogy

Lighthill’s acoustic analogy was the first attempt to describe the radiation of the
sound generated by a turbulent flow. The analogy is based on the hypothesis that the
part of the flow field that is the source for acoustics is distinct, so that the acoustic
waves do not interfere with the flow. The governing equations for a compressible

fluid motion are the conservation laws of mass, momentum, and energy:

9p  Opu) _ (3.5)
ot OX;,
o(pu,) O(puu, o

(o) -2 (-ps,+o,) (3.6)

ot ﬁx. ]. 8x‘ ;
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ot Ox . ot 8xj Pr@xj

J

oph) , Ao _ap +i[ﬁﬂ} ()

where p, u;, p, h are the density, velocity, pressure, and the mixture enthalpy per unit
mass, respectively. o; is the Kronecker delta function, p represents the molecular

viscosity and Pr is Prandtl number. The viscous stress tensor (oj) is defined as:

ou. auj 2 6uk
O. = ! =+ _— 5 38
y /J|:8X axi 3[6){:1{} ljj| ( )

]

The equation of state:

p=pR,T (3.9

where Ry, is the gas constant and T represents the temperature.

The basic idea of Lighthill was to reformulate the general equations of gas dynamics,
in order to derive a wave equation for acoustic fluctuation with a source term on the
rigth-hand side. No special assumption was made nor linearization was introduced.
Then subtracting the space derivative of the momentum equation, Eqn. (3.6), from

the time derivative of the continuity equation, Eqn. (3.5), gives Eqn. (3.10).

o’p 0* 0*
ot>  ox.0x, ('Ouiuj)  Ox.0x

A [}

(pé‘ij _Gij) (3.10)

The equation (3.10) remains true if the same quantity is added on both sides. Add the
term - co0p / asz , ¢o being the characteristic speed of sound of the undisturbed gas
(precisely the speed of sound in the medium surrounding the flow region in the
applications; this is different from the local speed of sound ¢’ in the flow). Then,
forming a wave operator on the left-hand side and removing all other terms on the

right-hand side leads to:
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aZp aZp 62
P —c; FeCEe oo, [puiuj +(P—c,p)S,; —O'ij] (3.11)

This result is the well-known Lighthill’s equation. When applied to a true problem of
acoustics, it reduces to the homogeneous wave equation at large distances from the
flow, since all terms on the right-hand side vanish (according to the reasonable
assumptions related to the propagation of acoustic waves). Neglecting the
contribution of the viscouss stresses to the total acoustic source term and introducing
the decomposition of flow variables as given in Eqn. (3.12), Ligthill’s acoustic
analogy formulated in terms of acoustic density fluctuations can be obtained as in

Eqn. (3.13).

u; =uy +u; Pi =P +p; Pi = P +in (3.12)

' ' 2
’p L, 0p 0T

- = 3.13
ot’ “ Ox;0x;  Ox,0x; (3.13)

Equation (3.13) describes a distributed source of sound, where the acoustic source
term can be seen as negligible outside the flow where only generated sound waves
are present. The nonhomogeneity in Eqn. (3.13) is given by the “forcing term” (total
acoustic source term) on the right- hand side, which is responsible for the generation
of sound and is a second order spatial derivative (quadrupole) of the Lighthill stress

tensor (Tj):

T, = pu;u; +[(p_p0)_cé(p_p0)]5ij (3.14)
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Eqgn. (3.13) and (3.14) are valid for any flow field which has no external forces.
Beside the sound source, the propagation of sound waves with flow (puju;), the
propagation of sound waves with heat transfer (p-cozp) can be calculated with
Lighthill’s equation. Since the dominant term is the propagation with flow, Tj; = puju;
can be used for practical applications. This reduction includes the error in the order
of M? since (p =pco’=M?). Especially for the flow with low Mach number, Ligthill

stress tensor is in the order of square of mean velocity (Tij~u2).

3.2.2 The Formulation of FfowcsWilliams and Hawkings

In Lighthill’s equation the sound generated aecrodynamically was considered with no

solid bodies in the source region.

FfowcsWilliams and Hawkings extended the aero-acoustic analogy to bounded
flows. To represent the real medium with flow and obstacles in a convenient way,
FW- H defined an equivalent medium where the rigid bodies are replaced by

mathematical surfaces as in Figure 3.3.

dffdx body contour 8

co—ordinate system

Figure 3.3- Model for FfowcsWilliams and Hawkings Equation
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The inner volume of the surfaces is assumed to contain the ambient fluid at rest. In
order to preserve both the kinematics of the flow and the boundary condition of no-

cross flow on the surfaces, continuity must be imposed at the surface location.

Mass and momentum equations are written as:

DL () = pyus 5) L (3.15)
t xl X;

9 g _eye P, af

=)+, = 7+ L= ()L (3.16)

J

In this equations p, u; are respectively the density and total velocity components of
the flow, po is the mean density, ug; is the velocity field of a point on the surfaces, &
means the Dirac delta function, p;; = p’ 6;; —t;; 1s the viscous stress tensor ( p being
the static pressure and f(x,t) = 0 is an equation defining the kinematics of the

surface. If the normal unit vector on the surfaces is 7 the boundary condition of no

cross-flow is simply: u(X,?).n(x,t) =u (X,t)n(X,t) =u (X,t)=0.

A formal procedure can be used to derive an equation for the density fluctuation p =

p — po in the following way from Equation (3.15) and (3.16):

Op _.0p 0T, 0 o, 0 o
VT Saa oy PO (po S~ ] (3.17)

i J i

The statement of the Eqn. (3.17) follows:
- avolume distribution 82Tij / 0x;0x; 1in the outer region of the surfaces, due to

the flow. This term represents the quadrupole sources.
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- a surface distribution 0/ 0x; (p;j 0 (f) 0f / 0x; ) due to the interaction of the
flow with the moving bodies. This term is called as “loading noise” and it
represents the aerodynamic forces acting on the surface in the flow field.
Therefore, it is an acoustic dipole.

- asurface distribution 0/ ot (po vi 0 (f) 0f / 0xi ) due to the kinematics of the
bodies. It represents the acoustic contribution of the displacement of the fluid
due to acceleration of the surface. It is called as “thickness noise” and is a

monopole.

The Ligthill’s acoustic source term is zero inside the surface and exists just outside
of the moving surface. The Dirac delta function ensures the existence of the second

and third acoustic source terms only on the moving surface.

3.2.3 The Porous FfowcsWilliams and Hawkings Formulation

The contribution of the volume integrals in the orijinal FW-H Equation becomes
small when the flow is low subsonic and the source surface encloses the source

region. Therefore the acoustic field can be considered as:

p'(x.0) = pr(X,0)+ pL(X,1) (3.18)

The solution of FW-H with free-space Green function (8(g)/4mr) can be written for a

moving control surface as follows [63]:

2o

e po(Un"'Un) pOUn{er+C(Mr_M2)}
wico-[|af e (2= on
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1 L L-L,
4’ (¥,t)=— | | ————|dS + M S
P ch‘o|:r(l_Mr)2} f'[o{rz(l_Mr)z_

LM, +c(M, —M?)}]
0 r(l-M,)

1
+_
C /-

ds (3.20)

where the new variables Ui and Li are defined as [62] .

U =0, +2(u -v) (3.21)
Po
Li = I)ijﬁj +pui(un _Un) (322)

where subscript o implies ambient conditions, superscript ' implies disturbances (e.g.
p=p' + po), p is the density, u is the fluid velocity, v is the velocity of the control

surface, and Pi j is the compressive stress tensor with the constant p,d; j subtracted.

When the integration surface coincides with an impenetrable wall, the two pr(x,t)
and pL(x,t) , are often referred to as thickness and loading terms, respectively, in
light of their physical meanings. The square brackets in the Equations denote that the
kernels of the integrals are computed at the corresponding retarded times, 1, defined
as follows, given the observer time, t, and the distance to the observer, r,

=L, U, =Lii=Un, (3.23)

171

—-]>

T=t-£ Lr:I:.

where 7 and 7 denote the unit vectors in the radiation and wall-normal directions,

respectively.
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3.3. The Boundary Element Method

The Boundary Element Method (BEM) is a numerical analysis technique used to
obtain solutions to the partial differential equations of a variety of physical problems
with well-defined boundary conditions. The differential equation, which is defined
over the entire problem domain, is transformed into a surface integral equation over
the surfaces that enclosed entirely the problem domain. The surface integral equation
can then be solved by discretizing the surfaces into smaller regions (boundary

elements). Therefore, BEM is an integral equation technique.

The solution of the problem is found by superposing singular solutions distributed
over the entire boundary of the problem. The singular source located at one point of
the boundary exerts influence on each and every point on the boundary of the
problem. When this influence of a single source for a discritized boundary is
summed over all the boundary segments, it fills the entire row of the final algebraic

matrix equation [65,67,68].
3.3.1 Acoustic Boundary Integral Equation
For steady state, constant frequency motion, the acoustic wave equation reduces to

the Helmholtz equation where p is the acoustic pressure and k =A/c is the wave

number.

V2p+k*p = jpas,(r) (3.24)

3.3.1.1 Exterior Problems

In this class of problems, the problem domain V is the exterior region. V is

considered enclosed in between the surface S and an imaginary surface A that is at a
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sufficiently large distance from the acoustic sources and the surface S such that the

boundary condition on A satisfies Sommerfeld’s acoustic radiation condition. In

other words, the integral over 4 vanishes as the distance approaches infinity.

- e,
.- ~.

7 - Imaginary Boundaf}7 /~ag infinity
o where Sommerfeld cond. 18 satisfied
4 .
s’ \\
K _ ) “«
.+ Exterior Region "\
I.' (Vext) ‘\_
> \
! o1 n, !

I

Interior region
(Vint)

. L-"
~. .-
- - f—

Figure 3.4 Exterior Problem Domain

The integral equation for the total wave, i.e, scattered and incident waves

p(r) - pi(r) s re Vext

[ pty 250 _ )
P 5 on

S q q

G(rlr,) |dS = %p(r)—pi(r), reS

-pi (), re Vi,

where term on left-hand side are dipole and monopole source distributions,

respectively.
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3.3.1.2 Interior Problems

In an interior problem, the problem domain V is the region Vint inside the enclosing
surface S. Since it is a finite region, there is no need to construct the imaginary

surface A at infinity.

Figure 3.5 Interior Problem Domain

GO -p0),  reV,
oG
I| ptsy a(”‘rq)—ap U Gty |ds = =L pry-p,0),  1es (3.26)
S n, on, 2
pi(r)a I‘E\/ext

3.3.1.3 Numerical Solution

The solution is obtained by discretising the Helmholtz integral equation, using a
shape function [N] to interpolate the pressure and its derivative in each boundary

element:
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N . O0G N
£p)-pi0=2] %[N]dsz{p(rq, )j- 2 [, IN] ds{ agi )} (3.27)

i=1 S, q; i=1 i qi

For aero acoustic analogy (distributed dipoles boundary condition), the Eqn. (3.27)

reduces to,

¥, 3G,
ep(r)-pi<r)=2j%

i=l g, qi

[N]ds{per, )} (3.28)
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CHAPTER 4

NUMERICAL ANALYSIS

4.1 The Approach for the Numerical Analysis

The sound prediction approach is based on Aero-acoustic Analysis. FfowcsWilliams-

Hawkings equation (Equation 3.17) can be re-written as Equation 4.1.

2 i z 9T
{I I v }/'"— om U, O (4.1)

a; o dt  adx, Ox,0x,

There are three terms on the right hand side of the Equation 4.1. First term represents
the monopoles (thickness noise), which are due to the displacement of the fluid
particles. Second term stands for the dipoles (loading noise) that are resulted from
the unsteady pressure loading of the surfaces. Third term represents the quadrupoles
(jet noise) that are due to the time-dependent stresses including viscosity and

turbulence.

In this relation left hand side is obtained from the flow field solution. On the right
hand side monopoles and quadrupoles are neglected considering that the fan is
compact, fan speed is small and the dominant noise is dipoles for fans. Therefore,

Equation 4.1 is solved for the dipole sources only.

The dipoles obtained from Equation 4.1 are defined as discrete noise sources on the
nodes of acoustic mesh (boundary element mesh). Then Boundary Element Method
is utilized for the solution of inhomogeneous wave equations and calculation of

acoustic pressures at the receiver point.
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Unsteady IAero-Acoustic Acoustic Pressures
Pressure Analogy |:> BEM at Receiver Point |:>
A —— Distribution g

Figure 4.1 Steps of Sound Prediction Approach

Based on the approach given in Figure 4.1, first 3D model of the fan is prepared by
using [-DEAS Simulation Software. For the Aero-acoustic Analysis, this model is
transferred to Gambit where flow field is discretizied. Fluent is utilized for the
solution of flow field. Dipoles are calculated with the help of Aero-acoustic Analogy.
These dipoles are introduced as discrete noise sources on the nodes of the Boundary
Element Mesh that is prepared by using [-DEAS. D-BEM Interior and D-BEM
Exterior methods of LMS Sysnoise are used to solve the acoustic field and finally,

acoustic pressures at receiver points are predicted.

The cavity itself creates excitation modes and generates noise. This effect is
investigated with a numerical experiment by using a monopole noise source for the
excitation of resonance frequencies of the cavity. LMS Sysnoise is utilized for the

task.

Numerical solution steps are summarized in Figure 4.2.
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Numerical Solution Steps
Centrifugal Fan 3D Model

'

CFD Analysis [-DEAS

- [
E ()

= RS
| — Aero-Acoustic Analysis

Gambit, Fluent - o . -
[-DEAS

I-DEAS

Figure 4.2 Numerical Solution Steps followed for the noise prediction

4.1.1 The Analysis Cases

Five different fan configurations are used in this research study. These are :

Case A: The impeller with splitter (Figure 4.3), the volute with channel (Figure 4.5).
Case B: The impeller with splitter (Figure 4.3), the volute without channel (Figure
4.6).

Case C: The impeller without splitter (Figure 4.4), the volute with channel (Figure
4.5).

Case D: The impeller with splitter (Figure 4.3), the volute with channel but the ribs
on the volute inlet are eliminated (Figure 4.7).

Case E: The impeller with splitter (Figure 4.3), the volute with channel but the
volute is coated with bitumen (Figure 4.8).

Cases A, B and C are investigated theoretically and experimentally; Cases D and E
are investigated only experimentally. In this section, the numerical analysis
performed for Cases A, B and C are explained. Experimental studies are given in

Chapter 5.
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Figure 4.5 Volute with channel Figure 4.6 Volute without channel

Figure 4.7 Volute with inlet Figure 4.8 Volute coated with bitumen

modification
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4.1.2 The Turbulence Model

The sound generated from the fans has both tonal and broadband characteristics. The
tonal noise is the discrete contribution due to the interaction of the transient flow
with the blades. This noise happens at blade passing frequency (BPF) and this is,
from an acoustical point of view, the most annoying noise. The broadband
component arises from random fluctuations in pressure over a wide range of
frequencies, and is associated with turbulent flow in the inlet stream, in boundary

layer, and wake behind the blade.

The need for URANS, LES or DES kind of flow simulation approaches for the fan

noise depends on what really generates the noise.

URANS solution makes sense in providing adequate noise prediction for a
reasonable level of CPU and short times. This type of eddy viscosity model will
predict the broadband noise poorly but is able to resolve the dominant tonal

frequencies.

In order to capture the broadband noise in detail, a filtering turbulence model such as
LES or DES will be necessary, because they capture the fluctuations in a better way.
These models require a much finer mesh to allow the larger turbulent eddies being
resolved and only the small eddies to be filtered. Broadband noise contains only a
tiny fraction of energy of the primary flow, so the magnitude of acoustic pressure is
very small compared to the hydrodynamic pressure. Hence very small transient
variations need to be captured, and this requires adequate spatial and temporal
resolution. Consequently, to achieve an accurate simulation of the broadband noise
from the fan, a very fine mesh would be required with a high-end turbulence model.
This would take a substantial amount of time and computing power. For example,
considering 3 revolutions to achieve steady state, a further 1 revolution to obtain data
and estimating 15 seconds per time step, the fan model which is subject of this study
requires the following computer power and time in order to complete flow field

computations adequately.
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URANS:
4 million cells for mesh size
with 8 processors it takes 6 days per rotation

total elapsed time for CPU runs needs approximately 1 month

LES or DES:
40 million cells for mesh size for suitable accuracy in noise prediction

with 8 processors it needs /0 months for the solution

The fan has 24 blades and 16 splitters. The splitters are unevenly distributed so that
the BPF cannot be computed exactly. Assuming only 24 blades and then considering
40 evenly distributed blades, two values for the BPF can be computed. It can be
predicted that the exact value will be between these two levels.

Blade Passing Frequency 1 = 24*1925 rpm/ 60s=770 Hz

Blade Passing Frequency2 = 40%1925 rpm / 60s=1283 Hz

The fan to be analyzed in this study has 1925 rpm revolution speed. At this high
speed, the tonal noise is expected to dominate. The Sound Pressure Spectrum of the
fan that is given in Figure 4.1 supports this information. The peak pressure value in
Figure 4.9 is near 1000 Hz that may correspond to the tonal noise of the fan. The
pressure levels are lower at the broadband. The signature of the spectrum implies that
the tonal noise is dominant. Therefore URANS analysis is decided to be suitable for

this system.
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Spectrum of the Fan Sound Pressure (measured at inlet)
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Figure 4.9 Spectrum of the fan noise for the original design (measured at 0.5 m away

from the fan exit)

4.2 Numerical Analysis

Numerical analysis study starts with the discretization of flow field into small control
volumes. Then flow field is solved with a finite volume method by means of a flow
solver. The flow is taken as 3D and unsteady. Incompressible flow assumption is

made since the fan rotates at 1925 rpm and, tip Mach number < 0.15.

4.2.1 Discretization of the Flow Field

GAMBIT is used for developing the unstructured mesh for the fans. The Case-A
(original design) and Case-B are meshed with very fine elements. Prismatic elements
(hex type) are used as much as possible. However the fan without splitters (Case-C)
is meshed with respectively coarser and tetrahedral elements. The reason for this
difference is the computational power and time requirement increase with the

increase in number of grids.
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4.2.1.1 Case-A and Case-B

The grid of these simulations consists of 3.1 million cell volumes. The blades,
splitters and the rotating region are prepared with hex mesh to increase the accuracy.
The remaining volumes are filled with tetra meshes. Boundary layer meshes are

applied near walls.

Figure 4.10 - Figure 4.15 shows the computational domain for the simulation.

Figure 4.10 Hex mesh of a blade
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Figure 4.11 Hex mesh of a splitter

Figure 4.12 The mesh of Blade Spacings
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Figure 4.13 The mesh at the blade tips
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Figure 4.14 The Mesh of the Rotating Region (without top part and blades)
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Figure 4.16 Blade Mesh for Case-C

4.2.2 Transient Flow Solution Procedure

Flow field is solved in FLUENT that uses finite volume method. Flow is taken as
3D, viscous and incompressible. There are three alternative solvers in FLUENT.
Segregated-Implicit, Coupled- Implicit and Coupled-Explicit. In this study, the
solver is selected as segregated — implicit which solves the conservation equations in
sequence and needs less memory source. Time dependent terms are second order
implicit. Second order upwind discretization is used for convective terms. FLUENT
uses pressure velocity coupling in order to be sure that the computed pressure field
satisfies the solution. SIMPLE, SIMPLEC and PISO are the available schemes for
this coupling [64]. Among them PISO algorithm is preferred since it is the

recommended scheme for the time dependent analysis.
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Spalart Allmaras and URANS are preferred for the turbulence modeling. To simulate
the relative motion of rotating impeller and stationary casing the sliding mesh
approach is used. The result of a steady Multiple Rotating Frames of reference
(MRF) simulation is employed as an initial guess for sliding mesh simulation to

reduce the convergence time.

The boundary conditions are defined as total pressure at the inlet and static pressure
at the outlet, which are equal to 101325 Pa. The volume immediately adjacent to the
blades are defined as rotating with them at 1925 rpm, and the rest of the flow region
is taken as static. Wall boundary condition is defined for the casing wall. No-slip

conditions are imposed on all static and rotating surfaces.

The CFD simulation is carried out in two parts. First, a steady-state RANS
calculation is performed, This is then used as an initial guess for the unsteady RANS
and DES solutions. By providing a representative initial field, the computation time
to reach a statistically stationary flow field solution is reduced. The time step is taken

as 8.3e-05 s that corresponds approximately to a rotation of 1 degree.

A complete revolution of fan is performed at 72 hours of CPU time with 8 processors
for the Case-A and Case-B. As for the Case-C, it is 20 hours. After 4 complete
revolutions, the statistically steady-state condition is reached and then further 1
revolution is made for data sampling. The time varying forces on a single blade in
the CFD model over this last rotation of the fan are used to construct the fan sources

for the acoustical analysis.
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4.3 Aero Acoustic Analysis

The time varying force on the fluid boundary generates dipole like sound. In
particular, the tonal free-field sound radiation can be derived analytically from the
force harmonics. Time-dependent pressure and velocity data, which is obtained from

CFD solution, are used to calculate the acoustic source terms of Eqn. (3.11).

The vibroacoustic solver LMS Sysnoise is employed for the aero acoustic analysis.
LMS Sysnoise is capable of solving wave equation in interior and exterior domains

with Boundary Element Method (BEM) and Finite Element Method [65].

Figure 4.17 shows the aero acoustic grid on which the wave equation is discretized.
Boundary Element meshes used in the aero acoustic analysis are generated in IDEAS

Simulation Software. This surface grid is coarser than the CFD grid.

The limit in deciding the acoustic mesh spacing is the acoustic wavelength at the
highest frequency of interest. The rule of thumb is that for linear boundary elements,
the largest element length may be equal to one-sixth of the wavelength to capture the
geometry influence. For second order elements, one-third of a wavelength may be

used as the criterion [64]. In the analysis six elements per wavelength is used.

Since the flow is subsonic, and blade thickness and lengths are very small, only
dipole sources are significant. Monopole and quadrupole sources are neglected. Only
dipole sources are computed with LMS Sysnoise aero acoustic module. The pure
transient flow data (local surface pressure vs. time) is transformed into the frequency
domain by FFT (Fast Fourier Transform) algorithm and the corresponding dipole

source strengths are calculated.
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Figure 4.17 — Boundary Element grids prepared with IDEAS Simulation Software

4.3.1 Acoustical Modal Analysis

An acoustical modal analysis is performed in order to investigate the cavity acoustic
resonance frequency of the fan casing. For this study, a multi domain BEM model is
set-up and the natural frequencies of the duct cavity are excited by a discrete
monopole source. The strength of the source specified arbitrarily. In this numerical
experiment, the measurement sphere is selected in accordance with ISO 3744-1996

[69].

Figure 4.18 shows the fan-enclosing sphere used to obtain cavity excitation modes.
In this numerical experiment, the grids on the sphere represents the sound pressure
measurement points. As a sound generator, monopole sound source is placed inside

the fan. This configuration is shown in Figure 4.19.

54



Figure 4.18 Numerical model used to obtain cavity excitation modes (ISO 3744 -

1996)

Monopole
source

Figure 4.19 Numerical experiment set-up for cavity excitation modes investigation
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4.3.2 Multi-Domain Boundary Element Method (MDBEM)

The Multi-Domain BEM consists of Direct BEM interior and Direct BEM exterior
methods. This analysis is performed to model the interior and exterior domains
simultaneously. The interior and exterior models are coupled at the inlet and exit of

the fan casing through the fluid — fluid coupling.

The inlet and exit are defined taken as ambient pressure boundary conditions. The
scroll surface is given as wall boundary condition. The stationary dipole sources on
the scroll surface are defined as discrete sound sources on the nodes of the acoustic

grid as it is shown in Figure 4.20.

Figure 4.20 Dipole sound sources on the surfaces of the fan casing
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The sound pressures at receiver locations are evaluated on the surfaces of a prism.
The numerical set-up is established in accordance with the laboratory experiment set-
up. The fan is located 0.8 m above from the reflected surface. The measurement
walls are 0.5 m away from the fan surfaces. Each edge is divided to 10 grids for the
sound pressure calculations. Figure 4.21 depicts the numerical simulation set-up

used for the multi domain BEM analysis.

Simulation

< prism

Fan
4

Reflected
surface

Figure 4.21 Multi Domain BEM analysis set-up
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CHAPTER 5

EXPERIMENTAL METHODOLOGY

5.1 Introduction

The experimental studies are performed in two groups. The first group of
experiments is carried out for validation purposes. The numerical results are
controlled with the experiments. For this purpose sound pressure and intensity

measurements are performed. Cases A, B and C are analyzed.

The second group of experiments is carried out to investigate the effect of
geometrical modifications on the fan noise characteristics. The possible ways of
noise reduction alternatives are searched for the designed fan. A-weighted sound
pressure level spectrum and sound intensity measurements are performed. Cases A,

B, C, D and E are analyzed.

5.2 Test Facilities

The acoustic measurements are performed in the Anechoic Room of Argelik A.S.
Research and Development Center and Semi-anechoic room of Argelik A.S.

Dishwasher Plant.

Anechoic Room of RD Center:
8.6x8.6x9.0m
63 Hz Cut-off Frequency
Established according to ISO 3745 [69]
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Dishwasher Plant Semi-Anechoic Room with reflected bottom and back wall:
35x35x3.0m
125 Hz Cut-off Frequency
Established according to ISO 3745 [69]

5.3 Sound Pressure Level Measurements

The sound pressure levels at different microphone positions in the acoustic far field
around the fan are measured in narrow band spectrum. Figure 5.1 shows the

measurement set-up.

Figure 5.1 The sound pressure measurement set-up in Anechoic Room of

Argelik A.S.
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The motor is placed in a box. The inside of the box is covered with rubber cushion
for suppressing the noise coming from the motor. The box is also designed to check
the fan orientation before the experiment. The fan is always adjusted to horizontal
position with respect to the ground so that the experimental errors due to the fan
orientations are eliminated. There are three hinges around the box. These hinges are
used to hang the fan so that any contacts with the hard surfaces are eliminated and
the fan becomes free from the vibrations due to the motor. Figure 5.2 shows the fan

with the motor box.

Figure 5.2 Fan motor noise suppressing box

Five microphones are placed around the fan surfaces for sound pressure
measurements. The center of the small circular opening at the fan inlet is accepted as
the reference point. Microphone 1, 2 and 3 are used to collect the sound pressure data
around the volute. These microphones are placed 0.5 m away from the reference
point. Microphone 4 is placed 0.5 m away from the center of the fan outlet.
Microphone 5 is put 0.5 m away from the reference point at inlet side. The fan is
hanged such that the reference point is 0.8 m above the reflective ground. Figure 5.3

and Figure 5.4 show the measurement surfaces and microphone positions.
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Figure 5.3 Sketch for the microphone positions — Top View
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Figure 5.4 Sketch for the microphone positions — Front View
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5.3.1 Measurement Instruments

Measurements are performed with B&K PULSE multi-channel data acquisition
system. The microphone is B&K type 4188 with diameter 1/2 inch. Data are
collected in the frequency range of 100 — 5000 Hz.

5.3.2 Analyzer Settings

The analyzer is prepared for the measurement as following the below steps
1. Select 1/3 octave band

Define the data acquisition channels

Set A-weighted filter

Adjust the average measurement duration

Select linear averaging. Use 16 records for spectral averaging.

Input reference sound pressure (20 pPa).

Select the frequency range of interest as 0 — 2500 Hz.

Select dynamic measurement range (Auto range)

I - R P

Select sampling frequency as 1 Hz.
10. Select window type as hanning window.

11. Press Start button

5.3.3 Measurement Methodology

Before starting the measurement set-up is prepared as follows:

1) Place the platform with motor carrying box in acoustic room
2) Check for the position and the balance

3) Place the fan on the platform

4) Check for the position and balance

5) Place the microphones according to the specified coordinates
6) Plug in the microphones to PULSE Analyzer

7) Plug in the current sensor to PULSE Analyzer

8) Make an acoustical calibration
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9) Run the fan for 20 min to eliminate the heating effects (to reach steady state
conditions)

10) Shut down the doors of the room

11) Start measurements

12) Plot

e Sound Power Level Spectrum at 1/3 Octave frequency (dIBA-Hz)

e Total Sound Pressure Level (dBA)

5.4 Sound Intensity Measurements

The sound intensity is mainly used for location and rating of noise sources. The
sound intensity vector describes the amount and direction of flow of acoustic energy

at a given point [66].

5.4.1 Instruments

Measurements are performed in the anechoic room of Argelik RD Center. The

following set of equipment are utilized for the measurements:

Analyzer : B&K 2144
Program : B&K NSL
Microphone : B&K 4181
Calibrator : B&K 4228
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Figure 5.5 shows the set-up and measurement platform. The single microphone is
moved around the fan. The microphone positions are adjusted with the five-axis

robot arm.

Figure 5.5 Sound Intensity Measurement Platform
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5.4.2 Measurement Grid and Alternative Fans

Sound reduction alternatives are searched with the intensity measurements. The
measurement prism having 700 mm x 700 mm x 700 mm dimensions is used for the
intensity maps. There is 70 mm spacing between each data point. 5 surfaces, except
the bottom surface, are scanned with the intensity probe. Totally 500 data records are

taken for an intensity map of each cases.

Five different cases are examined by mapping:

Original design (Case A): The original fan modal is examined for the verification of
the numerical analysis results. Case A is the fan configuration where the impeller has

splitters and the volute has channel.

Channel eliminated (Case B): The impeller has splitters but the semi —cylindrical
channel on the fan casing is removed. The effect of this channel on the fan noise is

investigated and the results are compared with the original design.

Splitters eliminated (Case C): The short blades are removed from the impeller but
the channel on the volute exists. The contribution of unevenly distributed splitters to

the BPF and its harmonics are investigated.

Inlet modified (Case D): The ribs at the inlet are cut. The effect of the inlet design

on the fan noise is investigated. Splitters are not removed.

Bitumen coated (Case E): The fan volute is coated with the viscoelastic material.
The effect of this isolation on the fan noise level is searched. Splitters are not

removed.

Figure 5.6 —5.11 show these alternatives.
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Figure 5.8 Volute with channel Figure 5.9 Channel Eliminated

Figure 5.10 Inlet Modified Figure 5.11 Bitumen Coated
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The fan operating point for each case is checked before the sound intensity
measurements. Measurement is performed with DANTEC Hotwire anemometer
(type 54N60). Figure 5.12 shows the location of data points that are adjusted as 8

mm apart from each other.

8; 8 ;8 ;8 ;/ 8; .

3 4 5

v

< >

48 mm

Figure 5.12 Velocity measurement points at fan exit

Figure 5.13 shows the velocity distribution at the exit of the fans. As it can be seen
from Figure 5.13, all alternatives are run nearly at the same operating point. Only the

splitters eliminated case has slightly higher velocity in all measurement points.
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Velocity Distributions Along the Fan Exit
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Figure 5.13 Velocity Distributions along the fan exit in Cases A, B, C, D, E
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CHAPTER 6

RESULTS OF THEORETICAL AND EXPERIMENTAL STUDIES

6.1 The Results of Flow Field Solution

The numerical simulation is carried out until a statistically steady condition is
reached. This is controlled by the differences between the values of successive
computations of x, y, z velocities, continuity equation, mass flow rate at the fan exit

and the lift force acting on a blade.

In the first phase, the effect of volute channel on the flow field is investigated. For
this reason, the design alternatives Case-A and Case-B (as mentioned in Chapter 4,
page 41) are compared. Case-A is the fan having splitters on the impeller and
channel on the volute. The volute of Case-B has no channel. The pressure and
velocity contours are shown at the mid-height of the blades, which corresponds to

30% of the total height as it is shown in Figure 6.1.

100%

30%

Figure 6.1 The section of the fan for which the pressure and velocity contours are

presented
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6.1.1 Velocity Contours of Case-A and Case-B

Figure 6.2 (a) and (b) give comparison of the velocity contours of the fan with
channel (Case-A) and without channel (Case-B) on the volute respectively. In the
first case the flow pattern is not smooth and the velocities are lower in the channel

section. However, the velocity contours at the fan exit section are similar.

Velocity Magnitude — m/s
16

14,4

12,8

(2)

Velocity Magnitude — m/s

16

14,4
12,8

11,2

(b)

Figure 6.2 Velocity contours of the fan (a) with channel, (b) without

channel (section corresponds to %30 of the height)
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The effect of the channel is more clear at the surface of the casing. Figure 6.3 (a) and
(b) present the velocity contours at the surface. Figure 6.4 gives the graphical
representation of the velocity magnitudes along (0-X) section for both cases. It is
obvious that the channel disturbs the flow. It causes higher velocities between the
channel and the impeller since the flow region becomes narrower. In addition, it
creates some dead regions between channel and casing wall, and just after the
channel. The mass flow rate of the casing with channel and without channel are 5,34

1/s and 5,39 I/s respectively. That means channel decreases the flowrate by 1%.

Velocity Magnitude — m/s

16
14,4
12,8

11,2

Figure 6.3 (a) Velocity contours of the fan with channel (at the casing surface)
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Figure 6.3 (b) Velocity contours of the fan without channel (at the casing surface)
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Figure 6.4 Velocity distributions along (0-X) section after the spiral
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Figure 6.5 Velocity distributions at the fan exit (a) with channel, (b) without channel
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Figure 6.6 Velocity distributions at the fan exit
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Figure 6.5 and Figure 6.6 show the velocity distribution from bottom to the top of the
exit section. The local velocity magnitudes are higher with the existence of the
channel. This may be resulted from relatively narrow cross section due to the

channel.

6.1.2 Pressure Contours of Case-A and Case-B

The pressure contours at the mid section of the fan for these with and without
channel conditions are given in Figure 6.7 (a) and (b) respectively. There is a low-

pressure region in the first case due the effect of the channel.

The comparison of the pressure distributions on the section connecting tongue to the
end of the channel is given in Figure 6.8, which presents that the channel has no

effect on the pressure from this section onwards.

There is a sudden change in pressure at the tongue region, which is represented in
Figure 6.9. Because of tongue blockage, some of the fluid is recirculated in the
volute through the inlet of the fan. The velocity vectors explaining this condition

shown in Figure 6.10.
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Figure 6.7 The pressure contours of (a) casing with channel, (b) casing without

channel (at the mid height of the fan)
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Figure 6.8 Pressure distributions along (0-X) section (between tongue and the end

point of channel)
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Figure 6.9 Pressure change at the tongue region

Figure 6.10 Velocity vectors showing the recirculation zone
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6.1.3 Velocity and Pressure Contours for Case-C

The Case-C has an impeller without a splitter and the casing with a channel. This
alternative is analyzed to investigate the effects of splitters on sound pressure level of
the fan. Figure 6.11 and 6.12 depict the velocity and vorticity contours, respectively.

Figure 6.13 shows the pressure contour of this case.

The velocity contours, Figure 6.11, shows that the velocities are decreasing towards
the outlet and the pressure is increasing. There are vortices near the blades at the
rotational region. These vortices can be better observed in Figure 6.12. There are
separated vortices at the blade tips. The vorticity level is almost zero near the outlet
region of the spiral, as it is seen from Figure 6.12, since the rotational effects are

diminished.
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Figure 6.11 Velocity contours of the Case-C (at mid-height of the blades)
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Figure 6.12 Vorticity levels of the flow region for the Case-C

Figure 6.13 demonstrates the pressure contours. Since the contours are disturbed
little on the channel section of the volute, it is concluded that the channel has not

significant effect on the flow.
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Figure 6.13 Pressure Contours for the Case-C
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6.2 The Results of Acoustical Analysis

It is desired to investigate whether the coupling of flow solver and vibroacoustic
solver could provide a useful technique so that the sound performance requirements
of a fan can be included in the theoretical design stage at the beginning. For this
purpose, Case-A and Case-C are selected as the example cases. The blades are

unevenly distributed in the former, and evenly distributed in the latter.

The vibroacoustic solver has limitations about its memory size. The architecture of
the software is suitable for making analysis with evenly distributed blade structures.
Since in this case, only a single blade is introduced as a noise source and calculation
matrices become smaller. The symmetrical geometry need of the solver creates
problems during the acoustic modeling of the original fan design (Case-A) due to its
uneven blade distribution. Making analysis with the quarter of the impeller may be
an alternative solution because there is a 90° period that the blade distribution repeats
itself as it is shown in Figure 6.14. But in this case, the total number of blades to be
input is 4 and that causes incorrect calculation of BPF and its harmonics. However,
this approach can give an idea about the location of highest sound pressures on the
fan surface. This information is still valuable since the geometry can be improved to
decrease sound pressures at these locations in design stage before making prototypes

and tests. Therefore Case-A is used in the acoustic analysis to get this information.

Case-C is suitable for searching the capabilities of the vibroacoustic solver due to its
symmetrical blade distribution. The cavity excitation modes and tonal noise
characteristics are investigated. Sound pressure distribution is examined over the

stationary surfaces where the dipoles are defined as acoustic sources.
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Figure 6.14 The blade distributions of Case-A

6.2.1 Cavity Excitation Modes

The cavity of the fan casing generates noise at some frequency values. These
resonance frequencies of the cavity are called as excitation modes of the cavity. In
order to determine the natural frequencies of the casing, a multi domain BEM model
is set-up in the numerical model as described in Chapter 4. The strength of the
monopole source is specified arbitrarily since the aim is to capture the excitation

modes.

The sound pressures on the surfaces of the sphere, defined in numerical model, at
885 Hz, 900 Hz, 910 Hz and 915 Hz are shown in Figure 6.15, 6.16, 6.17 and 6.18
respectively. The level of sound pressures are increasing from 885 Hz to 910 Hz and
then decreasing from 910 Hz to 915 Hz. That means there is a turning point between
these frequencies, which represents the cavity mode of the structure. When this result
is compared with the noise spectrum of the fan, it is seen that there is a peak pressure
level at 912 Hz, which is shown in Figure 6.19. It is concluded that this peak comes
from the cavity natural frequency of the casing. This result shows that there is a good

agreement between the experimental data and numerical simulation. Also, the
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numerical simulation gives evidence about the reasons of the peaks on the fan

spectrum.
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Figure 6.15 Sound Pressures at 885 Hz when the casing cavity is excited with

monopole source
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Figure 6.16 Sound Pressures at 900 Hz when the casing cavity 1s excited with

monopole source
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Figure 6.17 Sound Pressures at 910 Hz when the casing cavity is excited with

monopole source
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Figure 6.18 Sound Pressures at 915 Hz when the casing cavity is excited with

monopole source
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Spectrum of the Fan Sound Pressure (measured at inlet)
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Figure 6.19 Spectrum of the fan sound pressures for Case-A (measured at fan inlet)

6.2.2 The Source Strength Distributions of Case-A

The numerical color maps of the sound pressure level distributions are presented in

Figures 6.20 and 6.21. These figures designate the directivity of the sound.

Figure 6.20 denotes the sound pressure levels on the casing. Due to the uneven blade
distributions, BPF of the model Case-A is not calculated correctly for the first
harmonic. The periodic part of the impeller includes 6 long blades, 4 splitters and 1
space. That group is introduced as the noise source and since there are 4 of these, the
number of blades is given as 4 in the vibroacoustic solver. As it is mentioned in
Chapter 4 (page 43), the BPF of the Case-A is expected to be between 770 Hz and
1283 Hz. The frequency value in this range that can be simulated by the
vibroacoustic solver is 1073 Hz. Therefore; the surface sound pressures are examined

at this frequency level for the Case-A.
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Figure 6.20 Case-A: The pressure distributions of sound at 1073 Hz

Figure 6.21 presents the sound pressures 0.5 m away from the surfaces. (The
numerical set-up is described in Figure 4.16). The fan is in the center of the prism
both horizontally and vertically. The orientation of the fan is such that the top surface
of the prism represents the sound propagated from the fan inlet. The intersection of

the right and left sides of the prism corresponds to the mid line of the fan exit.

Figure 6.21 imply that both the fan inlet and the fan exit have equal importance about
the propagation of the sound. The radiated sound has nearly the same levels at the
microphone positions of these two surfaces. This result is supported by the
experimental measurements. As it is shown in Figure 6.22, the fan inlet and the exit
have similar sound pressure contours. Both numerical and experimental results are
agreed that the propagated sound decreases through the right side. However, the
levels of numerical and experimental results are not the same. The regular blade
distribution requirement of the vibro-acoustic solver is the reason of this difference.
Since the periodic part of the blades are introduced as consolidated blade for this

case, BPF and its harmonics cannot be calculated correctly.
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Figure 6.21 Numerical sound directivity map for Case-A at 1073 Hz
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Figure 6.22 Experimental sound intensity levels (dB) at the surfaces 0.5m away from

the fan surfaces.




6.2.3 The Source Strength Distributions of Case-C

The natural frequency investigation of the casing has shown that the frequency of
912 Hz is the cavity excitation mode of the fan casing. When the sound directivity
map is examined at this frequency for the Case-C, it is observed that the sound is
propagating through the inlet of the fan. That is, the inlet dominates the sound
propagation and the noise level of the fan. The corresponding illustration is given in

Figure 6.23. Other surfaces have lower levels and similar sound radiation

characteristics.
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Figure 6.23 Sound directivity map at 912 Hz for the Case-C

The numerical results given in Figure 6.23 are supported by the experimental results.
It is obvious from Figure 6.24 that the fan inlet is the dominant surface for sound
propagation and other surfaces have lower levels and similar sound radiation

characteristics.
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Figure 6.24 Experimental sound intensity levels (dB) of Case C at the surfaces 0.5m

away from the fan surfaces.

Again in this case study, the numerical and experimental results are schematically
similar but their levels are not the same. These results may become closer if the e
turbulence model is changed, i.e., if a high level of turbulence model and fine mesh

are used, numerical results can be improved.

Although the numerical and experimental acoustic pressure levels are not exactly the
same, Figure 6.23 is still very important from the designer’s point of view. With this
information, the fan design can be changed before making a prototype and testing in
the laboratory since the numerical sound pressure map explains the sound radiation

characteristics of each surface good enough.

87



The BPF of the Case-C is 770 Hz. Since it is focused on the tonal noise of the fan in

this study, the sound pressure levels at 770 Hz are examined for the Case-C.

Figure 6.25 presents the sound pressure level of the tonal noise at the BPF. In this
figure, the highest level of the sound pressure is illustrated as 40 dB for the fan inlet,
outlet and side surfaces. The corresponding experimental data are 49 dB for the inlet
and 41 dB for the outlet and side surfaces. Discrepancies between the numerical and
experimental results can be attributed to the low resolution of the turbulent structures
in the flow field. Since URANS models all the turbulence, the accuracy decreases.

In addition, numerical model does not perfectly represent the experimental set-up.

The related graphical representations of the experimental data are given in Figure
6.26 for the inlet, Figure 6.27 for the outlet, Figure 6.28 and Figure 6.29 for the side

surfaces.
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Figure 6.25 Sound directivity map at 770 Hz - 1* harmonic of BPF
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Sound Pressure vs Frequency for Case-C (measured at 0.5 m away from the inlet)

50 - <4— 770 Hz. 49dB

20uPa

40 1

30 -

20 -

10 {

Sound Pressure Level [dB] ref

0 200 400 600 800 1000 1200 1400 1600 1800 2000 2200 2400
Frequency [Hz]

Figure 6.26 Experimental Sound Pressure Spectrum at 0.5 m away from the inlet

Sound Pressure vs Frequency for Case-C (measured at 0.5 m away from the outlet)
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Figure 6.27 Experimental Sound Pressure Spectrum at 0.5 m away from the outlet
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Sound Pressure vs Frequency for Case-C (0.5 m away from the channel side)
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Figure 6.28 Experimental Sound Pressure Spectrum at 0.5 m away from the left side

Sound Pressure vs Frequency for Case-C (measured at 0.5 m away from the right side)
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Figure 6.29 Experimental Sound Pressure Spectrum at 0.5 m away from the right

side
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To check how the numerical solution approaches the experimental results about
sound intensities, the inlet surface intensity maps are compared. The reason for

selecting the inlet surface is its dominant effect on the sound propagation.

Figure 6.29 (a) shows the numerical sound intensity simulation, and Figure 6.29 (b)
gives the experimental results in 1/3 octave band. In both figures, intensity levels are
decreasing while moving away from the center. The highest level is 46 dB for the
numerical simulation and 50 dB for the experimental result. Considering the orders
of the levels, results are close. Having this information at the theoretical design stage

is very valuable for the designer.
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Figure 6.30 (a) Sound intensity maps for the inlet surface — Numerical Result
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Figure 6.30 (b) Sound intensity maps for the inlet surface — Experimental Results
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6.3 Experimental Investigations for Noise Reduction

The effect of geometrical differences on the fan noise level is investigated

experimentally.

In this study, five different models are used as described in Chapter 5 in detail. The
sound pressure levels are measured using an intensity microphone. Then A-weighted
sound pressure level spectrum and sound intensities are plotted in 1/3 octave band for
the cases given in Table 6.1. The orientation of the fan during intensity

measurements is shown in Figure 6.31.

Table 6.1 The fan models used for the experimental study

Design Alternatives Number of blades  |Channel on the volute
Original design (Case-A) 40 +
Channel eliminated (Case-B) 40 -
Splitters eliminated (Case-C) 24 +
Inlet modified (Case-D) 40 +
Bitumen coated (Case-E) 40 +
Back

Right

Front

Figure 6.31 The orientation of the measurement surfaces for intensity mapping
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Figure 6.32 a — e show the A-weighted sound pressure spectrum in 1/3 octave band
for the Case A, B, C, D, E respectively. The details of these cases are listed in Table

6.1. The comments about the situations are given below.

If the Case-A (original design) and the Case-B (channel eliminated) are compared, it
can be seen that the channel on the fan casing has almost no effect on the A-weighted
1/3 octave band sound pressure spectrum. There are little changes between Figure
6.32-a and 6.32-b. This result shows that the casing is big enough to compensate the

flow area reduction due to channel.

Comparing the Figure 6.32-a and 6.32-c, it can be inferred that the splitters decrease
the tonal noise and shift the peak level to the high frequency values where the sound
isolation can be achieved better. When the splitters are eliminated, sound pressure

level increases almost 6 dBA.

After changing the inlet design as in the Case-D, Figure 6.32-d, the peak pressure
level is moved down to 630 Hz. Total pressure level is slightly decreased. However,
this modification has a disadvantage about the noise isolation studies. As this
modification is applied, the peak level approaches to the low frequency levels where

the noise isolation becomes difficult and inefficient.

Figure 6.32-e indicates that there is no change on the sound pressure levels as
compared to the Case-A after coating the casing with bitumen. There may be two
reasons for this result. First, the inlet and the outlet openings of the fan dominate the
sound propagated. Therefore, coating may have no influence on the resulting levels.
Second, the bitumen is used as a vibration control material for the dishwasher tub but
its effect is observed well as the temperature increases. That means it has good
isolation performance at high temperatures. Since the sound pressure measurements
are carried out in laboratory conditions, there is no improvement obtained due to the

bitumen coating.
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Figure 6.32 A-weighted Sound Pressure Spectrum measured at the center of top
surface for (a) original design, (b) channel eliminated, (c) splitters eliminated, (d)

inlet modified
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Figure 6.32 — cont. — A-weighted Sound Pressure Spectrum measured at the center of

top surface for (e) bitumen-coated designs

Table 6.2 summarizes the frequency of highest sound pressure level and their
corresponding levels. According to the table original design, channel eliminated case
and bitumen coated alternatives have the highest level at 1000 Hz. Modifying the

inlet and eliminating the splitters had move the highest level to lower frequencies.

Table 6.2 Peak Levels of the alternative cases

Frequency Value where the Peak Sound
ALTERNATIVES peak sound pressure Pressure Level
obtained (Hz) (dBA)
Original design 1000 46,8
Inlet modified 630 45,8
Channel eliminated 1000 46,4
Bitumen coated 1000 47,0
Splitters eliminated 800 54,3
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The effect of the design changes can be summarized with the Figure 6.33 that
demonstrates the highest-pressure levels obtained from the microphones placed each
sides of the fan alternatives. The splitters eliminated case has the highest sound

pressure levels at all sides as previously mentioned.

A-Weighted Sound Pressure Levels for Freq: 100- 5000 Hz

55,0

50,0

@ Original design

45,0 @ Inlet modified

O Channel eliminated

Sound Pressure Level (dBA)

40,0 - .
O Bitumen coated
Splitters eliminated
35,0 - mSp
30,0 -
25,0 -

TOP FRONT LEFT RIGHT BACK TOTAL

Figure 6.33 A-weighted Sound Pressure Levels in 1/3 Octave Band for the

alternative cases (in the range of 100 — 5000 Hz)

Figures 6.34 — 6.38 give the comparison of sound intensity contours of each

alternative for the frequency range of 100 — 5000 Hz.

The effect of inlet modification is better observed by comparing original design and
inlet modified cases from Figure 6.35. The sound intensity levels are lower in the

second case.
The effect of channel is very significant on the back surface as it can be seen from

Figure 6.38. The sound propagated from the back surface increases considerably

when the channel does not exist.
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Coating the casing with bitumen increases the radiated sound compared to the
original design unexpectedly. This result can be observed by comparing the original
design with bitumen coated one through Figures 6.34 to 6.38. Bitumen is hard when
it is cold. In this application since the air temperature is 22°C, it may lead to have

more rigid surfaces so that the propagated sound is increased.

Experimental results proved that the splitters help to decrease to noise level of the
fan. When the sound contours of original design is compared with the splitters-
eliminated case from Figures 6.34 to 6.38, it can be seen that the latter case has
higher levels in all sides. When splitters are removed, their flow blockage effect is
eliminated. The flow area becomes wider. That increases the airflow in the fan but

also increases secondary flows and recirculation.

Figures 6.39 — 6.43 give the comparison of sound intensity contours of each

alternative at their peak pressure levels.

In all cases, it is obvious that the fan inlet, fan exit and the left surface (near tongue

region) are dominant on the radiated sound.

The inlet modified and splitters eliminated cases are producing lower noise levels.
When inlet ribs are removed, the disturbances of the airflow at the fan inlet
improved. Inlet turbulences are decreased. This also decreases the turbulence level at

the exit. Therefore radiated sound becomes lower at the fan inlet and the fan exit.

When the splitters are removed, the speed of the flow inside fan increases. At the
same time flow area becomes wider, secondary flows increases. Therefore, the sound
generation from the tongue region is decreased. That improves the sound radiated

through the fan inlet and the fan exit.
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CHAPTER 7

DISCUSSION, CONCLUSIONS AND RECOMMENDATIONS FOR
FUTURE WORK

7.1 Summary

In this research study, flow-induced noise by a centrifugal fan has been investigated

numerically and experimentally.

In the numerical analysis, a flow solver and a vibroacoustic solver are coupled. This
approach consists of two main parts: a transient calculation of the flow field for the
determination of sound sources, and the calculation of the sound propagation to
obtain the resulting sound field. The time dependent turbulent flow is simulated with
FLUENT and the aero acoustic field is computed with the LMS SYSNOISE. The
viscous, incompressible, transient flow field solution is obtained by using URANS
Spalart-Allmaras turbulence model. The time dependent flow data are fed into the
aero acoustic module where the propagated noise is computed by solving the
inhomogeneous wave equations with Boundary Element Method. The tonal noise
radiation representing Blade Passing Frequency and the excitation at the cavity
resonance frequencies are investigated. The sound pressure and intensity levels are

predicted. The quality of the method is evaluated on the basis of two test cases.

The experimental studies are carried out in the ARCELIK A.S, R-D Laboratories.
Both the aerodynamic and aero acoustic results are validated with acceptable errors.
The predicted and measured sound pressure levels compare well for the frequency
ranges of interest. Different phenomena like acoustic modes, narrowband peaks are

resolved qualitatively and quantitatively.

In addition, the contribution of the design changes on the fan sound pressure level is

investigated and useful design informations are obtained. For this study, five
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different cases are analyzed by measuring A-weighted, 1/3-octave band sound

pressure levels and sound intensities.

Figure 7.1 shows the steps of Aero-acoustic Analysis. The procedure followed for

Cavity Excitation Modes Analysis is given in Figure 7.2.

7.2 Discussion

The design methodology of a turbomachinery has been defined since early 1960’s. In
this conventional procedure, the fundamental inputs are head, flowrate, speed and
efficiency values. The geometrical details can be found by means of theoretical and
empirical relations. However, in this design process, the noise is not considered and
the acoustical performance of the turbomachinery cannot be predicted at the
beginning. Development speed and a reliable development process are key success
factors in the industry. Therefore a definition of a new methodology that decreases

the design time and the design cost of a low noise fan is a necessity.

This methodology is established by coupling of flow solver and vibroacoustic solver
such that the sound propagation of a fan can be investigated in the design phase
theoretically. For this purpose, two example cases are investigated. In the first case,
the impeller blades are unevenly distributed and in the second case study they are

evenly distributed.
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Figure 7.1 The steps of Aero-acoustic Analysis
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107



Fan Design:
3D CAD Model

!

Prepare Boundary Element
mesh

v

Select frequency range of
interest

v

Put a monopole source inside the cavity

R
N

Y

Select measurement standard. Set-up the
measurement surfaces around the fan

-y
N

Run the numerical experiment.

O
N

Examine the results. Mark the highest
pressure levels (hills) and corresponding
frequencies as ‘cavity modes’.

e
N

Compare results with the experiments.

—

Figure 7.2 The steps of Cavity Excitation Modes Analysis

108



The numerical simulations start with the flow field solution. The turbulence model is
very important for the level of accuracy. In this study URANS model is preferred.
The need for URANS, LES or DES for fan noise depends on what really generates
the noise. If the noise is due to wake interaction then URANS is able to get the tonal
noise. But if the pure fan noise is mentioned, like a fan in free stream without shroud,
then LES or DES is needed. Otherwise relevant unsteadiness cannot be caught. If it
can be assumed that the impeller creates too much turbulent noise, i.e., there is little
separation, then the URANS model may well produce the desired results, which
comparatively means a faster solution. If it is known that the impeller is efficient and

creates little turbulence then this approach is recommended.

The fan analyzed in this study has an operational speed of 1925 rpm. The tip Mach
number is low. At this condition the tonal noise is expected to dominate. The Sound
Pressure Spectrum of the fan also supports this information. Therefore URANS

analysis is selected.

The aerodynamic results of the flow solver show a good agreement with the
experimental data. There is 2% difference between its flowrate values at the

operating point pressure.

At the beginning of the study it was planned to see the effect of the mesh size on the
noise prediction analysis. This cannot be realized because both the flow solver and
the vibroacoustic solver have limitations on the memory sizes. The flow solver
cannot handle the data of the casing having finer mesh. The casing cannot be selected

as a noise source. Also, the vibroacoustic solver cannot process the data.

It is experienced that the vibroacoustic solver can only make analysis with evenly
distributed blade structures (same blade structure with same spacing between blades).
Since in this case, only a single blade is introduced as a noise source and calculation

matrices become smaller.
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The symmetrical geometry need of the solver created problems during the acoustic

modeling of the unevenly distributed blade case.

For the analysis of unevenly (irregular) distributed blades, the quarter of the
impeller is introduced as a consolidated blade because there is a 90° period that the
blade distribution repeats itself. In this case, the total number of consolidated blades
is 4. This approach is valid for the investigations of the cavity excitation modes and
tonal noise characteristics. But it creates problems when BPF and its harmonics are
calculated. Since the solver accepts the number of blade as 4, BPF and its harmonics

are located incorrectly and the spectrum cannot be predicted properly.

When the cavity resonance frequency obtained from numerical analysis is compared
with the spectrum of the fan, it is seen that there is a peak pressure level at 912 Hz. It
is concluded that this peak comes from the cavity resonance frequency of the casing.
This result shows that the numerical simulation gives evidence about the reasons of

the peaks on the fan spectrum.

The sound pressure levels on the casing show that the fan inlet and the fan exit have
equal importance considering the propagated sound from these surfaces. The radiated
sound has nearly same levels at the microphone positions of these two surfaces. This
result is supported by the experimental measurements. It is experimentally proved
that the fan inlet and the exit have similar sound pressure contours and nearly the

same levels.

As for the regularly distributed blades, the cavity excitation modes and tonal noise
characteristics are investigated. Sound pressure distributions are examined over the
stationary surfaces where the dipoles are defined as acoustic sources. The sound

pressure levels and intensities are predicted.

For this case, the numerical predictions indicate that the inlet dominates the sound

propagation and the noise level of the fan. This information is important from the
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designer’s point of view since the designer may revise the inlet design of the model

before making a prototype and testing in the laboratory.

The sound pressure level of the tonal noise at the BPF is numerically obtained as 40
dB for the fan inlet, outlet and side surfaces. The corresponding experimental data
are 49 dB for the inlet and 41 dB for the outlet and side surfaces. When numerical
and experimental sound intensity maps are compared, it is seen that the distributions
in both numerical and experimental contours are similar. The highest level is 46 dB
for the numerical simulation and 50 dB for the experimental result. Considering the

orders of the levels, results are quite close.

The differences between the numerical and experimental results can be attributed to
the low resolution of the turbulent structures in the flow field. Since URANS models
all the turbulence, the accuracy decreases. In addition the reflection and the fan can
not be exactly modeled to simulate the reflection and scattering characteristics. In the
numerical analysis, only the fan is taken into account. The motor box, supporting
circular duct are not taken into account in the computations. The reflections due to
the box and supports are not considered. Some sources of errors may arise due to
assumptions about material properties, geometrical approximations, boundary

conditions and discretization of the acoustic field into elements.

The fan, which is subject of this study, has been in mass production for three years.
At the beginning, its noise level was low enough compared to the noise level of the
appliance in which it is used. However, its level is now significant because of the
improvements on the sound power level of the appliance. Therefore, a noise level
improvement is necessary on the current design of the fan. For this purpose,
prototypes are prepared and tested in the laboratory for the effects of geometrical

changes on the sound pressure levels produced.

The original design has a channel on the volute. This detail was added to the design
due to some space problems where the fan is mounted. When the sound pressure

level and intensity results are compared, it is observed that this channel has no
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significant effect on the acoustical characteristics of the fan. This shows that the

casing is big enough to compensate the flow area decrement due to the casing

There are 24 blades and 16 splitters in the original design. These splitters were added
to the design to decrease the tonal noise at BPF and carrying the BPF to high
frequencies. Although carrying BPF to high frequencies affects A-weighed levels
and increases the sound pressure declaration levels, this condition is preferable from
the designer’s point of view because isolation of noise at high frequencies is easier
than isolation of noise and vibration at low frequencies. If the sound pressures and
intensity measurement results of the fan with no splitters and the original fan design
are compared, it is understood that this aim has been achieved. The splitters decrease
the tonal noise and shift the peak level to the high frequency values where the sound

isolation can be realized better.

After cutting the ribs at the inlet, the peak pressure level is moved to lower frequency
levels as compared to the original fan design. Total pressure level is slightly
decreased. This modification has a disadvantage about the noise isolation studies
because if the peak level approaches to the low frequency levels, the noise isolation

becomes difficult and inefficient.

When the fan casing is coated with the bitumen, no change is obtained on the sound
pressure levels as compared to the original design. The inlet and the outlet openings
of the fan dominate the sound propagated. Therefore coating may have no influence
on the resulting levels. Also, it is found that the bitumen has good sound isolation
performance when it’s heated. Since the sound pressure measurements are carried
out in laboratory conditions, there is no improvement obtained due to the bitumen

coating.
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7.3 Conclusions

Flow induced noise generated by a centrifugal fan is examined numerically and
experimentally. Results are satisfactory in terms of level and spatial distribution. The
experimental investigations on the alternative fan design show that the highest sound

pressure and intensity levels occur if the blades are regularly distributed.

In the noise reduction studies, the peak sound pressure values have much importance
than the others since these levels are dominant on the perceived noise level. If the
reasons of the peaks are known, the noise isolation study becomes easier. The
methodology used in this study provides one of these hints by predicting the cavity

excitation modes.

The tonal noise is the most annoying part of the noise created by machinery. In this
study, the methodology is developed for the designer to investigate tonal part of the

sound created by a centrifugal fan at the design stage.

The main objective of this study on the prediction of flow-induced noise is the
integration of the presented methodology into product development process of a fan.
It was considered that this approach could reduce design time of low noise fan by
eliminating the trial-error design and testing process. Thus, it may decrease the
prototype cost. This aim is achieved for the regularly spaced fan blades and using

mesh sizes affordable by the computer memory available.

If the complete spectrum of the fan noise is to be obtained, it is necessary to use
high-level turbulence models and very fine grids. However, in this case it is
experienced that the flow solver has memory limitations. It cannot handle the
acoustic data properly. It is concluded that the mesh sizes has to be selected carefully
first considering this drawback, second the high computational power requirement of

the high-level turbulence models.
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Finally, it is experienced that the vibro-acoustic solver cannot process irregularly
distributed blades. Therefore it is concluded that the proposed methodology still
needs time before replacing the current methodology considering the unevenly

distributed blades.

To sum up, this research study shows that the tonal noise prediction of a centrifugal
fan is possible with the proposed methodology. This methodology can be used at
design stage for preliminary check of sound propagation characteristics of the fan

surfaces. Therefore design improvements can be initiated.

The followings are achieved with the numerical analysis study:

1. Uneven blade distribution:
- Cavity modes can be predicted.
- Sound Pressure levels are not same as the experimental data.
- BPF and its harmonics cannot be calculated correctly. However, the sound
mapping (sound radiation characteristics) has good agreement with the

experimental data.

2. Regularly spaced blade distribution:
- Cavity modes can be predicted.
- Tonal noise can be predicted with good accuracy.
- Sound intensity maps are close to the experimental data. Therefore, the
relative effects of the surfaces on the propagated sound can be visualized

before making prototypes and performing experiments.

After the comparison of the numerical results with the experimental data, it is

concluded that;

- If flow induced noise at every frequency in the range of interest is
investigated, a better turbulence model has to be used. Depending on the total

number of mesh, LES can be preferred.
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- As the mesh size increases, both flow solver and vibro-acoustic solver have
problems. They cannot handle the data and analysis is interrupted frequently.
This information should be taken into consideration while preparing the mesh
and selecting the noise sources.

- As the size of the pressure data increase, vibro-acoustic solver cannot process
the data due to its memory size limitations. The size of the data transferred
from Fluent should be adjusted such that it will not make the resolution worse
but also it will not cause overflow in LMS Sysnoise.

- Also, the algorithm of LMS Sysnoise is suitable for making analysis with the

fan having regularly spaced blade distribution.

The experimental studies for investigating the geometrical differences on the fan

noise show that:

- Splitters decrease the sound pressure levels.

- Removing the inlet ribs improves the total sound pressure level of the fan.

- The channel has no effect on the fan performance and total sound pressure
level of the fan. But it decreases the radiated sound from the backside of the

fan (where channel exist).

7.4 Recommendations for Future Work

In this study it is focused on the simulation of the tonal noise of a centrifugal fan.
The broadband noise is not investigated. Since the tonal noise is dominant in the fan
under consideration and it is a major concern due to annoyance produced on humans.
The second reason is the high computational power requirement of the broadband

noise analysis.

The recommendations for the future work are stated below:
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If the fan to be analyzed has unevenly distributed blades, it is recommended to
produce prototypes and perform laboratory experiments for the analysis of the

radiated noise.

If the fan has regularly distributed blades, the acoustical characteristics of the fan can
be simulated with the proposed method. But in this case, if the computational
facilities are enough for making analysis with high level of turbulence models, such
as LES or DES, then broadband characteristics of the fan can be simulated. Therefore

whole spectrum of the fan sound pressure can be obtained.

In addition, the structural resonance frequencies can be analyzed for the fan casing.
Finite Element Method can be used to obtain these modes. After FEM analysis, the
contributions of BPF and its harmonics, and surface dipoles on the excitation of these
structural modes can be predicted by using LMS Sysnoise. Therefore the noise
generation due to the structural characteristics of the fan can be simulated. That
information may be used to decide whether it is necessary to change the material

properties of the casing in order to reduce the noise level of the fan.
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