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ABSTRACT

DESIGN, CONSTRUCTION AND CONTROL OF AN ELECTRO-
HYDRAULIC LOAD SIMULATOR FOR TESTING HYDRAULIC DRIVES

Akova, Hayrettin Ulag
M.S., Department of Mechanical Engineering
Supervisor  : Prof. Dr. Biilent E. Platin

Co-Supervisor: Prof. Dr. Tuna Balkan

September 2014, 171 pages

In this thesis, an electro-hydraulic load simulator is designed, constructed, and
controlled in order to carry out the stability and performance tests of newly
developed hydraulic drive and control systems. It is an experimental loading system
capable of applying the desired test loads onto the actuator of the hydraulic drive
system under test in a laboratory environment. The primary aim of this study is to
support the research activities related to the development of hydraulic drive and

control systems so as to reduce their development period and to save the funds.

A fluid power control system with a valve controlled linear actuator is designed as
the load simulator. The selection of the hydraulic components of the system is
presented in detail. A real-time control system is employed for controlling the
electro-hydraulic load simulator. A test bench is designed and constructed in order to
accommodate the actuators of the electro-hydraulic load simulator and the hydraulic

drive system under test.



A mathematical model of the system is developed and a simulation model is
constructed by using MATLAB®/Simulink®. The model is validated by the results of
open-loop tests. A combined feedforward and feedback force controller and a
disturbance feedforward controller are designed by linearizing the validated model of
the system around a critical operating point. The actuator position of the hydraulic
drive system under test is measured with an incremental encoder and its velocity is
estimated by a kinematic Kalman filter to be used in the disturbance feedforward
controller. The controllers and the kinematic Kalman filter are implemented into a

real-time control computer.

The dynamic performance of the electro-hydraulic simulator developed is evaluated
by performing a series of real time experiments and comparing their results with the
model responses. In addition, the loading limits of the simulator are clearly

demonstrated by both experimental tests and simulation results.

Keywords: Electro-Hydraulic Load Simulator, Fluid Power Control System,
Modeling and Validation, Force Control, Combined Feedforward and Feedback

Control, Kinematic Kalman Filtering
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0z

HIDROLIK SURUCU SISTEMLERININ TESTLERI iCiN
ELEKRO-HIDROLIK YUK SIMULATORU TASARIMI, URETIMI VE
KONTROLU

Akova, Hayrettin Ulag
Yiiksek Lisans, Makina Miihendisligi Boliimii
Tez YOneticisi : Prof. Dr. Biilent E. Platin
Ortak Tez Yoneticisi: Prof. Dr. Tuna Balkan

Eylil 2014, 171 sayfa

Bu tez calismasinda, yeni gelistirilmekte olan hidrolik siiriici ve kontrol
sistemlerinin kararlilik ve basarim testlerinin gergeklestirilmesi igin bir elektro-
hidrolik yiik simiilatorii tasarlanmis, iiretilmis ve kontrolii gerceklestirilmistir. Bu
yiik simiilatoriiniin, gelistirilmekte olan hidrolik siirlicii sistemlerinin test edilmesi
amaciyla belirlenen kuvvetleri laboratuvar ortaminda uygulayabilen deneysel bir

yiikleme sistemi olarak kullanilmas1 hedeflenmistir.

Yiik simiilatorii olarak valf kontrollii dogrusal bir eyleyiciye sahip bir akiskan giicii
kontrol sistemi tasarlanmustir. Sistemi olusturan hidrolik ekipmanlarin seg¢imi
ayrintili  olarak verilmistir. Elektro-hidrolik yiik simiilatoriiniin  kontroliinii
gerceklestirmek i¢in gercek zamanli bir kontrol sistemi kurulmustur. Yiik
simiilatoriiniin ve test edilmekte olan hidrolik siiriicii sisteminin eyleyicilerinin uygun

bir sekilde birbirlerine baglanabilmesi icin bir test diizenegi tasarlanip tliretilmistir.

Vil



Sistemin matematiksel modeli kurularak MATLAB®/Simulink® ortaminda bir
benzetim modeli olusturulmustur. Bu model agik ¢evrim test sonuglari ile
dogrulanmigtir. Model kritik bir ¢alisma noktasi etrafinda dogrusallagtirilarak bir
birlesik ileri ve geri besleme kuvvet kontrolciisii ve test edilecek sistemin
hareketinden kaynakli bozucu etkiyi giderici bir ileri besleme hiz kontrolciisii
tasarlanmistir. Test edilmekte olan sistemin eyleyici konumu dogrusal bir cetvel ile
Olclilmekte, hiz1 ise kinematik Kalman filtresi kullanilarak kestirilmektedir.
Kontrolciiler ve kinematik Kalman filtresi bir ger¢ek-zamanl kontrol bilgisayarinda

gerceklestirilmistir.

Elektro-hidrolik yiik simiilatoriinlin  dinamik basarimi yapilan testler ile
degerlendirilmis ve model yanitlar1 ile karsilagtirilmistir. Ayrica simiilatoriin
yiikleme kapasitesi deneysel sonuglar ve yapilan simiilasyonlar ile acik bir sekilde

gosterilmistir.

Anahtar Kelimeler: Elektro-Hidrolik Yiik Simiilatorii, Akiskan Giicii Kontrol
Sistemi, Modelleme ve Dogrulama, Kuvvet Kontrolii, Birlesik Ileri ve Geri

Beslemeli Kontrol, Kinematik Kalman Filtre
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CHAPTER 1

INTRODUCTION

1.1 Background and Motivations

Since the very early ages of the human history, many mechanisms and machines
have been invented in order to ease the human life. Primitive and simply jointed
mechanisms were the first machines and they were actuated by the human power [1].
However, the use of external power sources to actuate the components of machines
was one the greatest desires of the human being. In around B.C. 250, the Alexandrian
mechanician Ktesibios invented a float regulator valve to provide a water clock with
a constant flow rate [2]. The increasing water level in a measuring vessel of the water
clock was utilized as the indicator of the time. This invention of Ktesibios is
commonly regarded as the earliest known servomechanism [3]. Since his invention,
especially during the industrial revolution and the modern era, the hydraulic,
pneumatic, and electric actuator technologies have evolved considerably and they
become inevitable components of the modern machines. In addition, the
development and practice of the control theory as well as the fields of electrics and
electronics made fast and accurate motion control systems possible. Today, servo
control systems are used in many industrial, military, and aerospace applications as
the complex integration of mechanical structures, or mechanisms, with actuators,

transducers, and control hardware and algorithms.

The design of control systems requires a multi-domain knowledge and the
investigation of the whole system consisting of a number of subsystems from

different physical domains [4]. Brezina et al. [5] underlined the importance of the



model based design (MBD) in designing mechatronic systems in many industrial,
aerospace, and automotive applications. The modeling and the model analysis of the
complete system under development constitute the basis of the design approach
(Figure 1-1a). Generally, a parametric system model is regarded as a useful model
since it allows the improvement of the model in each design cycle (Figure 1-1b).
However, it was also stated that the accuracy obtained depends on the accordance
between the real system and the developed models. Hence, the verification of the
desired characteristics (properties ensurance) is highly essential as it can also be

inferred from Figure 1-1a.
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Figure 1-1 a) A mechatronic design cycle, b) recurrent design cycles [5]

While modeling dynamic systems, generally a number of simplifying assumptions
are made. Sometimes, some fast dynamics of systems are intentionally neglected, or
some important dynamics of systems may be missed unintentionally. In addition,
some model parameters are only estimated as their nominal values. Often, some
model parameters are assumed to be constant, even though they are actually time
varying. Therefore, although modeling and simulation are highly important design
tools, it should also be noted that testing models with real data compensates for the
mentioned drawbacks and is also an important part of the whole product

development process for verification and validation purposes.
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The testing of drive systems on the actual plant, which can be a machine, or a
vehicle, is usually not possible on the early phases of the design. Even if it is
possible, it might cause safety problems before evaluating their performance in
controlled laboratory conditions. Furthermore, the testing with the actual plant can be
very expensive and time consuming. Thus, the initial testing of actuators and their
controllers are generally performed in laboratory conditions by using either motion
[6] or load simulators [7] depending on the application. Load simulators are used to
re-create the test loads onto the actuator of the control system whereas motion

simulators provide the disturbance motion.

In system dynamics terminology, a mechanical translational/rotational element which
can provide any desired force/torque independent of the velocity of its point of
application is called as an active T-type translational/rotational element [8]. In ideal
cases, the same function is expected from a closed-loop force-controlled load
simulator, which is an experimental loading unit. That is, a load simulator should be
able to re-create and apply the operational loads onto the engineering system under
test in laboratory conditions. The system under test can either be an actuator (Figure
1-2a) or a structure (Figure 1-2b). In addition, different drive technologies can be
used as the load simulator; such as an electro-mechanical actuator (EMA) (Figure

1-2a) and an electro-hydraulic actuator (Figure 1-2b).

Figure 1-2 a) An EMA test bench at NASA AMES Research Center [9]

b) Dynamic structural testing of a Formula 1 car [10]



A schematic view of an electro-hydraulic load simulator test bench, which is used to
simulate the loads affecting the rudder of an aircraft [11], is given in Figure 1-3 so as

to explain the main components of a load simulator test bench.

I, 4 + I
2 UFf Y
' 1
Servo valve A Servo valve

Figure 1-3 An electro-hydraulic load simulator [11]

A load simulator test bench consists of two main parts; namely, the test
actuator/system under test and the load simulator. In Figure 1-3, the actuator under
test, whose performance is evaluated in laboratory conditions, is labeled as (1)
whereas the load simulator, which is responsible for creating the desired loads on the
actuator under test, is labeled by (3). Moreover, a force feedback is obtained through
a force transducer (5). In addition, two systems are connected to each other through a
compliant spring arrangement, which is generally called as a load system. The
reference loading for the load simulator can either be a set of random or predefined
data [12] or the result of a dynamic simulation in real time, determined by using the
motion data of the test actuator via the position transducer (2). The latter case is
known as HIL (Hardware-in-the-loop) simulation [13]. In Figure 1-3, the element (4)
represents the real-time hardware in which the reference load generator and the
controller of the load simulator is implemented. The reference load generator and the

controller are not necessarily be implemented in the same real-time hardware.
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The advantages that can be expected from a load simulator test bench to test

hydraulic drive systems are summarized as follows [14, 15].

e The effects of some hard-to-model characteristics of the system, such as
noise, hysteresis, backlash, changes in fluid properties (e.g., bulk modulus,
viscosity), on the system performance can be evaluated.

e The performance of control systems can be observed without requiring the
complete system to be tested.

e The system can be tested under extreme conditions in laboratory, such as,
high temperature, high loading, shock, etc.

e The system can be tested in the presence of different fault and failure
conditions.

e [tis time and cost efficient since it does not require the complete system to be

tested.

With these advantages, load simulators are used in many application areas as
experimental testing benches, e.g., seismic testing of civil engineering structures,
health monitoring and fault testing of EMAs, ground testing of actuators of control
surfaces of aircrafts, and development of energy efficient electro-hydrostatic (EHAs)

drive systems.

Currently, a number of research studies on the development of new energy efficient
hydraulic drive systems and their control algorithms are carried out in the Middle
East Technical University - Automatic Control Laboratory [16, 17, 18, 19]. In one of
these studies, which focuses on a variable speed pump controlled hydraulic drive
system [19], a need for a load simulator is arisen so that its stability and performance
tests can be carried out in a fast and economic way. Since the actuator of the system
is mounted on the test bench, rather than the actual machine, any modification made
on the system can be easily evaluated. The load simulator can also be used for testing

different drive systems within its limits. Hence, through this load simulator, it is



expected to provide a controlled laboratory environment for the testing of new

hydraulic circuit solutions and their control algorithms.

In addition to the experimental test systems, force control systems are encountered in
many other applications, such as injection molding machines [20], active suspension
systems [21, 22], robotic applications [23, 24], haptic simulations [25], etc. Hence,
the development of some new force control strategies for these applications is a
promising research area. A load simulator test bench can easily serve as a platform

on which the research activities related to force control techniques can be carried out.

1.2 Literature Survey

In this section, two important points related to the electro-hydraulic force control
applications are explained. These are the added compliance (low stiffness spring)
between the actuators of the load simulator and the system under test and the use of
velocity feedforward compensation to eliminate the strong disturbance caused by the
motion of the position controlled actuator to be tested. Some examples of the load
simulators used for testing of different servo systems are also presented by
highlighting the points regarding the details of their drive systems, the applied

control methods, and the mechanical structures of the test benches.
1.2.1 Issues Related to Electro-Hydraulic Force Control

Hydraulic control systems are used in many motion control applications such as
position control or velocity control of the hydraulic actuators. They are considered to
be good velocity sources even in the presence of large disturbances thanks to their
high mechanical stiffness [26]. However, many researchers underlined that a
mechanically compliant or low impedance actuator is required for a good force

control [27, 28, 29].

Robinson [30] studied mathematically the effects of using a compliant spring in

series between a closed-loop force controlled actuator and the load. Such an actuator
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is called as a series elastic actuator. In Robinson’s study, a simple, power domain
independent model was initially considered to derive important conclusions and then
the same analysis were performed for both hydraulic and electric actuators,
separately. Due to its simplicity, this model and the derived results are presented
here. The model consists of an ideal velocity source with a DC gain of K,,,, a spring
with stiffness kg, and a simple proportional controller with gain K. The block
diagram representation of this simple model is given in Figure 1-4. The controlled
output of the system is f whereas the reference and disturbance inputs are denoted by

fref and x4, respectively.

+
fref _’? K

ref

Ve

Y

Figure 1-4 Simple model of a force controlled actuator and its block diagram [30]

From the block diagram in Figure 1-4, the input-output relationship of the simple

force controlled actuator is determined as



KK, kgs

k
PO) = S ki o) T ST KK,

_Ss7m X 1.1
s+ kKK, a(s) (1.1

which can be utilized to investigate the closed-loop bandwidth and the output

impedance of the system.
The following closed-loop transfer function is obtained between F and F..; by

neglecting the motion of the disturbance (letting X; = 0)

F(s kKK
() _ kKKp )
Frer(s) s+ kKK,

Gcl(s) =

It is seen from this first order transfer function that the actuator bandwidth is directly
related to the spring stiffness and controller gain. These two system parameters

contribute to the corner frequency of this first order transfer function w, as follows:

w, = kKK, (1.3)

From Equation (1.3), it is concluded that any decrease in the spring stiffness can be
compensated by increasing the controller gain proportionally without deteriorating
the bandwidth of the closed-loop system, assuming that the actuator operates within
saturation limits of the control valve. One obvious advantage of decreasing the
stiffness of the spring and increasing the controller gain is observed in the output

impedance Z of the actuator, which is obtained by letting F,.r = 0 in Equation (1.1)

as

F(s) = —kss
Xq(s) s+ kKK,

Z(s) = (1.4)
At low frequencies, the effect of the disturbance is minimum, which is highly
desired. However, as the frequency increases, the output impedance approaches to
the value of the stiffness of the spring. Therefore, decreasing the spring stiffness

decreases the output impedance. In addition, the allowed increase in the controller
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gain helps to keep the low impedance range unchanged since the corner frequency of

Equation (1.4) is the same as the one given in Equation (1.3).

Another advantage of taking the gain out of the sensor and putting into the control
system was highlighted by the author as the capability of the actuator to reject the
motion errors [30]. This practical point was shown by introducing a noise function
X,, for the motion errors of the actuator and by neglecting the dynamics of the whole

system together with the disturbance load motion as seen in Figure 1-5.

Fref

> & @ l|> F

Figure 1-5 Zero order model to illustrate the effect of motion errors [30]

The transfer function between the force output F and the position noise X, is

obtained as follows:

(1.5)



It is clearly seen from Equation (1.5) that increasing the control gain by using a
compliant spring attenuates the motion errors. Hence, the author concluded that high

control gain provides a smooth force output.

This point was also considered by Pratt et al. [29]. They suggested the use of a
compliant element between the load and the actuator in force-controlled robots in
unstructured environments despite the common feeling that stiffer is better [29]. It
was stated for a stiff connection that any small relative movement between the
actuator and the load causes high force errors in the control loop and high controller
gains leads to stability problems. Therefore, one is restricted to use a conservative
controller gain. It was concluded that the effect of friction and inertia, in this way,
cannot be compensated completely in the closed-loop system. Hence, a practical

control law cannot be determined.

Another obvious advantage of using a compliant arrangement between the actuator
and the load is the reduction in the shock loadings, which prevents the damage of the

components of the test bench.

Besides the advantages stated above, using a serial compliance between the force
controlled actuator and the load actuator results in a considerable bandwidth
limitation at around limit forces of the actuator. A low stiffness spring requires large
deformations to create large forces meaning that the actuator has to operate faster.
However, an actuator can operate only within certain velocity and force limits. In

Figure 1-6, a typical saturation curve for an actuator is given and it is represented by

v, < Vg (1 - Fit) (1.6)

where Vi, and Fg,; are the no load velocity and the stall force of the actuator,

respectively.
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Figure 1-6 Saturation curve of the actuator [30]

If the actuator operates within its limits, the closed-loop bandwidth of the actuator is
not affected by the compliance of the spring element. Nevertheless, for larger forces
the closed-loop bandwidth of the system is damaged by the saturation limit of the
actuator. Robinson [30] showed this force bandwidth constraint by performing an

analysis of the load, which is a spring of stiffness kg, as follows.

f(&) = Enax(@)e™" = kex, () (1.7)

where w is the frequency of the loading, F, 4, is the maximum force that can be

applied at a given w, and x,, is the position of the load actuator.

Taking the derivative of Equation (1.7), the velocity of the load actuator v, is

determined.

1 .
vy = — Fpgyiwe'®t (1.8)
ks
By inserting Equations (1.7) and (1.8) into Equation (1.6) and getting the magnitude

of the resulting expression, the following inequality is obtained:

k Vsat
Fmax(w) < )

F,
sat \/wz + (ks %)
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From Equation (1.9), it is seen that with decreasing the value of kg the achievable
bandwidth at relatively large loads considerably diminishes. It should be noted that
the actuator can still generate these large forces but only at lower frequencies.
However, for most applications, a large bandwidth is only required for rather small
forces while the bandwidth requirement decreases at higher forces. Therefore, the
selection of the spring stiffness is an engineering trade off, in which bandwidth
requirements must be satisfied while at the same time the added compliance should

be as compliant as possible to reduce the output impedance.

The use of serial compliance in closed-loop force controlled actuators is not limited
to the load simulator test. It is also encountered in closed-loop force controlled
structural testing applications. For example, Sivaselvan et al. [31] suggested
including a spring as a compliant element between the actuator and the structure in a
structural force control application. They also presented a hydraulic actuator as a
high impedance velocity source and stressed the requirement for a flexible
component between the actuator and the test structure. However, they provided
neither an analytical treatment nor a value for the spring stiffness in this study. The
spring arrangement connecting the test structure and the actuator can be seen in

Figure 1-7.

Series Sprin

Figure 1-7 Spring arrangement between the structure and load simulator [31]
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Ahn and Dinh [28] proposed and analyzed a number of ways to provide a compliant
element between the hydraulic actuators of a load simulator test bench as seen in
Figure 1-8. The force controlled actuator was named as the force generator. On the
other hand, the other hydraulic actuator is called the disturbance generator since the
force control performance of an electro-hydrostatic actuator (EHA) was primarily
studied in that study. Moreover, the compliant systems were termed as the loading
system representing the working environment of the actuators. The direct connection
of the load transducer and the hydraulic actuators was called as the rigid mode
(Figure 1-8a).

a
Force generator Load Cell Disturbance generator
LY »
Iy -
Loading system — Rigid mode
b
Force generator Load Cell Disturbance generator
4 »
| | ) |
Loading system — Serial spring mode
Cc
Load Cell Disturbance generator
»
IT
Loading system — Parallel spring mode
d
Compress Spring B Load cell
Force ___ - , fForce.
Acting point 1 Acting point 2

Compress Spring A
Loading system — Spring box using parallel spring mode

Figure 1-8 Different configurations for the loading system [28]
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Because of the aforementioned difficulties encountered in the rigid mode, Ahn and
Dinh considered different arrangements of two compression springs with various
spring constants as the possible design solutions. The arrangement of the springs in
Figure 1-8b was named as the serial spring mode. With this configuration, it was
also aimed to have different environments in extension and retraction of the load
actuator so that the performance of the controllers can be better analyzed. To
illustrate this, the spring A is compressed while the load actuator is retracting
whereas the spring B is at its free length. However, the authors preferred the
configuration in Figure 1-8c named as parallel spring mode since it is more compact
than the previous one while having the same functioning. The final design that they

were used in their study is shown in Figure 1-8d.

Another commonly discussed issue related to the electro-hydraulic load simulation is
the velocity feedforward compensation, which was extensively used by many
researchers so as to improve the disturbance rejection performance of force
controlled electro-hydraulic actuators [7, 32, 33, 34, 35]. Jacazio and Balossini [36]
proposed the load velocity feedforward compensation scheme for the control of
loading actuators of an aerospace test rig. In that study, although the performance of
the test system was shown with test results, the improvement achieved by the

feedforward compensation scheme was not clearly indicated.

A successful application of the velocity feedforward compensation scheme was
performed by Plummer [33]. A combined force control strategy, consisting of a

proportional force feedback controller G, and a velocity feedforward compensator

for the load motion 1/Q(s), is proposed in that study as shown in Figure 1-9. The
method was applied in a Formula One test bench. It is required to simulate the
aerodynamic down loads while, at the same time, the car is being tested on a four
poster rig. The feedforward compensator was used to match the motions of the load
and the actuator without resulting in large force errors. In that study, the velocity of
the load was determined from the motion data obtained by an accelerometer attached

to the test structure as seen in Figure 1-9. This signal was then filtered with an
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inverse dynamic model of the hydraulic actuator. The author also considered the
effect of the high frequency noise available in the velocity signal. Hence, the
disturbance feedforward controller transfer function was designed to attenuate the
high frequency noise. Finally, a proportional force feedback controller was designed
by assuming a disturbance-free plant transfer function. The improvement in
disturbance rejection achieved with the addition of the feedforward compensator can
be seen in Figure 1-10. In that study, a compliant element between the actuator and
the load is also included by emphasizing its requirement to have a certain level of
mechanical isolation. Therefore, the load dynamics on the actuator was reduced to a
single spring independent of the dynamics of the actual load. As a result, the method
can be used to test different loads with different dynamics without requiring the

model of the load and the re-adjustment of the controller parameters.

Force Controller Plant

Demand Control Force

signal + signal on load
> Q” Gy

|
+
1
Q(s)

Load
/\4' velocity
+

Velocity
measurement noise

Figure 1-9 Control block diagram of the electro-hydraulic load simulator [33]
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Figure 1-10 Disturbance rejection a) without, b) with velocity feedforward [33]

1.2.2 Examples of Some Load Simulators

In this section, different types of load simulators used for actuator testing are
investigated and the points regarding the details of the drive systems, the applied
control methods, and the mechanical structure of the test benches are reviewed.
Although electro-hydraulic load simulators with linear actuators, as in this study,
were commonly encountered, the examples also include load simulators with electro-
mechanical linear and rotational actuators, and the ones with electro-hydraulic rotary

actuators.

To begin with, the More Electric Aircraft (MEA) concept in aerospace industry
increased the importance of electro-mechanical actuators as the primary and
secondary flight control actuators [37]. Hence, there are many research activities for
the development of electro-mechanical actuators (EMAs) in aerospace industry. To
illustrate, Smith et al. [9] designed an EMA test bench in the NASA Ames Research
Center. In addition to the performance tests of EMAs, it was aimed to test health

monitoring algorithms on that test bench. An overall view of the test bench is given
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in Figure 1-11a. Two electro-mechanical actuators, one as a load simulator and the
other as a test actuator, were mounted on a structural I-beam with the help of two L-
shaped brackets. The load actuator was capable of applying 50 kN of force. It was
stated that both the mounting beam and the brackets were designed to have high
bending stiffness so that the structural deflections under the maximum loading could
not affect the test results. However, the resulting design was considerably massive
and its transportation was highly problematic. In addition, the surface of the beam
was machined with high precision in order to provide a good alignment of the
actuators, which required a highly developed machining facility. As seen in Figure
1-11b, an attention was also given to the proper alignment of the load and test EMAs.
A rod-end coupling was utilized to tolerate the lateral and spherical misalignments.
In addition, thread adapters were used between the test cell and the test EMA and
between the coupling and load EMA. The test bench also included a power supply
system (for the transducers and servo-drives), two controllers and a data-acquisition
(DAQ) system. In Figure 1-12, the schematic view of the test bench is given showing
the interactions of the axes controllers and DAQ system with the EMAs. The load

simulator was primarily equipped with a linear position transducer and a

Figure 1-11 a) EMA test bench in NASA Ames,
b) Coupling of the load and test EMAs [9]
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Figure 1-12 Schematic of the EMA test bench [9]

bi-directional force transducer. On the other hand, the actuator under test had more
transducers to accurately represent its health state, such as, thermocouples,
accelerometers, and a laser position transducer. The test bench was designed to allow
the user to specify custom force and motion profiles for the load and test actuators,
respectively. In order to track the specified references, two PID (Proportional-
Integral-Derivative) controllers were used in the test bench with proper feedback
signals (Figure 1-12) and the outputs of the controllers were utilized to drive the

EMAs. However, the details of the controller design were not explained in that study.

Karpenko and Sepehri [32] studied an electro-hydraulic load simulator of a
hardware-in-the-loop test bench, which is used to emulate the operational loads on a
flight actuator. The loads to be applied onto the test actuator were determined from
the simulated flight maneuvers. The test and load actuators were connected to each
other through a guided connector, an S-shaped force transducer (22 kN), and a
spring arrangement (Figure 1-13). In addition, an optical rotary encoder provided the
position feedback for the position controlled flight actuator. In that study, a desktop
computer with required I/O and encoder modules was utilized as the DAQ system

and the control computer. Both of the actuators were controlled by servo-valves. A
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single hydraulic power source with a variable displacement pump provided the
required power for both of the actuators as seen in Figure 1-13b. The maximum force
output was approximated as Fy,,, = 7.3 kN assuming that the maximum power
available to load when the pressure drop through the servo valve was about 2/3P,.
The proposed control system for the load simulator in that study consisted of three
separate controllers, namely, a feedback controller, a pre-filter, and a displacement
compensator. Designs of the feedback controller and the pre-filter were performed by
using quantitative feedback theory. The deterioration in the force tracking

performance of the load simulator due to the motion of the position

actuator under test | loading actuator
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Figure 1-13 a) A photograph and b) a schematic view of the test bench [32]
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controlled flight actuator was eliminated via a displacement compensator.
Experiments were carried out with and without the disturbance compensator. The
disturbance rejection performance of the compensation was evaluated by applying a
step command of 5 mm to the actuator under test. For this disturbance input, the
maximum observed force error was about 0.6 kN and about 0.3 kN without and with
displacement compensator, respectively. The authors also stated a 30 %
improvement in the settling time according to 2 % criteria. Hence, the results showed
that the force tracking performance of the load simulator was considerably improved

with the addition of the velocity compensation.

Zongxia et al. [38] studied the hydraulic torque control problem on a load simulator
test bench, whose schematic view is given in Figure 1-14. Two hydraulic motors
were used as the load and test actuators, and they were controlled by two servo-
valves. The test actuator was controlled to track a reference position input and an
angular transducer was available for the feedback as seen in the figure. On the other
hand, the closed-loop torque controlled load actuator was expected to track a
reference torque command with a feedback from a torque transducer. The details
about the mechanical structure/connections of the test bench are not available in the
study. However, authors discussed the heavy disturbance of the test actuator on the
performance of the load actuator in detail. Although they pointed the velocity
feedforward compensation scheme as a suitable method to this problem, they
proposed a more direct approach, named as velocity synchronizing control, which
made use of the control signal to the servo-valve of the test actuator rather than its
velocity. In that way, it was aimed to eliminate phase lag caused by the feedforward
compensator, which was an inverse dynamic model of the hydraulic system. A
detailed non-linear mathematical model of the load simulator was obtained and the
improvement achieved with the proposed method was shown with the experimental
results. To illustrate, for a 10 Hz sinusoidal disturbance input, the torque error

decreased from 75 Nm to 5Nm with the addition of the compensator. The
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effectiveness of the method was clearer at high frequencies. The method is appealing

especially when the both systems share the same mathematical model.

Position servo system Torque servo system
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i transduce
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Figure 1-14 A schematic view of the torque load simulator [38]

Kashi et al. [39] introduced their hydraulic test rig which was used for the
investigation of the performance of active suspension systems. As seen in Figure
1-15, the load actuators were mounted to a closed structure and the actuators of the

active suspension system are connected between them.

Load cylinders

ASCS cylinders

Block mechanism Load cylinders

Figure 1-15 Active suspension test bench [39]
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The closed structure design of the test bench did not allow the forces to be
transferred to the environment. Hence, the test bench could easily be transported and
mounted on any platform. The loads to be applied to the suspensions were
determined from the real time simulation of the vehicle dynamics via dSPACE and

controlled by a valve controlled system.

Although the conventional valve controlled hydraulic systems are well-known with
their high power to weigh ratio and very high speed of response, their very low
energy efficiency is considered as a crucial drawback for today’s engineering
systems. Therefore, there is a great research activity in literature to eliminate the
valve losses in variable displacement or speed pump controlled hydraulic systems. In
order to provide a platform to study and improve the force and position control
performance of such an energy efficient hydraulic system, Ahn and Dinh [20]
designed an electro-hydraulic testing machine. Two hydraulic systems controlled by

variable speed pumps were connected two each other (Figure 1-16). The
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Figure 1-16 Schematic view of the EHA test machine [20]
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load simulator was named as the force generator, whereas the position controlled
system was named as the disturbance generator since the objective was to study the
force control problem for an energy efficient hydraulic system. Different spring
arrangements, named as spring load system, were discussed in that study to provide a
certain degree of compliance between the actuator under test and the load simulator.
The inner and outer springs had the spring constants of 720 N/mm and 519 N/mm,
subject to a maximum force of 8.6 kN and 4.7 kN, respectively. A force transducer
with a capacity of 50 kN was used to provide the required feedback for the force
control. In addition, a PC (Personal Computer) was utilized as the control computer
equipped with the required data acquisition and control cards. A two degree-of-
freedom robust adaptive control strategy was proposed with a feedback controller
and a pre-filter and its results were compared with those obtained when a classical
PID controller was used. The proposed method was particularly effective in terms of
steady state performance, but its transient performance was only comparable with
that of the PID controller. The test bench was highly flexible since it allowed the
development of different control strategies for the developed hydraulic circuit

solutions.

1.3 Objective of the Thesis

The main objective of this thesis is to develop an electro-hydraulic load simulator to
carry out the performance and stability tests of newly developed hydraulic drives and
control systems in controlled laboratory conditions. With the help of this load
simulator, it is aimed to eliminate the strong need for an actual plant to be readily

built or available so as to evaluate the performance and stability of these systems.

The design and control of the hydraulic load simulator are to be performed to satisfy
the given requirements. The resulting system should be tested to indicate its actual
limits clearly. A simulation model will also be developed as an off-line tool available

to the user to foresee the results before performing the experiments on the test bench.
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1.4 Thesis Outline

In this chapter, load simulators are introduced as experimental loading units used in
actuator or structural testing systems. The main components of these test benches are
explained and the advantages of using a load simulator test bench in the development
of new systems are discussed. In literature review, two commonly discussed issues in
the field of electro-hydraulic force control, namely the use added compliance
between the actuators of the load simulator and the actuator under test, and the use of
velocity feedforward controller are considered. In addition, some selected examples
of load simulators from the literature are investigated in terms of their drive systems,
control topologies, and the mechanical structures of the test stands. Finally, the

objective of this thesis study is presented.

In Chapter 2, the development of an electro-hydraulic load simulator is presented.
The sizes of the hydraulic components and the stiffness of the spring load system are
determined according to the design specifications. The feedback transducers and the
real-time target machine, which is used as DAQ system and the control computer of
the load simulator, are introduced. The construction of the test bench to
accommodate the actuators of the hydraulic load simulator and the drive system
under test are presented. The final view of the constructed test bench together with
the load simulator and the hydraulic drive system under test are shown and the main

components of the test bench are labeled on its photographs.

In Chapter 3, a non-linear mathematical model of the electro-hydraulic load
simulator is developed and a simulation model is constructed by using
MATLAB®/Simulink®. Most model parameters are obtained from the technical
drawings and catalogs of the components. The friction characteristic of the hydraulic
actuator is determined by some performing open-loop experiments. The validity of
the model with these parameters is also shown by performing some open-loop

experiments and comparing them with simulation results.
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In Chapter 4, the non-linear mathematical model obtained in the previous chapter is
linearized around a critical operating point. The linearized model is utilized in order
to design a combined feedforward and feedback controller. A proportional feedback
controller for the force control loop is selected and a reference feedforward is
designed to improve the force tracking performance of the system. A disturbance
feedforward controller is also designed in order to reduce the strong disturbance
caused by the motion of the hydraulic drive system under test. Since only the
actuator position of the hydraulic drive system under test is measured by a linear
encoder, its velocity is estimated for using in the disturbance feedforward controller.
A Kalman filter with a kinematic model is designed and tuned to accurately estimate

the velocity of the actuator.

In Chapter 5, the performance of the electro-hydraulic load simulator is investigated
by conducting some real-time experiments and by comparing their results with model
responses. Disturbance rejection and force tracking performances of the electro-
hydraulic load simulator are evaluated by performing a set of frequency response
tests. The saturation limits of the hydraulic system of the load simulator are
investigated by applying reference sinusoidal force inputs of various magnitudes and
frequencies. Force and spool position responses of the non-linear simulation model
are also presented in order to show that the simulation model can be utilized as an

offline test platform before performing real-time experiments.

In Chapter 6, the whole design process of the electro-hydraulic load simulator and
the results are summarized, conclusions reached are presented, and some possible

research points for future studies are discussed.
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CHAPTER 2

DEVELOPMENT OF THE ELECTRO-HYDRAULIC LOAD SIMULATOR

An electro-hydraulic load simulator and a test bench is developed in this thesis so as
to carry out the performance and stability tests of hydraulic drive systems in
controlled laboratory conditions. In this chapter, the development of the electro-
hydraulic load simulator is explained in detail. This mainly includes the development
of a valve-controlled electro-hydraulic loading system with its real-time control
hardware, and the construction of a test bench to accommodate the actuators of the

load simulator and the hydraulic drive system under test.

In Section 2.1, the design specifications are given. A brief description of the overall
system is given in Section 2.2. The development of the electro-hydraulic loading
system and the hydraulic components utilized in this study are explained in Section
2.3. The selection of the spring constant for the load system is also explained in this
section. In Section 2.4, the control hardware including a real-time control computer

and feedback transducers is presented.

In Section 2.5, the test bench constructed in order to accommodate the actuators of
the electro-hydraulic load simulator and the hydraulic drive system under test is
introduced. In Section 2.6, a set of photographs showing the final view of the electro-
hydraulic load simulator test bench are supplied, and its main components are labeled

on them.
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2.1 Requirements for the Electro-Hydraulic Load Simulator

An electro-hydraulic load simulator with its test bench is to be designed and

constructed in order to satisfy the following requirements.

The test bench should provide a mean for the direct connection of the
actuators of the load simulator and the system under test with a minimum
axial misalignment.

The test bench should accommodate a single rod hydraulic actuator as an
initial test specimen, whose main dimensions can be seen in Appendix C.

The allowable operating region in the F — v, plane for the system under test
is defined in Figure 2-1. The load locus of the system under test is restricted
within a region limited by a maximum power of 0.75 kW, a velocity of
100 mm/s, and a maximum force of 15kN. The frequencies of the
sinusoidal forces that the load simulator should apply at the maximum
velocity and the loading of the actuator under test are specified as w =

1.75 Hz and w = 1 Hz, respectively.
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Figure 2-1 Allowable region for the system under test
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e The bandwidth of the load simulator should reach 10 Hz for relatively small
loading conditions of the actuator under test (1 kN at 10 Hz).

e The user should be able to specify some custom load force profiles.

2.2 Description of the Test Bench

A schematic view of the test bench is given in Figure 2-2. As seen in the figure, the
actuators of the load simulator and the hydraulic drive system under test are fixed to
a bench to provide a mechanical support for applying the desired test loads. Two
actuators are connected to each other through a compliant spring arrangement (spring
load system) and a force transducer. The force transducer provides a feedback signal

for the closed-loop control of the load simulator. On the other hand, the spring load

Force _’@
Test System - EHA tmnSd{J‘ cer Spring Load Simulator
load syst i
J L e ?_’P_;

Encoder Encoder
L.—

%7

(Output
Interfaces

Input
Interfaces

Host Computer Real Time Target
r Machine

Ethernet

Figure 2-2 A schematic view of the load simulator and the test bench
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system 1is introduced to attenuate the effect of the strong disturbance of the test
actuator on the performance of the load simulator. In addition to the force transducer,
two position and two pressure transducers are also utilized in the test bench. One of
the position transducers is used to measure the position of the actuator under test.
The output of this transducer is used in a disturbance feedforward controller. Other
transducers are available only for monitoring purposes. The hydraulic circuit layouts
of the valve-controlled load simulator and the variable speed pump controlled
hydraulic drive system under test are given in dashed blue and red rectangles,
respectively. A valve controlled hydraulic system is considered for the load simulator
due to its high performance relative to pump controlled drives. Connections of the
transducers and the driver of the flow control valve with the real time control
computer through its various input and output interfaces are also indicated in Figure

2-2.

2.3 Development of the Hydraulic Load System

In this sub-section, the development of the hydraulic load system is explained in
detail. In Figure 2-3, the layout of the valve controlled electro-hydraulic load
simulator is given. It consists of a proportional control valve, a differential hydraulic
actuator, and a spring arrangement. The valve operates with a constant supply
pressure p, and its return is connected to the tank p;. The supply pressure is initially
selected to ensure that the hydraulic actuator can deal with the operational loads. The
flow control valve and the stiffness value of the load system are selected to satisfy
the given requirements. In addition, the design of the hydraulic power pack which is
constructed to provide the required flow rate at the selected supply pressure p; is

explained with its hydraulic circuit elements.
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Figure 2-3 Layout of the valve-controlled electro-hydraulic load simulator

2.3.1 Selection of the Supply Pressure and Hydraulic Actuator

The selection of the supply pressure of a hydraulic control system operating at
constant pressure is one of the first design steps [40]. A high supply pressure is
desirable since less flow is then required in order to deliver a specified power to the
load. On the other hand, two factors limit the use of very high supply pressures,
namely, increased leakage and noise and decreased component life. Therefore, for
most industrial systems, generally a supply pressure between 35 and 140 bar is
selected [40]. However, the final value of the supply pressure should be determined

at the same time with the size of the hydraulic actuator to handle the expected loads.

In this study, a Hanchen 120 series differential hydraulic actuator is used as the
actuator of the load simulator since it has been made available to the research team
by the department. The specifications of the hydraulic actuator are given in Table

2-1.
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Table 2-1 Hydraulic actuator specifications

Piston diameter 60 mm
Rod diameter 30 mm
Stroke 200 mm
Maximum operating pressure 150 bar
Overall mass 10.5 kg
Piston rod mass 2.7kg

In many applications, differential actuators are commonly preferred because of their
compact design, low cost, and easy use. However, they exhibit an inherent
nonlinearity due to their different pressure areas for rod and piston sides and this
leads to different the steady state velocities of the hydraulic piston in extension and

retraction phases for the same valve openings.

The following equation can be utilized to determine the required supply pressure for

the actuator to handle the dynamic operational loads [40]:

_ m,(d?x,/dt?) + b,(dx,/dt) + ks(x, — x4)
A

PL 2.1

p

Here, it can be assumed that the maximum acceleration, velocity, and spring force
occur at the same time with a very conservative approach. The maximum force
requirement is set as F™M®* = k,Ax™%* = 15 kN. Some reasonable values are
assumed for the maximum velocity and acceleration of the actuator as x, =
250 mm/s and X, = 15000 mm/ s2. In addition, it is reasonable to assume that load
pressure p; never exceeds 2pg/3. This last assumption is desirable since as pj,

approaches to p,, the actuator tends to stall and hence the flow gain decreases
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leading the system to lose control [40]. The mass of the hydraulic piston with the

addition of connector parts is m,, = 8 kg. A reasonable value for the viscous friction

P
coefficient is assumed as b, = 6.5 Ns/mm. Considering the rod side pressure area
of the hydraulic actuator Az = 2121 mm?, the minimum supply pressure required is
determined as pg = 118 bar. Therefore, a supply pressure of pg = 120 bar
(12 MPa) is selected in this study.

2.3.2 Selection of the Spring Constant and Flow Control Valve

The selection of the spring constant is a highly crucial design step for the
development of a series elastic actuator to be used in closed-loop force control
applications. The addition of series compliance between the actuators of the load
simulator and the system under test has the distinct advantage of reducing the output
impedance Z(s) = F(s)/X4(s). Therefore, the effect of this strong disturbance
caused by the motion the system under test is considerably reduced. However, the
flow requirement drastically increases with decreasing spring stiffness as larger
deformations are required so as to generate the same forces. Since this also increases
the size of the flow control valve, a load analysis with various spring stiffness values
is performed by considering the flow-pressure saturation limits of different

proportional flow control valves.

The flow-pressure characteristics (saturation curve) of a flow control valve used with

a differential actuator are expressed by the following equations [41]:

e For extension of the actuator,

1
= Jps —F/A
Up HAA T (AJA) ps —F/A4 (2.2)

e For retraction of the actuator,
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V(Aa/AR)Ds + F/A, (2.3)

1
v,=g
b A1+ (A4/AB)?
where g is the hydraulic conductance of the valve at its full opening per metering

edge.

In this study, three different proportional control valves available in the catalog of
Parker Hannifin are considered. The valves are rated at a pressure drop of 35 bar
(3.5 MPa) per metering edge as 16 Ipm (0.27-1073m3/s), 25Ilpm (0.42-
1073 m3/s) and 40 Ipm (0.67 - 1073 m3/s). By using Equations (2.2) and (2.3),
the characteristic curves of these valves at the supply pressure pg = 120 bar are

plotted in Figure 2-4 for extension and retraction cases, separately.
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Figure 2-4 Characteristic curves of valves with different flow ratings

As seen in Figure 2-4, the retraction case limits the achievable performance of the

hydraulic system. Therefore, while selecting the control valve and the value of the
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spring constant of the load system the retraction plots are considered in the analysis.

The extension case determines the requirements for the power supply.
In order to apply the desired loads onto the actuator under test, the motion of the
hydraulic load simulator should be expressed as follows:
x,(t) = Xo sinwt + x4(t) (2.4)
v, (1) = Xpow cos wt + v4(t) (2.5)

where X, and w are the amplitude and frequency of the oscillations of the load
actuator, respectively. The position and velocity of the disturbance actuator are

denoted by x,; and v, respectively.

In the analysis, the effects of inertia and friction are neglected since force associated
with them are relatively small as compared to the spring force F(t), which can be
inferred from Equation (2.1). Then, the force applied by the load actuator is

determined as follows:

F(t) = ks(x,(t) — x4(t)) = kX, sinwt (2.6)

Equations (2.5) and (2.6) are initially squared and then summed to yield to

(vp-vd)z_l_ F? _
(Xow)? (ksXo)?

1 2.7)

By using Equation (2.7), the load loci for different stiffness values of the load system
are plotted in Figure 2-5 by considering the limit loadings specified in Section 2.1. In
the figure, the pressure — flow characteristics of the valves given in Figure 2-4 are

also plotted.

As can be seen in Figure 2-5 and Figure 2-6, as the stiffness of the spring between

the actuators of the load simulator and disturbance actuator is decreased, the required
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flow rates to apply the desired forces at specified frequencies considerably increase.
Thus, it requires the use of valves with higher flow capacities. However, it is desired
to select the smallest sized flow control valve possible in order to keep the size of the
hydraulic power pack as compact as possible to reduce the overall development cost.

Therefore, first the valve with the lowest flow capacity should be considered.

From Figure 2-5, it is seen that with the valve rated as 16 [pm, the requirement
investigated in that plot can be achieved if spring stiffness value greater than
1.5 kN/mm is selected. On the other hand, the requirement given in Figure 2-6
cannot be satisfied with this valve and spring selections. At that point, it is required
to either increase the stiffness of the load spring system or select a flow control valve
with higher capacity. In Appendix D, the extra stiff springs available in the catalog of
a die spring producer is given. The highest stiffness value in the catalog is 952 N/
mm. However, the stiffest one readily available in the market was the one with a
stiffness value of 565 N/mm. Even a parallel combination of two of these springs
cannot lead to a stiffness value greater than 2 kN/mm, thus further complicated
spring arrangements are required to achieve this stiffness value. In addition, it is not
reasonable to limit the maximum velocity of the load system to 125 mm/s which is
slightly greater than the system under test and to further increase the output

impedance of the load actuator.

The next valve in the catalog, which has a flow rating of 25 Ilpm, is considered. It is
observed in Figure 2-5 and Figure 2-6 that with the use of this valve and a spring
load system having an equivalent stiffness of 1 kN /mm satisfies both requirements
given these figures. Therefore, two of this hardest spring that is readily available in
market are gathered and the springs are decided to be used in parallel connection to
lead to an equivalent stiffness of 2-565 N/mm = 1130 N/mm. A mechanical

arrangement is constructed to operate the springs in parallel connection.

The ordering code of the selected proportional directional control valve

(25 lpm at 35 bar per metering edge ) of Parker Hannifin is DIFPESOHBINBS
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[42]. A cross-sectional view of the valve is given in Figure 2-7. It converts an
electrical command input into a proportional spool stroke. In order to achieve a high
dynamic response, its driver performs a closed-loop position control by taking the
actual spool position as the feedback. It is a critically (or zero lapped) lapped valve.
That is, the width of lands on the spool is the same as the width of the ports on the

slave of the valve. The wiring diagram of the valve driver is given in Appendix A.2.

~

Figure 2-7 Cross-sectional view of the Parker DFplus proportional directional control

valve [42]

In Figure 2-8, the allowable operating region for the system under test and the
loading limits of the electro-hydraulic load simulator are plotted together. In this
figure, it is shown that the loading system is capable of applying the desired loads at

specified frequencies while the system under test is within the allowable region.

The load loci for different loading conditions when x; = 0 mm/s is illustrated in

Figure 2-9. The saturation curve of the selected flow control valve is also shown in
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the figure. By using these figures, the loading limits of the hydraulic system are

summarized in Table 2-2 and Table 2-3.

Table 2-2 Loading limits of the hydraulic system for v; = 100 mm/s

Magnitude [kN] 1 2.5 5 7.5

Frequency [Hz] 10 10 6 4

Table 2-3 Loading limits of the hydraulic system for v; = 0 mm/s

Magnitude [kN] 1 3 5 7.5 10 15

Frequency [Hz] 10 10 6 4 3 2

To conclude, if it is further required to get a more extended dynamic loading
capability, the stiffness of the load system can be increased, but of course at the

expense of an increased output impedance, Z(s).
2.3.3 Hydraulic Power Pack

A hydraulic power pack is constructed to provide the valve controlled hydraulic
system with the required flow rate at the selected constant supply pressure. The
hydraulic layout of the power unit is given in Figure 2-10, and the elements of the

power pack are listed below.

e Hydraulic pump and motor

e Pressure relief valve
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e Check valve

e Shut-off valve

e High pressure filter
e Accumulator

e Reservoir

e Quick couplings for pressure and return lines (disconnected)

Quick
couplings /6\
o

Ps
Accumulator @ <—> Filter
D4 Shut-off valve

Pressure relief
Check Pl valve

valve Q -------

Pump
and motor

l ] Reservoir

Figure 2-10 Hydraulic power pack layout — constant pressure operation

Pump and Motor

The required hydraulic power for the electro-hydraulic load simulator is provided by
a constant displacement pump which is driven by a prime mover (an electric motor)

as seen in Figure 2-10. A GAMAK cage induction motor with a power rating of
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11 kW is utilized in this study, and its further specifications are given in Table 2-4.

The size of the pump is determined by using the following equation:

Qp =nDpN (2.8)

where 1 is the volumetric efficiency, D, is the displacement of the pump per
revolution, and N is the rotational speed of the pump, hence of the electric motor
since they are coupled. From the catalog of Bucher Hydraulics, a constant
displacement pump (QX31-032) with an effective displacement of 31.2 cm3/rev is
selected. Since its volumetric efficiency at 120 bar is about 0.93, the actual pump
flow is determined as Q, = 43 [pm by using (2.8). Hence, when the characteristic
curve of the valve given in Figure 2-4 is considered, the selected pump-motor
arrangement satisfies the required flow rate (42 [pm). In addition, the torque that
should be provided by the electric motor to provide a supply pressure of

120 bar with this pump is determined as 60 Nm.

Table 2-4 Specifications of the electric motor

Type AGM2E 160 M4

Supply voltage 3 —phase,400V,50 Hz

Rated power 11 kW
Speed 1470 rpm
Current 21.04
Torque 71.5 Nm
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Pressure Relief Valve

A Bucher Hydraulics DVPA-1-10-SM pressure relief valve is used to set the constant
supply pressure at 120 bar [43]. It is a two-stage cartridge type pressure relief valve
with a positive seat pilot stage, and a spool type main stage. The performance
characteristic of the valve is given in Figure 2-11. As can be seen from its symbol,
the flow direction is from its port A to port B, whereas in the reverse direction the
flow is prevented. The crack pressure of the valve is adjusted through an adjusting
screw on the valve. One complete turn of the adjusting screw increases the crack

pressure of the valve about 38 bar.

Ap-Q characteristic
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Figure 2-11 Performance characteristic of the pressure relief valve [43]

Accumulator

Accumulators are commonly preferred in constant pressure supply power packs to
filter out the pressure oscillations generated at the pump and to provide the required
flow at peak flow demands [40]. A SAIP bladder type accumulator with a volume of

1.5 liter and a maximum operating pressure of 350 bar (35 MPa) is used as it is
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provided by the project sponsor. The pre-charge pressure of the accumulator p, is

suggested in reference [44] to be calculated as follows:

Po = Cacc * Pm (2.9)

Here, p,, is the average operating pressure and C,.. is a constant between 0.6 and
0.75. Thus, the pre-charge pressure of the accumulator is set to 0.6 - 120bar =
70 bar.

Transmission Line Elements

A number of flexible hoses, couplings, and fittings are used as the transmission line
elements. For this purpose, FIREFLEX DIN EN 853 SAE100R2 AT 1/2" hydraulic
hoses with a maximum operating pressure of 275 bar are employed. Since the
elasticity of the hoses affects the dynamics of the system, the control valve is
assembled as close as possible to the hydraulic actuator in order to decrease the hose
length. In addition, quick couplings are used to connect the power pack to the valve
in order to decrease the setup-time and to prevent the hydraulic oil losses during

disassembling and assembling the test bench.
Hydraulic Fluid

PO Hydro Oil HD 46 series hydraulic oil is used as the working medium in the valve
controlled hydraulic system. Some typical physical specifications of the oil are given
in Table 2-5. With its high viscosity index, it can be used in wide temperature ranges.
It is also possible with this oil to obtain a cleanness level of NAS 7 (according to
NAS 1638) by using a proper filtration, which is required for the operation of the

proportional control valve.
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Table 2-5 Physical specifications of the hydraulic oil

Manufacturer and type Petrol Ofisi, Hydro Oil HD Series
ISO Viscosity Grade (VG) 46
Density, @ 15°C 0.879 kg /m3
Kinematic viscosity, @ 40°C 46 mm?/s
Viscosity Index 99

Hydraulic Reservoir

It is suggested as a rule of thumb that the volume of the hydraulic reservoir be 3
times the rated pump flow rate expressed as volume per minute [45]. That is, the time
required to empty the reservoir should take 3-5 minutes in case of a failure of the
major line [46]. Hence, the minimum required size of the hydraulic fluid reservoir is

determined as about 120 liters.
Pressure Filter

The proper filtration of the hydraulic oil is extremely important to prevent
component failures and the resulting failure costs [46]. An Eaton HP 61 10VG series
pressure filter is utilized in order to maintain the required fluid cleanliness. This filter
with stainless steel wire mesh has a filter-fineness of 10 um. It is advised to place the
filter at the last possible place before the critical component, which is the
proportional flow control valve in this system [40]. Thus, the filter is placed just

before the valve inlet as seen in Figure 2-10.

Before installing the proportional directional control valve, a flushing operation is
performed by manually directing the fluid flow to both sides of the hydraulic actuator
via a hand operated directional control valve during a day shift. The cleanliness of

the system is monitored by the Parker Laser CM20 Contamination Monitor in order
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to make sure that a level of NAS 6 is obtained before installing the proportional

directional control valve to the system.

2.4 DAQ and Control System Hardware

In this section, the data acquisition and control system hardware utilized for the
hydraulic load simulator is presented. It consists of a number of feedback and
monitoring transducers, a real-time target machine as the real-time data acquisition
system, and the control computer. The interactions of the transducers and the driver
of the control valve with the real-time target machine and the hydraulic system can

be seen in Figure 2-2.

2.4.1 Feedback and Monitoring Transducers

The electro-hydraulic load simulator is equipped with a number of feedback and
monitoring transducers, namely, a force transducer, two pressure transducers, and a
position transducer. In addition, an incremental encoder is used to measure the piston
position of the hydraulic drive system under test. The details of these components are

given in this section.
Force Transducer

The force applied by the load simulator onto the test actuator is determined via a
force transducer which is given in Figure 2-12. It is a Burster Model 8524 tension
and compression force transducer which is suitable for laboratory applications [47].
It is made of corrosion resistant steel and it is easily integrated with the test bench
with the aid of a number of threaded and unthreaded fastening holes. The maximum
static load that can be measured is 20 kN, and the natural frequency of the transducer

is stated to be about 4 kHz. [47].
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Figure 2-12 Burster tension and compression force transducer

The transducer operates on the principle that the force to be measured deforms a set
of spring gauges, thus their electrical resistances change. In this model, a Wheatstone
bridge arrangement of the gauges is utilized, which provides a voltage value directly
proportional to the measured force. Thus, the voltage output of the transducer at

maximum loading, U,, is given by

Us,=c-U, (2.10)
where U, is the excitation voltage and c is the sensitivity of the transducer.

A test and calibration certificate is provided by the manufacturer and the sensitivity
of the transducer is given as 1.5004 mV /V. Since an excitation voltage of U, =5V
is recommended, the output of the transducer is in the range of 7.5 mV. This highly
small amplitude signal is amplified with a signal amplifier whose bandwidth is
1 kHz. The calibration and gain setting of the amplifier is explained in Appendix

B.2. The transducer outputs a positive signal while it is at compression.
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Pressure Transducers

Both chamber pressures of the hydraulic actuator of the load simulator are measured
by separate pressure transducers. Two Trafag 8472 pressure transducers (Figure
2-13) are used in this study [48]. They are supplied by a voltage of 24 V DC. The
measuring range of the both transducers is 0-250 bar. They provide a voltage
signal output in the range of 0- 10V DC. All pressure transducers are calibrated by
using a dead weight pressure tester and the results are used to implement a look-up
table for better results. The calibration of transducers via the deadweight pressure

tester is explained in Appendix B.1.

Figure 2-13 Trafag 8472 pressure transducer

Position Transducers

In this study, the position of the piston-rod relative to the cylinder is measured by a
Novotechnik linear contactless magnetostrictive position transducer [49]. It consists
of a rod-shaped measuring probe and a ring-shaped position marker as seen in Figure
2-14. The transducer is fastened coaxially to the hydraulic cylinder and its long rod-
shaped measuring probe extends into the gun-drilled piston-rod. On the other hand,
the ring-shaped position marker is fixed to the piston of the hydraulic actuator. The
stroke of the transducer is 300 mm. In addition, it is an absolute position transducer
and provides a voltage output in the range of 0 — 10V DC. It requires a supply
voltage of 24 V DC and the working pressure is to be limited to a chamber pressure

of 350 bar.
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Figure 2-14 Novotechnik position transducer [49]

In addition, the test bench is equipped with an incremental encoder to measure the
position of the actuator under test. Its connection to the actuator can be as seen in
Figure 2-20. It is an Atek MLS-4 series incremental encoder with 270 mm stroke
and 5um resolution at 4X decoding. The encoder provides a TTL output with A and
B channels as well as an index channel. It requires a supply voltage of 5V DC. Since
the motion of the test actuator is considered as the disturbance input to the electro-
hydraulic load simulator, the output of this incremental encoder is utilized in the
feedforward controller of the load simulator designed for the purpose of disturbance

rejection.
2.4.2 Real-Time DAQ and Control Computer

A Speedgoat modular real-time target machine (SN 1414) with various analog and
digital 10 modules is utilized as the DAQ system and control computer, which is
shown in Figure 2-15. The computer has an Intel Core 2 Duo 2.26 GHz processor
and a memory of 2048 MB DDR3 RAM. Moreover, the target machine is equipped
with the following I/O modules:

e Analog input module (I/O105)
e Analog output module (I/O111)
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e TTL/SSI encoder module (I/0401)
¢ Digital input and output module (I/0203)

Figure 2-15 Speedgoat modular real-time target machine

The analog input module I/0105 includes 32 differential analog input channels of
16-bit resolution. This module is used to acquire the voltage outputs of the pressure,
position, and force transducers. The analog output module I/O111 includes 16 analog
output channels of 16-bit resolution. This module is utilized to drive the proportional
control valve. The encoder module I/0401 includes 6 counters of 32-bit resolution.
This module is used to acquire the output of the incremental encoder. Connections of

all these transducers to the corresponding I/O modules can be seen in Appendix A.1.

The real-time target machine is compatible with MathWorks® xPC Target™
software. Hence, the real-time control of the system is performed by implementing
the designed controller in MATLAB®/Simulink®. A standard personal computer with
a MATLAB® R2011a (win32) software installed is utilized as the host PC. The
Speedgoat’s tools and drivers for xPC target are installed on the top of the existing

MATLAB® software. In addition, it is required that the MathWorks® products,
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namely, Simulink®, Real-Time Workshop®, and xPC Target™, already be installed
on the host PC. A fixed step Runge-Kutta 4™ order (ode4) solver is selected with a
sampling frequency of 1000 Hz for integration of system differential equations
during simulations. The designed controller in MATLAB®/Simulink® environment is

compiled in the host PC and downloaded to the real-time target machine.

2.5 Mechanical Construction of the Test Bench

A test bench is designed and constructed to accommodate the actuators of the load
simulator and the hydraulic system under test. The solid model of the test bench can
be seen in Figure 2-16, which is obtained by modeling the components of the test
bench in SolidWorks 2010. As seen in the figure, a closed frame structure is
preferred in order to prevent the created forces from being transferred to its
environment. Therefore, the resulting structure can be mounted on any platform.
Furthermore, it is compact and easily transportable. Some important dimensions of

the test bench can be seen in Appendix C.

The components of the test bench are labeled in Figure 2-17. Hydraulic actuators are
supported by two separate mounting brackets. Each actuator is clamped to its
mounting bracket with six threaded bolts. On the other hand, the mounting brackets
are connected to each other to form a closed structure through six end threaded
connecting rods by using nuts. In order to provide these connections, the mounting
brackets are machined to obtain the required holes. The technical drawings of the
brackets can be seen in Appendix C. Furthermore, the proper alignment of the
actuators is critical since the lateral forces induced onto the force transducer increase
with increasing amount of misalignment, which may damage the transducer. Hence,
the brackets are machined together to ensure the concentricity of the rods of two

actuators.

The length of the connecting rods, that is the distance between the actuators of the

load simulator and the system under test, is determined such that the whole stroke of
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Figure 2-16 Isometric view of the load simulator test bench

Actuator Mounting brackets Actuator
(Test system) (Load Simulator)

AR

i
!

Connecting rods Fixing plates Spring load system & adapters

Figure 2-17 Top and side views of the test bench and its components
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the actuators can be utilized during testing. Therefore, when the piston of one of the
actuators is at its maximum stroke, the other is at its minimum stroke. Note that the

unloaded length of the load system is also taken into account.

So as to fix the test bench to a platform, two thick plates are fastened to the mounting
brackets as seen in Figure 2-17. The plates are then bolted to a base platform through
the mounting holes of the plates. Thanks to the closed mechanical structure of the
test bench, no load is induced by the loading system onto the fixing plates same as

the base platform.

The actuators of the load simulator and the system under test are connected to each
other through the load system whose isometric view is given in Figure 2-18. A honed
cylinder is utilized as the spring housing and two housing heads are used to pre-
compress the die springs in the housing. In addition, a piston-rod arrangement is used
to deflect the springs within the spring housing. The piston of the loading rod is

grooved to place a low friction seal.

Note that it is required to have the die springs connected in parallel to each other.

Hence, as seen in Figure 2-19, the piston of the piston-rod arrangement deflects the

Figure 2-18 Isometric view of the spring load system
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springs the same amount and thus they are in parallel connection. In addition, the
length of the housing cylinder is determined such that during testing none of the
springs can reach to their free lengths if the applied forces are within the operating
limits. The free length of the springs is given in Appendix D as 127 mm and the main
dimensions of the load system are given in Appendix C where the length of the
housing is 210 mm. Since the piston deflecting the springs inside the load system has
a length of 20 mm, each spring is pre-compressed to a value of 18 kN, which is
greater than the operating limit of the system. Thus, the pre-deflection of the springs

prevents the nonlinearity in the operation.

The force transducer is connected to one of the housing head with six threaded bolts.
The other side of the force transducer is connected to the actuator of the system
under test with the aid of a thread adapter. Similarly, another thread adapter is
utilized to connect the piston-rod arrangement of the load system to the actuator of

the load simulator.

Spring housing
(transperant) Die springs Force transducer

T

N

Adapter ' Adapter

Rod-piston Housing heads

Figure 2-19 Side view of the spring load system and its components
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2.6 The Overall View of the Test Bench

A photograph of the electro-hydraulic load simulator test bench is given in Figure
2-20. The hydraulic actuator and the proportional control valve of the hydraulic load
simulator are seen on the right as well as its connection to its hydraulic power pack.
On the other hand, the actuator of the system under test is located on the left of the
test bench with its hydraulic equipment. The actuators are connected to each other
through the spring load system. The main components of the load simulator are also
labeled in Figure 2-21. A photograph of the hydraulic power pack is provided in

Figure 2-22, on which its components are labeled.

Figure 2-20 A photograph of the electro-hydraulic load simulator test bench
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Figure 2-21 Components of the hydraulic load simulator
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Figure 2-22 A photograph of the power pack and its components
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CHAPTER 3

MATHEMATICAL MODELING OF THE SYSTEM

In this chapter, a mathematical model of the electro-hydraulic load simulator is
developed with the purpose of control system design and analysis and a numerical
simulation model is obtained by using MATLAB®/Simulink®. In Section 3.1, the
physical model of the hydraulic system is given and the mathematical model of the
each component is developed by using the physical laws under the stated
assumptions. The simulation model of each component is also constructed and
presented. In Section 3.2, the nominal model parameters are obtained and the
simulation model is validated by comparing the simulation results with the open-loop

test results.

3.1 Mathematical Model

The physical model of the valve controlled electro-hydraulic load simulator is given
in Figure 3-1 for mathematical modeling. The hydraulic system consists of a
differential hydraulic actuator and a proportional control valve with an input signal
of u. The areas of the actuator for piston and rod side are represented by A, and Ag,
respectively. The mass of the piston and other parts attached to it are lumped to the
mass m,, whose position is denoted by x,,. The spring arrangement connecting the
load actuator to the test actuator is represented by a spring with stiffness kg where the
force transducer is assumed to be rigid. In addition, a positive direction for the

disturbance motion is assumed and is denoted by x; in the figure.
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Figure 3-1 Physical model of the electro-hydraulic load simulator

In the following sub-sections, the simplifying assumptions are explained and the
mathematical models of the valve, actuator, and the load are developed by using
physical laws. Furthermore, the MATLAB®/Simulink™ models for each sub-system

are constructed and presented.
3.1.1 Valve Model

A four-way, zero-lapped proportional control valve is used in order to control the
flow through the actuator of the load simulator. The valve is modeled as shown in

Figure 3-2. The input voltage to the valve driver u results in a proportional spool

4p
u Valve Dynamics Xy Flow Characteristics Q
> . . —
Valve input (Solenoid actuator and driver) Spool (Spool valve) Flow
voltage position

Figure 3-2 Valve model
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position x,,, which is controlled by the position controller of the spool in the valve
driver. An LVDT on the valve feeds back the spool position to the controller. For this
study, a first order transfer function between the input voltage U(s) and the spool

position X,,(s) can be used to describe the valve dynamics as follows:

X,(s) _  Kq

U(s) Tys+1 G-D

Ga(s) =

where K|, is the steady state gain and T, is the time constant of the valve actuator.

The time constant of the valve actuator T,, can be approximated from the frequency
response plots of the valve given in Figure 3-3, where the amplitude ratio
corresponds to the input voltage and the voltage output of the LVDT on the valve.
The bandwidth of the valve, that is the frequency range in which the magnitude curve

is greater than -3 dB, is about 80 Hz.
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Figure 3-3 Frequency response (Bode) plots of the control valve [42]

The resulting opening of the valve leads to flows through the orifices of the valve. To

determine the flow through each orifice, the following flow equation is utilized.
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Q = Cajwx, ’%Ap (3.2)

Here, C; and w are the discharge coefficient and peripheral width of the orifice,

respectively, Ap is the pressure differential across the orifice and p is the density of

the hydraulic fluid.

A schematic view of a typical symmetrical four-land-four-way spool valve is given
in Figure 3-4. Ports labeled as A and B are connected to the piston and rod side
chambers of the hydraulic actuator, respectively. Also, assumed directions of the
flows through these ports Q4 and Qp are indicated in the figure. Remaining ports are
for the supply and return lines as shown. Supply and return pressures are represented
by ps and p;, respectively. In this study, oscillations in the supply pressure are
neglected and the supply pressure is assumed to be constant since an accumulator is
utilized on the pressure line to reduce those oscillations. On the other hand, the return
pressure is assumed to be zero, i.e., p, = 0, since it is considerably smaller than the

other system pressures [40].

Supply, p, Return, p,
|

- |

0 0

Pa Ps

Figure 3-4 Schematic of a four-land-four-way spool valve
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Four orifices on the valve are numbered in Figure 3-4. In addition, the assumed
positive direction of the spool position is shown in the figure. For an exactly zero-
lapped valve with perfect radial clearances, at null position of the spool, no flow to
the load is allowed whereas only two of the orifices of the valve permit the fluid flow

depending on the sign of spool stroke.

The configuration of the valve for the positive displacement of the spool is given in
Figure 3-5. Here, only the orifices 1 and 4 allow the fluid flow to provide the

extension of the hydraulic actuator.

Supply, p Return, p,

Figure 3-5 Configuration of the valve for positive spool position

Following flow equations can be written for x,, > 0:

’2
Q4 = Cawx,, l_)(ps - pA) (3.3)
2
Qp = Cqwx, ’;PB (3.4
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The configuration of the valve for the negative displacement of the spool is given in
Figure 3-6. In this configuration, only the orifices 2 and 3 allow the fluid flow to

provide the retraction of the hydraulic actuator.

Supply, p, Return, p,
|

vj. {I = — | .
Q N~ 3
' I_I3\ 1|_|2’\

N '
A B
l oy T Qs
Pa Ps

Figure 3-6 Configuration of the valve for negative spool position

Following flow equations for can be written for x,, < 0:

2
Qq = Cqwx, ’EPA (3.5)
’2
Qp = Cawx, ;(ps - pB) (3.6)

In general, the model parameters of the valve are difficult to determine, or measure,
and not available in valve catalogs. Instead, they are combined in a parameter K,

named as steady state flow gain, which is given by

2
K, = Kade\/; (3.7)
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The steady state flow gain of the valve is extracted from the valve catalog by using
the nominal (rated) flow of the valve at maximum input signal. The nominal flow of
the valve is provided by the manufacturer as 25 lpm under a pressure drop of
35 bar at each orifice. Moreover, the flow curve of the valve with respect to the
input signal is given in Figure 3-7. It is seen that, at constant pressure drop, the flow

gain is independent of the input signal and it is fairly constant.

at Ap = 35 bar per metering edge
Spool type EO1/E50

P-B[ N — E50 7 | P-A
AT ‘\\ —-— E01 ,// BT

50% X
\
\
\
\ /
A\ /
/
0% :

-100% 0% Input signal 100%

Flow

Figure 3-7 Percentage flow rate versus percentage input signal for the control valve —

solid line for spool type E50 [42]

Introducing the steady state flow gain K,, into Equations from (3.3) to (3.6), the flow

equations for steady state are obtained as follows:

e For positive valve opening x,, = 0,

Qs = Kvxv\/ Ps — Pa (3.8)
Qp = KVXV\/E (3.9)

e For negative input signal x,, < 0,

Q4 = KyXy /D2 (3.10)
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Qp = Kvxvx/ Ps — DB (3.11)

In addition, the steady state gain of the transfer function between the input voltage
U(s) and the spool position X,(s) can be assumed as unity for convenience to

simplify to

X)) 1
U(s) Tys+1

G,(s) = (3.12)

The MATLAB®/Simulink® model of the proportional control valve is obtained by
using the Equations from (3.8) to (3.13) as shown in Figure 3-8. The valve model
accepts the voltage signal u and the chamber pressures of the hydraulic actuator p,
and pp as inputs. The output of the model is the flow rates through its ports A and B,

which are Q4 and Qp, respectively. The saturations of the valve input signal at

max max
—Uu

are also included in the model with a saturation block.

p_supply
Q}’K
P >=
.

and u
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Figure 3-8 MATLAB®/Simulink® model of the proportional control valve
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3.1.2 Hydraulic Actuator Model

In this sub-section, the mathematical model of the hydraulic actuator shown in Figure
3-1 is obtained. It is a single rod actuator, also called as an A + @A configuration
[50]. The positive direction for the actuator motion, x,, is compatible with the input
signal to the valve, u. That is, a positive input signal to the control valve causes a
positive velocity of the hydraulic actuator and vice versa. In addition, it is assumed

that the actuator is at its mid-stroke when x; = 0.

The effect of compressibility of the hydraulic fluid is taken into consideration in the
model. The bulk modulus of the hydraulic fluid is represented by £ and it is assumed
to be constant. However, the compliance effect of the actuator structure is neglected.
Also, the lines are assumed to be rigid and volume of the fluid between the valve and
actuator is small since valve is very close to the actuator. In addition, the external and
cross-port leakages of the hydraulic piston are not considered in the model. Hence,
the flow continuity equations for both chambers of the hydraulic actuator are written

as follows:

. Vadpa

QA =AAxp+FE (313)
. Vg dpg

QB = ABxp - E_dt (3.14)

The force output of the hydraulic actuator, F;, is obtained by

F, = Appa — ApDsp (3.15)

The piston and rod side volumes of the hydraulic actuator depend on the position of

the hydraulic actuator. Hence, the piston side volume of the actuator, V4, is

VA = VAO +AAxp (316)
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whereas the rod side volume, Vj, is

VB == VBO _ABxp (3.17)

Here, V,, and Vg, are the initial, or mid-stroke (x, = 0), piston and rod side volumes

of the hydraulic actuator, respectively.

The MATLAB®/Simulink® model of the hydraulic actuator, implementing Equations
from (3.13) to (3.17), is given in Figure 3-9. The model accepts the flow rates Q4 and
Qg the position x and velocity x of the actuator as inputs, and outputs the hydraulic

load force F; together with the chamber pressures p, and pg separately.

> 1 PA[MPa]
Bulk Modulus . s | pAMPa]
xp_dot[mm/sec]
V_initial_A +
3 AA L (2D
xp[mm] Initial Volume - A - F_load [N]

1
s | pB[MPa]

pB[MPa]

gA[mm3/sec]

2 [

V_initial_B

Initial Volume - B

Figure 3-9 MATLAB®/Simulink® model of the hydraulic actuator

3.1.3 Load Model

Figure 3-1 shows the hydraulic actuator of the load simulator and its connection to
the test actuator with a compliant spring with stiffness k. The mass of the piston is
represented by the lumped mass m,. A viscous friction is assumed between the

cylinder and the piston and its coefficient is denoted by b,,. A rigid connection of the
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test actuator to the force transducer is assumed, and the position of the test actuator is
denoted by x,;. The application of the Newton’s 2" law of motion to the system

yields to

mpXy + bpXy + ksxp, = Agpa — Appp + ksXxq (3.18)

The ultimate control variable in the electro-hydraulic load simulator is the force

exerted to the system under test F, and it is given by

F = ks(x, — Xq) (3.19)

The MATLAB®/Simulink”® model of the load is shown in Figure 3-10. The model is
constructed by using Equations from (3.13) to (3.17). The inputs to this sub-model
are the force generated by the hydraulic actuator F; and the velocity of the actuator
under test as the disturbance input x;. The output of the model are the position and
velocity of the actuator of the load simulator x,and x,, and the force exerted to the
actuator under test F, which is the control variable. Furthermore, the non-linearity

max

due to the limited stroke of the hydraulic actuator between —x; jax

and Xp is

included into the model.
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Figure 3-10 MATLAB®/Simulink® model of the load
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3.2 Model Validation

In the previous section, the mathematical models of the proportional control valve,
the hydraulic actuator, and the load are obtained and their simulation models are
constructed by using MATLAB®/Simulink®. The inputs and outputs of each sub-
model are clearly identified. In this section, these sub-models are combined to
construct the whole system simulation model as seen in Figure 3-11. The model is
validated with experimental test results in order to prove its reliability for the control

system design and analysis.
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Figure 3-11 MATLAB®/Simulink® model of the whole system

Most model parameters are available in the manufacturers’ catalogues and the
technical drawings of the products. However, the friction characteristic of the
hydraulic actuator, which is highly important in the pressure response of the

hydraulic system, is not available and it has to be determined experimentally.

In order to determine the friction characteristic of the hydraulic actuator, a sinusoidal
control input with a magnitude of 5 Volts and frequency 1 Hz is applied to the

proportional control valve without saturating the hydraulic actuator. The test is
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performed when only mounting parts are attached to the hydraulic cylinder and the
supply pressure is adjusted to an operating pressure of py = 120 bar. The actuator
position x,, and the chamber pressures p, and pg are measured by a linear position
encoder and pressure transducers at each chambers, respectively. Furthermore, the
acceleration of the actuator is estimated by using a kinematic Kalman filter. Using

Newton’s second law of motion, the friction force is determined as follows [51]:

Ff = AApA - ABpB - F - mpjép (320)

The friction force is then plotted as a function of piston velocity as shown in Figure
3-12. There are 4 cycles available in the figure. As clearly seen in the figure, a
Stribeck friction curve, which is commonly encountered in literature [51], can be
utilized to represent the friction characteristic of the hydraulic actuator. It consists of
static friction, Coulomb friction and viscous friction proportional to the actuator

velocity.

Friction Force vs. Velocity
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Figure 3-12 Measured friction force versus velocity of the hydraulic actuator —

Supply pressure pg = 120 bar
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Investigating the friction characteristic of the hydraulic actuator, it is seen that the
effects of non-linear components of the friction can be neglected and only a viscous
friction can be assumed. In addition, this assumption is reasonable since a linear

analysis will be performed in the design and analysis of the controller.

In order to linearly represent the friction characteristic of the hydraulic actuator given
in Figure 3-12 as a pure viscous friction, MATLAB®’s Curve Fitting Toolbox is
utilized. The graphical interface of the toolbox is utilized to import the data and fit a

linear polynomial of the form

F (%) = p1%p (3.21)

The coefficient of the polynomial is found as p; = 6.5. The goodness of the fit is

given with a root mean square error of 47.4 N.

In Figure 3-13, it is seen that the viscous friction assumption represents the friction
characteristic fairly well, and its static and Coulomb friction components are

neglected.

Friction Force vs. Velocity - Linear Approximation
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Figure 3-13 Viscous friction force approximation of the measured friction force
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Most model parameters are obtained from the manufacturers’ catalogs whereas only
the friction characteristic of the hydraulic actuator is determined experimentally. In
addition, the bulk modulus of the fluid is approximated from literature [41]. The

nominal values for the model parameters are listed in Table 3-1.

Table 3-1 Nominal values of the model parameters

Parameter Symbol Unit Value
Piston side area Ay mm? 2827.4
Rod side area Ag mm? 2120.6
Maximum actuator stroke Xy * mm 200
Flow gain of the control valve K, m—m3 22270
sVVMPa
Valve actuator time constant T, S 0.002
Initial volume of the piston side chamber Va, mm3 325200
Initial volume of the rod side chamber Vg, mm?3 243900
Stiffness of the compliant spring ks N/mm 1130
Viscous damping coefficient b, N -s/mm 6.5
Mass of the piston m, kg 3
Bulk modulus of the hydraulic fluid B MPa 1300
Supply pressure Ds MPa 12
Tank pressure Dt MPa 0
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The validity of the model with parameters given in Table 3-1 is evaluated by
performing some open-loop tests, and comparing the results of these experimental
tests with the simulation results. This approach is generally considered as the most

obvious and pragmatic way to determine whether a model is good enough [52].

In the open-loop test, a sinusoidal input signal is applied to the valve driver. During
the test, the valve spool position, the hydraulic actuator position, and pressures of
both chambers are measured by means of corresponding transducers. The sinusoidal
input signal to the valve has a magnitude 3 Volt and frequency 1 Hz as shown in
Figure 3-14. The spool position is obtained via the LVDT of the valve. The
measurement and simulation results are also given in this figure. In Figure 3-14, the
residual error between the measured and simulated spool position responses is also
given which is within an error band of +0.14 Volt. It is seen that the model is

reasonable within 0.033 Volt rms.

Spool Position vs. Time

Reference
Measurement
Simulation

Spool Position [Voltage]

Error [Volts]
o
T
|

Time [sec]

Figure 3-14 Measured and simulated spool position responses of the open-loop

system to a reference sinusoidal input and residual error
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In Figure 3-15, measured and simulated position responses of the hydraulic actuator
are compared. Since the hydraulic actuator is a differential actuator, its extension
velocity is greater than its retraction velocity, as expected. Therefore, a drift in
extension direction of the actuator in each cycle of the sinusoidal control input is
observed. In Figure 3-15, the residual error between the measured and simulated
position responses is also shown. The residual error remains in an error band

between —1 and 1 mm with a root mean squared value of 0.33 mm.
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Figure 3-15 Measured and simulated position responses of the open-loop system and

residual error
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In Figure 3-16, measured and simulated velocity responses of the open-loop system
are given. The velocity of the actuator is estimated from the position measurement by
using a kinematic Kalman filter. The residual velocity error is between —17 and
23mm/s and has an rms value of 4.8 mm/s. Hence, the model is in good

agreement with the experimental results.

Velocity vs. Time
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Figure 3-16 Measured and simulated velocity responses of the open-loop system and

residual error

Chamber pressures of the hydraulic actuator are compared with the simulation
results. In Figure 3-17, the piston (chamber A) and rod (chamber B) side actuator

chamber pressure responses obtained during the open-loop tests are plotted and
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compared with the simulation results. Although a small off-set between the
experimental and simulation results is observed, the dynamic behaviors of the
chamber pressures are compatible with the simulation results. This off-set occurs
since the value of the supply pressure in the system is slightly higher than the one in
the simulation model. However, since their dynamic behaviors are important, the
load pressure, which corresponds to the load force obtained in Equation (3.15), is
determined and presented in Figure 3-18. The model represents the load pressure
dynamics of the system fairly well as seen in the figure. The residual error is between

—0.38 and 0.28 bar and its rms value is 0.15 bar.
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Figure 3-17 Measured and simulated rod and piston side pressure responses of the
open-loop system
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Load Pressure vs. Time
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Figure 3-18 Measured and simulated load pressure responses of the open-loop

system and residual error
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CHAPTER 4

CONTROLLER DESIGN AND IMPLEMENTATION

In this chapter, a force control system of the electro-hydraulic load simulator is
designed and implemented. A combined feedforward and feedback control strategy is
utilized for the accurate force control of the load simulator. In Section 4.1, the non-
linear mathematical model of the electro-hydraulic load simulator is linearized
around an operating point and continuous time transfer functions of the system are
obtained. In Section 4.2, designs of the disturbance rejection feedforward controller
and the combined feedforward and feedback force controller to satisfy the given
requirements are explained. A kinematic Kalman filter is designed and tuned in
Section 4.3 in order to estimate the velocity of the actuator under test to be utilized in
the disturbance feedforward controller. The implementation of the controllers for the

real-time experiments by using MATLAB®™/Simulink® is explained in Section 4.4.

4.1 Linearization of the Mathematical Model

There are two main non-linearities associated with the valve controlled differential
hydraulic actuator, namely, the difference between the pressure areas in each
chambers of the hydraulic actuator and the non-linear pressure — flow characteristic

of the valve.

The difference between the pressure areas of the piston and rod side chambers of the
hydraulic actuator results in different steady state velocities and different steady state

chamber pressures for a given valve opening in retraction and extension of the
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actuator. Therefore, the steady state characteristics of the system are investigated
both for retraction and extension of the hydraulic piston. For these two cases, the
algebraic non-linear flow equations describing the pressure — flow characteristic of
the valve are separately linearized around an operating point. Transfer functions of

the load simulator are determined for these two phases of motion.

For the hydraulic system shown in Figure 3-1, the piston and rod side areas are

denoted by A4 and Apg, respectively. However, the piston area A,, and the area ratio

a are used in the remaining of this study for notational convenience. Their

definitions are given below.

Ay =4y, a=-2 (4.1)

where a < 1.
4.1.1 Steady State Characteristics of the System

For a differential (or single rod) hydraulic actuator, the steady state retraction and
extension velocities are different for the same valve opening because of different
pressure areas of each chamber. The steady state extension velocity is greater than
the steady state retraction velocity for the same valve opening. In addition, the steady
state chamber pressures for extension and retraction cases are different from each

other.

At steady state, effects of compressibility at both chambers of the hydraulic actuator
die out, and the flow continuity equations given in Equations (3.13) and (3.14)

become

Qa0 = ApXpo 4.2)

Qpo = aApxpO (4.3)
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At this stage, it is a common practice to introduce the load pressure, which is defined
as follows [41]:

PL = Pa— app 4.4)

For a positive valve opening x,, = 0, the valve equations defined for the extension
case in Equations (3.8) and (3.9) are combined with Equations (4.2) and (4.3) to
yield to

Qao _ KpXy\/Ds —Pao _ ApXpo 4.5)

@ro - Kvxv\/ PBo - aAPXPO

which can be simplified to the following form so as to represent a steady state
relationship between the chamber pressures.

a’ps = a’*pao + Ppo (4.6)

By introducing the load pressure p; defined in Equation (4.4) into the above
equation, the steady state chamber pressures for extension (x,, = 0) are determined

as

1
Pao =173 (pL + @®ps) 4.7)
Ppo = 1+ ad (P, — ps) (4.8)

For a negative valve opening x,, < 0, the valve equations defined for the retraction
case in Equations (3.10) and (3.11) are combined with Equations (4.2) and (4.3) to
yield to

QAO _ Kvxv Pao _ Apxpo

QBO - Kvxv\/ Ps — Pso - aAPXPO
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which simplifies to the following form so as to represent a steady state relationship

between the chamber pressures.

Ds = a®Pao + Pso (4.10)

By introducing the load pressure p; defined in Equation (4.4) into the above
equation, the steady state chamber pressures for retraction (x, < 0) are determined

as follows:

Pao (pL + aps) (4.11)

=1+a3

2

Ppo = (ps — a’pL) (4.12)

1+ a3

4.1.2 Linearized Valve Coefficients

The non-linear algebraic equations representing the pressure — flow characteristic of

the valve for the extension and retraction cases are linearized in this section.

The flow equation Q = Q(x,,o, po) given in Equation (3.2) can be linearized by using
Taylor series expansion about an operating point P, (x,, O,po) and by neglecting the

higher order terms one obtains the following equation in terms of deviations of
respective variables from the operating point. Note that A operator is utilized to

indicate deviations in respective variables.

AQ = Axy, +— Ap (4.13)

where the flow gain K, is defined by
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= 4.14
q axv X0 D0 ( )
and the pressure-flow coefficient K, is expressed by
90
Ke=——~ 4.15
ap Xv:Po ( )

Since dQ /dp is always negative, the flow-pressure coefficient is also positive [40].
Therefore, the flow equations for extension, Equations (3.8) and (3.9), and for
retraction, Equations (3.10) and (3.11), are linearized around an operating point
P, (x,, o Pa,/ pBO) to yield to the following linear expressions:
AQ, = K, ,Ax, — K., Apy (4.16)
AQp = Kq,Ax;, — K, Apg (4.17)

where the flow gains are

00, 3 {Kv\/ps —DPa, for x, =20 4.18)
94~ 9x, xogpa,  \KoyfPa, for x, <0 '
_0Qg B {Kv,/pBo for x, = 0 4.19)
B 9x, X0 DB Ky\/ps —pp, for x, <0 '
and the flow-pressure coefficients are
K,x
5 5 “ Yo for x, =0
Ps — DPa,
) = ——aQA o (4.20)
Pa Xvo:PAo — 0 for x, <0
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{ Kvxvo

2,/ps,
Kvxvo

2,/ps — g,

forx, >0
(4.21)

forx, <0

4.1.3 Linear Transfer Function Models of the System

In this sub-section, the transfer functions of the system are derived to be used in

control system design and analysis.

In order to eliminate the pressures p, and pg from Equations (4.16) and (4.17), the
static relations, given in Equations (4.7) and (4.8), or equivalently in Equations

(4.11) and (4.12), are linearized to yield to

= — 422
Apa 1+ a® Ap,, ( )

2

ApB = — ApL (423)

1+ a3

Then, the linearized valve equations can be rewritten by using Equations (4.22) and

(4.23) as follows:

1

AQA = KqAAxv - KCA WAPL (424)
2

AQB = KqBAxv + KCB mApL (425)

Since it is clear that only linear mathematical models are the concern of this chapter,

the use of A operator will be omitted for the remaining of the study.

The flow continuity equations given in Equations (3.13) and (3.14) can be rearranged

to give the pressure dynamics equations as follows:
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Pa = %(QA — Apxp) (4.26)

Dg = VEB(—QB + adyx,) 4.27)

The load pressure equation in Equation (4.4) is differentiated to result into the
following expression:
PL = Pa — QD5 (4.28)

Hence, first Equations (4.24) and (4.25) are inserted into Equations (4.26) and (4.27),
respectively, in order to eliminate the flow terms, and then the resulting equations are

substituted into Equations (4.28) to yield to

Q, = Kgxy — Kep, = Cpy, + Axy (4.29)
where Q; can be assumed as a virtual load flow.

Parameters K, K., C, and A used in Equations (4.29) are expressed by

Vy

K, =K,, + aV—BKqB (4.30)
1 as v,
C:1+a3KCA_1+a3V_B ‘B (4.31)
v
C = FA (4.32)
v

A= (1 + a? V—“‘) A, (4.33)

B

Furthermore, the load model given in Equation (3.18) is rewritten here by

introducing load pressure in Equation (4.4) as follows:

83



mp¥y, + by, + ksxp = Appy + ksxy (4.34)

The ultimate control variable for the load simulator is the force applied by the
actuator of the load simulator onto the actuator under test and it is defined in
Equation (3.19). Also, the transfer function representing the dynamics between the
input signal to the valve driver U(s) and the spool position X,(s) is given in
Equation (3.12). Therefore, by taking the Laplace transforms of Equations (3.19),
(4.29) and (4.34), and by using them with Equation (3.12), the block diagram
representation of the hydraulic load simulator is obtained as given in Figure 4-1. It
can be seen in the figure that the model has two inputs, namely, the control input to
the valve U(s) and the motion of the test actuator X;(s) which acts as a disturbance
input. The controlled output of the system is the force applied onto the test actuator
by the load simulator F(s). Note that the block diagram representation of the system
is valid both for extension and retraction cases of the hydraulic actuator of the load
simulator, but the valve parameters K, and K, are to be evaluated for each case with

the given control input and the corresponding steady state chamber pressures.

—
&] Xq(s)
UGs)| K +CQ(s)+ - TP 1 V(S)mX(s)Jr F(s)
Tas(-li-l — : Cs . B NA— | MpS -’
= b |
el

Figure 4-1 Block diagram representation of the hydraulic load simulator

By using Figure 4-1, the following expression for the output force applied F(s) in
terms of the input signal to the valve driver U(s) and the disturbance input X;(s) is

obtained:

F(s) = Gry(s)U(s) + Gry,(s)X4(s) (4.35)
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where the corresponding transfer functions are expressed as

K kA
G = q-s’p
v sy D(Cmys® + (Cby + Kemy)s? + (Kcby + Ady + Cks)s + Kcks) (4.36)
Cm,s3 + (Cb, + K.m,)s? + (K.b, + AA,)s
GFXd(S) = —k p ( p 4 D) ( cYp p) (437)

* Cmys3 + (Cb, + Komyy)s2 + (Kcby + AA, + Ckg)s + K kg

Valve coefficients, namely, the flow gain, K, and the flow-pressure coefficient K.
are highly important model parameters while considering the stability and dynamic
characteristics of the system [40]. The open-loop gain of the system is directly
affected from the flow gain whereas the system damping depends on the flow-

pressure coefficient of the valve.

Valve coefficients depend on the operating point as given in equations from (4.18) to
(4.21), and the most crucial operating point is the origin of the flow pressure-flow
curve, where P, (xvo,pLO) = P,(0,0). At this point, the valve flow gain attains its
maximum value, resulting in a high DC gain of the system, whereas the flow-
pressure coefficient is at its minimum, giving a low damping ratio. Thus, P, is the
most crucial operating point for system stability, and generally, a system stable at

this point results in stable operation at other operating points [40].

As a result, in this study, the valve coefficients are evaluated around the critical
operating point P,(0,0) and the resulting coefficients are named as null valve
coefficients [40]. The m-file used to determine the transfer functions of the system
both in extension and retraction cases is supplied in Appendix E. The transfer
functions of the system are determined by using numerical values for the model

parameters given in Table 3-1 as follows:

e For the extension of the actuator x,, = 0,

2.53-10%
(0.002s + 1)(1.4- 10753 + 1.14 - 10~*s2 + 5)

Gt (s) = (4.38)
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143107752 + 1.17-107*s + 1
GEXt () = —1110 (%:39)
Fxq (5) 14-1077s2 4+ 1.14-107%s + 1

e For the retraction of the actuator x,, < 0,

GE(s) = 2.19 - 10* 440)
FURS) = 0.002s + 1)(1.4- 10753 + 1.14 - 10452 + ) '

1.43-107s24+1.17-10"%s + 1
GFgt (s) = —1110 — — (4.41)
14-1077s2+1.14-10"*s + 1

Note that around the critical operating point P,(0,0) the equivalent pressure-flow
coefficients K, are zero both for extension and retraction cases, and only the
equivalent flow coefficients K, are different from each other, i.e., K;’“ > Kg et The
open-loop poles and zeros of the transfer functions in Equations (4.38), (4.39),
(4.40), and (4.41) are given in Table 4-1. Bode magnitude and phase diagrams of the
open-loop system for both extension and retraction cases are obtained in Figure 4-2

by using Equations (4.38) and (4.40).

Table 4-1 Open-loop poles and zeros of the plant transfer functions

Poles [rad/s] | Zeros [rad/s]

0
GEEE(s) —500 -
~407 + j2610

0
Gret (s) ~500 -
—407 + j2610

GEY, (5), GEs,(s) | —407 2610 | —410 + j2613
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Figure 4-2 Open-loop Bode diagrams of the hydraulic load simulator
low frequency region with a slope of —20 dB/dec. The other is the interaction of the
mass of the hydraulic piston and the effect of compressibility of the hydraulic fluid
In this section, the design of the force control system for the electro-hydraulic load
simulator is presented. The controller design is based on the continuous time transfer
functions of the system, which are obtained in the previous section by linearizing the
non-linear mathematical model of the system for both the extension and retraction
87

figure. One is the integrating nature of the hydraulic actuator and it is observed in the
resulting in a resonant mode as seen in the high frequency range at around w

Two important behaviors of a hydraulic actuator can clearly be observed in the
425 Hz (2670 rad/s).

4.2 Controller Design
phases of the actuator.



Performances of the load simulators are often evaluated based on the dual ten index,
which requires that the amplitude and phase distinctions between the reference and
the actual control variable are not more than 1 dB, and 10°, respectively [53, 54].
Therefore, it is required that the dual ten bandwidth of the control system should be

10 Hz to apply the dynamic loads specified in Chapter 2.1.

The overall control architecture together with the plant model is given in Figure 4-3.
It consists of a force feedback controller, a force reference (or set-point) feedforward
and a disturbance feedforward controller. Here, it is aimed to achieve an enhanced
dynamic performance and stability with a closed-loop controller G.(s), whereas the
dynamic errors are diminished thanks to the reference and disturbance feedforward

controllers, which are denoted by F,(s) and F;(s), respectively.

Ugq(s) Fy(s) |= Xa(s)
> Fu(S) Ufr(s) y
Grxy(s)
ﬁ_—; GC(S) Gpu(S) ‘-l-éjl__ﬂ

Figure 4-3 Overall control architecture

Even though the use of feedback is very effective in stabilizing and achieving an
improved dynamics for a control system, the use of an additional feedforward is
commonly considered to be a powerful technique complementing the feedback [55].
Since an error is to be developed before a feedback controller responds, it is
considered as reactive. On the other hand, feedforward is pro-active as it responds to

changes in the measured inputs before an error actually develops in the controlled
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variable [56]. An important drawback of the feedforward is its dependency on
modeling errors because of its open-loop nature. Therefore, a concurrent use of
feedback and feedforward controllers is often considered to be highly advantageous

[56].

A combined feedforward and feedback control strategy is utilized in this study in
order to achieve an improved tracking performance to reference force inputs and to
attenuate the undesirable effect of the disturbance motion of the hydraulic drive
system under test at the same time. Thus, first a disturbance feedforward
compensation scheme is developed, and then the reference tracking performance of

the system is designed by assuming a disturbance free plant.

4.2.1 Disturbance Feedforward Controller

In order to attenuate the effect of the disturbance caused by the motion of the
actuator under test, a feedforward compensator is designed in this section. The
disturbance feedforward controller is denoted in Figure 4-3 by the transfer function

Fy(s). Assuming that F..¢(s) = 0, the transfer function between the disturbance

X4 (s) and the controlled output F(s) is determined as

Fa(s)Gry(s) + Gry,(S)

G = 4.42
R BTG @4
where the ideal disturbance rejection performance can be obtained by letting
Grx,(S)
Fa(s) = ———~ (4.43)
¢ Gry(s)

Similar to the reference feedforward design, the extension and retraction cases are

considered separately since the open-loop gains of the system in these cases are
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different. Therefore, by inserting Equations (4.38) and (4.39) into Equation (4.43),

the disturbance feedforward compensator for extension case is obtained as follows:

F&t(s) = 1.2-10"1s* + 1.6 - 107853 + 9.2 - 107552 + 0.043s (4.44)

Similarly, Equations (4.40) and (4.41) are inserted into Equation (4.43) to obtain the

disturbance feedforward controller for retraction case as follows:

F3et(s) = 14-107"1s% + 1.9 - 107853 + 10.6- 107552 + 0.051s  (4.45)

Last terms in Equations (4.44) and (4.45) represent the compensation of the
disturbance caused by the velocity of the actuator under test whereas the remaining
terms are the compensations for disturbances related to the higher order derivatives
of its motion. Since in this study only the position of the actuator under test is
measured via a linear encoder, the higher order derivatives of its motion have to be
estimated. In this study, only the term related to the velocity of the actuator is
considered in the feedforward controller by estimating its velocity. The other terms
are neglected since it is generally very hard to estimate higher order derivatives with
a reasonable accuracy, and their contributions to the overall control signal are
relatively small. To illustrate, if the motion of the disturbance actuator is expressed
by x;(t) = 5sin(40 - t) mm, then the control signals related to the compensations

for its velocity, acceleration, and jerk are 10, 0.8 and 0.005 Volt, respectively.

Therefore, the disturbance feedforward controller is given for extension and

retraction cases by

F&*t(s) = L)?;—((;) = 0.043s (4.46)
Fret(s) = l)]{:—((ss)) = 0.051s (4.47)
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In the next section, a kinematic Kalman filter is designed to estimate the velocity of
the actuator under test. Assuming ideal velocity estimation via the KKF, the
normalized Bode magnitude diagrams F(jw)/ksX;(jw) showing the expected
improvement in disturbance rejection performance of the load simulator with the use

of feedforward controllers in Equations (4.46) and (4.47) are illustrated in Figure 4-4.
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Figure 4-4 Bode magnitude diagram of F (jw)/ksX4(jw)

4.2.2 Force Feedback Controller with a Reference Feedforward

In this section, a combined feedforward and feedback force controller is designed by
assuming that the effect of disturbance is completely eliminated by the disturbance

feedforward controller designed in the previous section.

It is clear from Equations (4.38) and (4.40), and Figure 4-2 that the DC gain of the
system in extension of the actuator is greater than that of the actuator in retraction.

Therefore, in designing the feedback controller, first the extension case will be
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considered since its stability is more critical. Then, the performance of the resulting

controller will be observed to see whether it is acceptable for the retraction case.

Consider a proportional controller with a gain of K, for the extension of the
hydraulic actuator. The open-loop Bode plots of the system for the extension case are
given for different values of the proportional controller gain in Figure 4-5 to result in
stable closed-loop operations. The closed-loop Bode diagrams of the system for the
same controller gains are also given in Figure 4-6. Although the 1 dB magnitude
requirement can be satisfied with the small values of the proportional controller gain
(Kp = 0.004), the phase lag of the closed-loop system is considerably higher than the
10° phase requirement (about —34°). Thus, it is required to use greater controller
gains, such as K;, = 0.015, as seen in Figure 4-6. As can be seen in the figure, for

this controller gain, the closed-loop system satisfies the dual ten bandwidth

Bode Diagram
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Figure 4-5 Open-loop Bode diagrams in extension case for different proportional

controllers
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Figure 4-6 Closed-loop Bode diagrams in extension case for different proportional

controllers

requirement, and the —3 dB bandwidth of the red curve is about 86 Hz. However,
the use of large closed-loop controller gains is generally undesired since it increases
the noise sensitivity, and causes both the saturation of the control valve and the

excitation of the un-modeled dynamics.

A proportional controller can be utilized to achieve a reasonable bandwidth of the
closed-loop system with a good phase margin. In order to achieve an improved
tracking performance, a reference feedforward compensation can then be introduced
without affecting the stability of the closed-loop system. Hence, dynamic errors are

further reduced with the use of the feedforward compensation.

Since the type number of the open-loop transfer functions obtained by linearization
around the critical operating point (zero valve opening and load pressure) is unity,
and thanks to the high flow gain of the control valve, the integral action is not

considered for the force control loop. Although it is known that the integral action is
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also effective in rejecting the disturbance in low and mid-frequency range, a

disturbance feedforward controller is considered in the next section to fulfill this

requirement.

The gain of the proportional controller is selected as K, = 0.0065, which satisfies

the magnitude requirement but not the phase requirement. The open-loop and closed-

loop Bode diagrams of the system with the proportional controller are given in

Figure 4-7 and Figure 4-8, respectively, and its frequency domain specifications are

2 for both extension and retraction cases.

summarized in Table 4
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Figure 4-7 Open-loop Bode diagrams for K;, = 0.0065
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Closed-loop Bode Diagram for K

Retraction

(ap) spniubepn

(6ap) aseyd

Frequency (Hz)

Figure 4-8 Closed-loop Bode diagrams for K}, = 0.0065

2 Specifications of the closed-loop system with K,, = 0.0065
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In order to improve the tracking performance of the system, a reference feedforward
controller, F,(s), is designed by considering the closed-loop block diagram of the
system given in Figure 4-3. Assuming that V;(s) = 0, the transfer function between

the reference force input, Fy..¢(s), and the force output, F(s), is written as follows:

G.(s)Gry(s E,(s
o, (5) = 5T ) (1 A )) was
14 Ge(5)Gpy(s) Ge(s)
where the ideal compensation can be obtained by letting
E,(s) = (4.49)

Gry(s)

However, from the open-loop Bode diagrams of the plant given in Figure 4-2, it is
seen that the valve dynamics and the resonant mode due to the interaction of the fluid
compressibility and piston mass occur at relatively high frequencies. Therefore, only
the integrating behavior of the hydraulic system is considered in the design of the
feedforward controller. By neglecting these high dynamics in Equation (4.36), the

feedforward compensator is obtained by using (4.49) as

LAA, +Cky s

E,(s) =K
u KyksA, Tpps+1

(4.50)

where a low pass filter with a time constant of T;p is utilized to casually realize the
compensator, and a scaling factor K™ is introduced to prevent the over-compensation
of the controller [57]. It should also be noted here that since the DC gain of the
hydraulic system is different in extension and retraction cases, the resulting
controllers for these cases are also be different and they will be switched depending

on the spool position.

The controller defined by Equation (4.50) introduces a real zero and pole to provide a

lead effect in the closed-loop system as given in (4.48). Assuming K* =1, the
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angular contribution of the controller to the closed-loop system at a frequency w,

which is denoted by ¢, is given as

. Ady + Chs 1 .
¢ = tan w TLP + W}(—p — tan (wTLP) (451)

In order to have a phase contribution of about ¢ = 20° at around w = 10 Hz, the
time constants of the low pass filter T;p are set to 0.001 s by utilizing Equation
(4.51). Then, the scaling factors K* are tuned by using MATLAB®/SISO design tool
so as to suppress the resulting resonant peak in the closed-loop responses, and they
are found as 0.75 and 0.78 for extension and retraction cases, respectively. The
resulting controllers for extension and retraction cases are given in Equations (4.52)

and (4.53) as follows:

Ef*t(s) = (0.75)(4-107°) (4.52)

0.001s +1

Fret(s) = (0.78)(4.6 - 1075) (4.53)

0.001s+ 1

The closed-loop Bode diagrams of the system with the feedforward compensators are
given in Figure 4-9, in which it is clearly seen that the system satisfies the dual ten
bandwidth requirement. In addition, the resonant peak of the closed-loop system is
limited by 1dB, which is also satisfactory for the transient performance of the

system [58].
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Figure 4-9 Closed-loop Bode diagrams with K, and F,

4.3 Velocity Estimation

In this study, an incremental encoder is utilized for the position measurement of the
actuator under test and it provides pulses proportional to the velocity of the actuator.
Therefore, the velocity of the actuator is to be estimated from these discrete signals,
which is a challenging work, particularly in low velocity ranges [59]. Although the
use of difference equations to estimate the velocity is the easiest way, it is prone to

discretization errors. Hence, there are many methods considered in literature in order

to reduce these undesirable effects [60].

The velocity of the test actuator, which is considered as the disturbance input to the
load simulator, is estimated by using a discrete Kalman filter with a kinematic model,
or a kinematic Kalman filter (KKF). The main advantage of the estimation based on
kinematic models is that the filter is independent of the dynamics of the plant.

Therefore, it is not affected by the parameter variations or external disturbances [61].

98



In addition, a Kalman filter provides optimal state estimation by minimizing the

mean of the squared error [62].

In this study, the generalized coordinate of the test actuator is denoted by x,. Hence,

the state vector for estimation is given as

Xa
X = [xd] (4.54)
Xq

In the following sub-sections, the continuous time kinematic model is first
introduced, and then it is discretized. The recursive Kalman filter algorithm is also
explained. The filter algorithm developed is implemented in MATLAB®/Simulink®

and it is tuned offline by using experimental measurements.
4.3.1 Kinematic Model

In literature, constant velocity and constant acceleration models are commonly used
for estimating the velocity of a moving object [63]. They correspond to either second
or third order models obtained from simple equations of motion. In this study, a third
order model is preferred since it provides an improved velocity estimate with a better

estimation error over a second order model [64].

The third order model is generally called as Wiener process acceleration state model
[64]. In this section, a continuous time Wiener process acceleration model is

introduced, and then it is discretized.

It is assumed that the rate of change of the acceleration is modeled by a zero mean

white noise W (t) as follows:

¥, = W(t) (4.55)

where the expected value of the noise E[W(t)] is
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E[w®)] =0 (4.56)

Therefore, by using Equation (4.55), the state equation for the continuous time model

of the system can be written as

x(t) = Ax(t) + B, W (t) (4.57)
where
0 1 0 0
A=10 0 1] B, = 0] (4.58)
0O 0 O 1

The corresponding discrete time model with a sample time of T is then given as

Xk+1 — (ka + Wp (459)

where @ is the state transition matrix given as

o [L T T2
d=c Ts — 0 1 TS (460)
0 O 1

and wy, is the value of the process noise at the kt"* step, whose covariance matrix Q is

obtained in [63] as follows:

T5/20 T4/8 T3/6
Q=E[w,wg]=|T#/8 T3/3 TZ/2|§ (4.61)
/6 TZ/2 T

Here, g is denoted as the power spectral density of the continuous time process noise

and it is a design parameter for tuning this model to represent the actual motion.
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4.3.2 The Discrete Kalman Filter Algorithm

In 1960, Kalman proposed a recursive solution method to estimate the state of a
process by minimizing the mean of the squared error between the measured and
estimated states [62]. The method is applicable for a system described by a linear
stochastic difference equation

Xp+1 — (DXk + W (462)

with an equation for the measurement y, as

Yk = ka + Vi (463)

where H is the output matrix. The process noise w;, and measurement noise v, are
assumed to possess a zero-mean, white Gaussian distribution with the following

covariance matrices, Q and R, respectively.
Q = E[w,w/] (4.64)

R = E[v,v]] (4.65)

The equations of the Kalman filter algorithm are divided into two main groups,
namely, the time update and measurement update equations. The time update and
measurement update equations are also called as predictor and corrector equations,

respectively.

The predictor equations are responsible for projecting the current state X, _; and error
covariance estimates P,_; so as to get the priori estimates X, and P, for the next

time step. Time update equations are given as

;= DRy, (4.66)

P, = ®P,_,®7 +Q (4.67)



On the other hand, the corrector equations incorporate the new measurement into the
priori estimates X;, and P, to have an improved posteriori estimates X, and Pj. In
the measurement update stage, initially the Kalman gain K is computed as

K, = P;HT(HP;H” + R)™* (4.68)

which minimizes the error covariance between the measured and estimated states

[62].
By using the Kalman gain obtained in Equation (4.68) as the blending factor of the
priori estimates and measurements, the posteriori estimates are obtained as

P, = -KH)P, (4.70)

The Kalman filter algorithm is initialized with the initial estimates for the state X, _;
and the error covariance P,_4. Then, the predictor-corrector algorithm of the Kalman

filter is recursively operated at each time step as seen in Figure 4-10.

[
Measurement Update Equations
Time Update Equations (1) Kalman gain
(1) Priori estimate K, = P,H'(HP,H” + R)!
Xp = DX, (2) Posteriori estimate
(2) Priori estimate error covariance X, = X, + K (yx — HX)
P, = ®P,_,®7T +Q (3) Posteriori estimate error covariance

T P, = (I - K H)P,
Initial estimates\ /

for X1, Py

Figure 4-10 Recursive Kalman filter algorithm
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4.3.3 Filter Implementation and Tuning

The discrete Kalman filter algorithm to estimate the velocity and acceleration of the
actuator under test is realized in MATLAB®/Simulink” as seen in Figure 4-11. In
each sub-system, one of the time update (predictor) and measurement update
(corrector) equations given in Figure 4-10 is implemented. In addition, the state
transition and the output matrices of the kinematic model are specified in the filter as

well as the measurement and noise covariance matrices.

State Transition Matrix $< [A] ‘ Process Noise $< [Q] ‘
Output Matrix +< [H] ‘ Measurement Noise $< [R] ‘

Priori Estimate Posteriori Estimate
Error Covariance Error Covariance

Kalman Gain

Transducer

Posteriori Estimate }
Acceleration

Priori Estimate

Figure 4-11 MATLAB®/Simulink® implementation of the Kalman filter

The measurement noise covariance R is a measure of the quality of the measurement
device and can be approximated from the transducer resolution. Further, the process
noise covariance matrix Q is a measure of the quality of the mathematical model to
represent the system, but generally it is not easy to obtain as measurement noise

covariance. It is given in Equation (4.61) for the kinematic model described by
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Equation (4.59), and it is expressed in terms of the sample time Ty of the DAQ
system and the power spectral density of the process §. The power spectral density §
is a design parameter, and it can be selected such that the value of the expected
change in the acceleration over a sample time T is in the order of the following

expression [63]:

NN 4.71)

Therefore, the selection of a relatively small intensity § results in a nearly constant

acceleration (NCA) model and vice versa.

On the other hand, the performance of the filter depends on the relative relationship
between the process noise covariance matrix Q and the measurement noise
covariance matrix R [65]. The measurement noise covariance, a scalar in our case
since there is a single measurement, is initially fixed according to the resolution of
the encoder (R = 0.005% mm?). As the initial starting point for the process noise
covariance matrix Q, Equation (4.71) is utilized by assuming a reasonable value
(300 mm/s?) to represent the change of acceleration over a sample time T,. Then,
the process noise covariance matrix Q is obtained via off-line tuning by using
experimental data. It is observed as expected that as the value of the process intensity
q increases, the filter yields to noisy velocity and acceleration estimation. On the
other hand, the velocity and acceleration estimations become smoother as the process
noise covariance is decreased. By tuning the process intensity with experimental
data, the process noise covariance matrix Q and the measurement noise covariance R

are obtained as

5.10"1° 1.25-10° 1.67-1073
Q=|1.25-10"° 3.33-1073 5 , R=25-10"%  (4.72)
1.67-1073 5 10*
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The experimental results are given in Figure 4-12 and Figure 4-13 in which the
velocity and acceleration estimates obtained by kinematic Kalman filter and
backward difference formulas are compared. Note that the velocity is estimated by
directly applying the first order backward difference formula for the first derivative,
whereas the position data is pre-filtered before applying the first order backward

difference formula for the second derivative.

In Figure 4-12, it is seen that the numerical differentiation method (1* order
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Figure 4-12 Velocity and acceleration estimations with backward difference formula

and kinematic Kalman filter — High velocity
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backward difference equation) provides relatively good results for velocity
estimation at high speeds. However, the consequence of discretization error in low
speeds becomes more noticeable as seen in Figure 4-13. On the other hand,
kinematic Kalman filter provides better results for both low and high velocities. It is
observed that the kinematic Kalman filter provides highly smooth acceleration
estimates compared to numerical differentiation as seen both in Figure 4-12 and

Figure 4-13.
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Figure 4-13 Velocity and acceleration estimations with backward difference formula

and kinematic Kalman filter — low velocity
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4.4 Implementation

In this section, the implementation of the controllers designed in the previous
sections into the real-time target machine is explained. A MATLAB®/Simulink®
model of the controllers is constructed, compiled, and downloaded to the target
machine. This model is utilized in order to perform the real-time experiments to

evaluate the performance of the load simulator in the next chapter.

In Figure 4-14, the MATLAB®/Simulink® model of the controllers is illustrated. The
model accepts the applied force, spool position, chamber pressures, and the actuator
positions of the load simulator and the hydraulic drive system under test as the
inputs. The input blocks for the real-time target machine are used under the receive
subsystem of the model in order to read the data from terminal boards. The measured
analog signals in Volts are converted into the corresponding physical units as N and
MPa for applied force and chamber pressure readings, respectively. For pressure
readings, look-up tables are constructed by using the calibration results given in
Appendix B.1. Similarly, the counter of the incremental encoder is converted into the

length unit of mm.

The input signals are then utilized for the control computations. The position of the
disturbance actuator is used by the kinematic Kalman filter in order to estimate its
velocity so that it is used in the disturbance feedforward controller. On the other
hand, reference force signals for the load simulator can easily be created by using the
source blocks available in the library of the Simulink®. The reference signal is
directly fed through the reference, or set-point, feedforward controller. For both the
feedforward controllers, the sign of the spool position feedback determines the
required controller gains to be used. For the feedback controller, the error is
determined by comparing the reference signal and the measured force signal. The
outputs of each controller, in Volts, are summed to get the overall manipulated input

signal, which corresponds to the desired valve spool opening.
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Disturbance Feedforward Controller
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Figure 4-14 Real-time controller of the electro-hydraulic load simulator in

MATLAB®/Simulink®

The model outputs the computed value of the manipulated input in order to drive the
flow control valve as voltage output. In addition, the enable signals for the valve
driver and the AC motor of the constant pressure power pack are also adjusted in the
model by using a number of buttons. The output blocks for the real-time target
machine are available under the transmit subsystem of the model so as to write the

data to the terminal boards.

It should also be stated that although the controller of the hydraulic drive system
under test is implemented in the same model, it is not shown in Figure 4-14 as it is

not the subject of this study.

The model is developed in a host PC having MATLAB® R2011a (win32) installed
together with Simulink® and xPC Target™. A fixed step Runge-Kutta 4™ order

solver with a sampling time of 1 ms is utilized. From Table 4-2, since the —3 dB
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bandwidth of the system is about w, = 35 Hz, a sampling rate of wg = 1000 Hz is
selected, which satisfies the requirement that 20 < w,/w;, < 40 [66]. The controller

model is compiled in the host PC and downloaded to the real-time target machine.
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CHAPTER 5

PERFORMANCE EVALUATION OF THE LOAD SIMULATOR

In this chapter, the performance of the electro-hydraulic load simulator is evaluated
by performing real-time experiments and comparing them with model responses. In
Section 5.1, the disturbance rejection performance of the electro-hydraulic load
simulator is considered under the influence of a sinusoidal disturbance motion of the
hydraulic actuator under test. The effectiveness of the disturbance feedforward
controller is shown by comparing the results with and without the feedforward
controller. The tracking performance of the load simulator is evaluated in Section 5.2
by performing a frequency sweep for the force reference covering the frequency
range of interest. The improvement in the tracking performance is indicated by
comparing the results obtained with and without the reference feedforward
controller. Some experiments at various loads and frequencies are performed to

indicate the operational limits of the electro-hydraulic load simulator in Section 5.3.

5.1 Disturbance Rejection Performance

The motion of the actuator under test is a highly strong disturbance, affecting the
force control performance of the electro-hydraulic load simulator. In order to
evaluate the disturbance rejection performance of the force controlled load simulator,
the actuator under test is requested to apply a disturbance position chirp with a

frequency range starting from 0.1 Hz to 7 Hz and a magnitude of 5 mm.
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hydraulic load

Disturbance Motion

simulator, Fy(s), is disabled, and a zero reference force input is applied, Fr..r = O N.
The applied disturbance position x; and the corresponding velocity v, are given in

Initially the disturbance feedforward controller of the electro

Figure 5-1.
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Figure 5-1 Disturbance input applied to the load simulator, x4, when F;(s) is



The response of the closed-loop force controlled load simulator, F, under the
influence of sinusoidal disturbance motion, x,, is given in Figure 5-2. It is seen in
this figure that as the frequency of the applied disturbance increases the error in the
force also increases. To illustrate, when the frequency of the disturbance is about
1.7 Hz the error in the force is about 500 N whereas the error increases up to

1200 N when the frequency of the disturbance reaches to 4 Hz.
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Figure 5-2 Force response when F; () is disabled
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It is also observed in the Figure 5-2 that around t = 60 s the error in the force
drastically increases. Note that the maximum velocity of the disturbance is about
219 mm/s, when the frequency of x; is 7 Hz. Since the velocity of the disturbance
exceeds the maximum retraction velocity of the hydraulic load simulator (200 mm/
sec), the saturation of the flow valve occurs at that moment. Therefore, the saturation
of the control valve causes this increase in the force error. In addition, the effect of
this large force error leads to the deterioration of the position response of the actuator

under test as seen in Figure 5-1.

In Figure 5-3, the Bode magnitude diagram between the force error and the applied
disturbance motion is given by normalizing it with the equivalent stiffness of the load
system, i.e., F(jw)/ksXs(jw). The linearized model responses for extension and

retraction cases determined in the previous chapter are also plotted on the same

figure.
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Figure 5-3 Bode magnitude diagram of F (jw)/ksX;(jw)when F;(s) is disabled

114



In order to show the improvement in the disturbance rejection performance of the
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The force response of the electro-hydraulic load simulator as a result of the applied

disturbance is given in Figure 5-5, where still a zero reference force is applied. The

error is within 100 N when the frequency of the disturbance is about 1.7 Hz whereas

it approaches to 200 N as the frequency of the disturbance reaches to 7 Hz.
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The Bode magnitude diagram between the force error and the applied disturbance
motion is given in Figure 5-6 by normalizing it with the equivalent stiffness of the
load system, i.e., F(jw)/ksX4(jw). The linearized model responses by considering a
perfect estimation of the disturbance velocity are also plotted on the same figure. It is
seen that although a good improvement is achieved, the result is slightly poorer than
the expected performance. Since the linearized models assume that the velocity of
the disturbance actuator is perfectly estimated, they result in better disturbance
rejection, whereas kinematic Kalman filter provides only an accurate enough
estimate of the velocity. In addition, in the low frequency region it is observed that
the blue curve becomes constant at about —53 dB, which corresponds to the noisy
force reading between +100 N obtained from the load transducer when the

frequency of the disturbance is low, or even zero.
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Figure 5-6 Bode magnitude diagram of F (jw)/ksX;(jw)when F;(s) is enabled

117



The decrease in the force error with the use of the disturbance feedforward
controller, F;(s), is shown in time domain as given in Figure 5-7. In the figure, the
results with and without the use of feedforward controller, F;(s), are plotted
together, and the decrease in the error, especially in the high frequency excitations, is
clearly seen. Actually, for the applied sinusoidal disturbance input, x4, with 5 mm
magnitude, the error is bounded between 200 N for the frequencies up to 7 Hz

when F,;(s) is enabled.
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Figure 5-7 Improvement in disturbance rejection performance with the use of F;(s)
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In the previous experiments, the reference force for the electro-hydraulic load

simulator is set as zero. Since the controller parameters are determined in the

previous chapter for null valve coefficients, their validity for other loading conditions

should also be evaluated. Now, the same tests will be performed for a reference force

of Fref = 5000 N and when the feedforward controller F;(s) is enabled. Figure 5-8
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illustrates the disturbance motion (x4 and v,)applied to the load simulator. In Figure
5-9, the response of the load simulator is given. It is seen that only a slight increase
compared to previous experiments is observed in the force error. Hence, the error is

between —260 N and 200 N for the same disturbance.
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Figure 5-9 Force response when F; (s) is enabled and F,..; = 5000 N
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5.2 Force Tracking Performance

In this section, the force tracking performance of the electro-hydraulic load simulator
is evaluated by applying a sinusoidal force onto the actuator of the hydraulic drive
system under test. In all of the following experiments, the disturbance feedforward
controller, F;(s), is enabled in order to reject the disturbance motion, x4, of the
actuator under test as response to the applied forces. In Figure 5-10, the
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Figure 5-10 Force tracking performance when F,,(s) is disabled
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magnitude and phase diagrams of the force controlled system are given. The linear

model responses are also plotted on the figures and they accurately predict the

closed-loop system response. It is seen in the magnitude curve that the closed-loop

system satisfies the 1 dB magnitude requirement of the dual ten criteria. On the other

hand, 10° phase lag requirement is only satisfied up to about 5 Hz, as expected by

the linear models. Although the magnitude of the response clearly follows the

reference as seen in Figure 5-10, the increased phase lag with increasing frequency

of the reference signal leads to an increased instantaneous force error as indicated in

Figure 5-12.
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Figure 5-12 Instantaneous force error when F, (s) is disabled

In order to decrease the phase lag of the closed-loop system to the reference signals,

the reference feedforward controller, F, (s), is enabled. The response of the system to

the same sinusoidal reference input is given in Figure 5-13.
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Frequency Response
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Figure 5-13 Force tracking performance when F; (s) is enabled

In Figure 5-14, the Bode magnitude and phase diagrams of the closed-loop system
are given. The linearized model responses are also illustrated on the same figures. It
is seen in the magnitude plot that as the frequency of the excitation increases the
magnitude of the response also increases around 10 Hz. Although the expected value
at 10 Hz is about 0.35 dB, the test results yield to a value of about 0.7 dB. However,
since it is still less than 1 dB satisfying the magnitude requirement of dual-ten index,

it is quite acceptable.
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Bode Diagram
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With the use of the feedforward controller F,(s), the phase lag of the system is

considerably decreased to the value of about —6°, and hence, it satisfies the 10°

phase lag requirement of the dual-ten index. While the dual-ten requirements are

satisfied, the decrease in the instantaneous force error is illustrated in Figure 5-15.
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Figure 5-15 Decrease in the instantaneous force error with the use of F,, (s)

5.3 Loading Limits of the Electro-Hydraulic Load Simulator

In the previous section, the force tracking performance of the electro-hydraulic load

simulator is indicated by performing a frequency sweep test ranging from 0.1 Hz to

15 Hz with a magnitude of 1000 N. In this section, the saturation limits of the

hydraulic system of the load simulator are investigated by applying some sinusoidal

test inputs of higher magnitudes, and the results are compared with the non-linear

simulation results.
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A sinusoidal reference force input with a magnitude of 3000 N and a frequency of

5 Hz is applied to the electro-hydraulic load simulator. The reference input and the

response of the hydraulic load simulator are given together with the simulation

results in Figure 5-16. A Fourier analysis of the experimental data shows that the

magnitude ratio and phase lag at this frequency are 0.26 dB and —2.1°, respectively.

-3000N @ 5 Hz

Time

Force vs

Reference

Measurement
===== Simulation

[N] 10113 82104

[N] 82104

Time [sec]

Figure 5-16 Force response at 3000 N and 5 Hz
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The velocity responses of the actuators of the load simulator and the hydraulic drive
system under test are given in Figure 5-17. Although a constant position reference
input is applied for the actuator of the hydraulic drive system under test, it is seen
that the velocity of this actuator reaches up to 100 mm/sec with the application of
the reference force by the load simulator. Thanks to the disturbance feedforward
controller, the effect of the disturbance motion is considerably attenuated, and a
smooth force output is obtained as seen in Figure 5-16. Therefore, the estimated
velocity of the test actuator during the tests is also provided to the non-linear

simulation model as input in addition to the sinusoidal force reference input.
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Figure 5-17 Actuator velocities at 3000 N and 5 Hz

The spool feedback obtained through the test is compared with the simulation results
in Figure 5-18. As seen in Figure 5-16 and Figure 5-18, the non-linear simulation
results closely predict the force and spool position measurements obtained from the

load simulator. Hence, the non-linear simulation model of the electro-hydraulic load
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simulator can be utilized as an offline tool to predict the experimental test results if

an accurate enough dynamic model of the test system is available.
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Figure 5-18 Spool position feedback at 3000 N and 5 Hz

The results of this test clearly indicate the loading limits given in Figure 2-8. In the
figure, it is shown that if the velocity of the disturbance actuator reaches to 100 mm/
s, the loading condition of 2500 N at 5 Hz, which is green load locus curve in
Figure 2-8, is very close to the saturation curve of the proportional control valve
(purple curve). As a result, as expected from Figure 2-8, the valve input signal is just
about to saturate in Figure 5-18 since the disturbance velocity approaches to, or even

exceeds 100 mm/s as seen in Figure 5-17.

The same tests are also performed for different sinusoidal inputs and again compared
with non-linear simulation results. In Figure 5-19, the response of the system to a

sinusoidal reference force input of 7500 N at 1 Hz is given. In addition, the
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estimated velocities of the actuators of the load simulator and the hydraulic drive

system under test are given in Figure 5-20.
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Figure 5-19 Force response at 7500 N and 1 Hz

Similarly, the disturbance velocity of the actuator under test is given as input to the
non-linear simulation model. In Figure 5-21, the spool position feedback obtained
through the measurements and simulation results are illustrated. The saturation of the
hydraulic system is clearly observed in the figure. The instants at which the
saturation of the hydraulic actuator of the load simulator occurs as in Figure 5-21 are
due to the high velocity of the disturbance actuator as seen in Figure 5-20. The
disturbance velocity even exceeds the maximum steady state velocity of the actuator
at some instants. Therefore, the disruption in the force tracking exactly at the

saturation instants is clearly observed in the force response given in Figure 5-19.
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Figure 5-20 Actuator velocities at 7500 N and 1 Hz
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Figure 5-21 Spool position feedback at 7500 N and 1 Hz

131



Hence, it is crucial to perform the tests on the load simulator test bench within its
limits in order to get satisfactory results without saturation. Furthermore, the
effectiveness of the simulation model in approaching the actual test results is shown

once again, and its use before the actual tests is emphasized again.

The same test is performed for the sinusoidal force reference input of 10 kN at 1 Hz.
Knowing that the actuator under test has a highly low dynamic stiffness and exhibits
large deflections at these loads, the saturation of the loading system is still expected.
However, in order to provide an example loading at relatively large forces, the

response of the system to 10 kN at 1 Hz sinusoidal input is given in Figure 5-22.
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Figure 5-22 Force response at 10 kN and 1 Hz

The estimated velocities of the actuators during experimental test are given in Figure
5-23. It is clearly seen that the velocity of the disturbance actuator exceeds 200 mm/
s, which is the maximum steady state velocity of the loading actuator. The spool

feedback measurement is compared with simulation results in Figure 5-24.
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Figure 5-24 Spool position feedback at 10 kN and 1 Hz
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The model accurately estimated the force and spool position responses. The large
force errors at saturation instants are also estimated accurately by the simulation

results as in Figure 5-22.

The loading capacity of the simulator is summarized in Figure 2-8 and Figure 2-9
with the selected components to fulfill the given requirements. In this section, a
number of reference force inputs at different magnitudes and frequencies are applied
to the electro-hydraulic load simulator to show that the requirements are satisfied.
The spool position feedback of the flow control valve is taken and its saturation
instants are observed. It is clearly shown by the experimental results that the
simulator satisfies the requirements. To illustrate, the test with a reference force input
of 3000 N at 5 Hz shows that this reference input can be applied if the velocity of
the disturbance actuator is less than 100 mm/s and the saturation of the flow control
valve is observed when this velocity is exceeded. In addition, the experimental
results are compared with the non-linear simulation results and the validity of the
simulation model is clearly indicated. Therefore, the limits of the simulator
summarized in Table 2-2 and Table 2-3 are validated and the simulation model is
proposed as an offline tool to predict the test results before performing them on the

load simulator.
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CHAPTER 6

SUMMARY, CONCLUSION AND FUTURE WORK

6.1 Summary and Conclusion

In this thesis, an electro-hydraulic load simulator is designed and constructed as an
experimental loading unit in order to carry out the performance and stability tests of
newly developed hydraulic drive and control systems in controlled laboratory
conditions. Therefore, by designing such a test system, it is aimed to eliminate the
strong need to the actual plant to be readily built, or available so as to perform the
necessary tests, and hence to facilitate these research activities in a highly cost and

time effective way.

The design of the electro-hydraulic load simulator mainly includes the development
of a valve-controlled hydraulic loading unit, the instrumentation of the loading unit
with necessary feedback transducers and a real-time control computer, and the design
and implementation of a force control algorithm. A test bench, or stand, is also
designed and constructed within the scope of this study in order to accommodate the
actuators of the load simulator and the hydraulic drive system under test. In this

thesis, the overall design process is presented in detail.

The valve-controlled hydraulic loading system is initially developed to satisfy the
given dynamic loading requirements. The selection and use of the components of the
hydraulic loading system are explained in detail. Since the hydraulic load simulator
is a series elastic actuator to be used in a closed-loop force control application, a

compliant spring load system is also designed in order to reduce the output
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impedance of the system. So as to determine the stiffness of the load system, an
analysis of the load is performed by considering the saturation limit of the
proportional control valve, and the dynamic loading limits of the simulator are
indicated. Moreover, the hydraulic power pack providing the required power at
constant pressure for the operation of the proportional control valve is explained with

all its components.

The hydraulic load simulator is instrumented with a number of transducers, namely,
a force transducer, two pressure transducers for each chambers of the hydraulic
actuator, and a position transducer. The force transducer provides the feedback for
the controlled variable to be used in the closed-loop control. Additionally, an
incremental encoder is used to measure the actuator position of the hydraulic drive
system under test, and its output is also used by the force control system. A real-time
control computer with its various input and output modules is setup as the DAQ

system and the real-time control computer.

The construction of the test bench to accommodate the actuators of the hydraulic
load simulator and the hydraulic drive system under test is briefly explained in this
study. It is specifically aimed to test a variable speed pump controlled hydraulic
drive system with a single rod hydraulic actuator. Therefore, the design of the test
bench is performed according to the dimensions of the actuator to be tested. The
solid model of the test bench is created by using SolidWorks 2010. The closed frame
design of the test bench results in a compact and easily transportable structure

without allowing the created forces to be transferred to its environment.

A non-linear mathematical model of the electro-hydraulic load simulator is obtained
with the purpose of control system design and analysis, and a numerical simulation
model is constructed by using MATLAB®/Simulink”. Most of the model parameters
are determined from the technical drawings and/or catalogs of the manufacturers of
the components. However, the friction characteristic of the hydraulic actuator is
determined by performing open-loop tests, and the bulk modulus of the hydraulic

fluid is obtained from the literature. The validity of the model with these parameters

136



is shown by performing open-loop experiments and comparing them with simulation

results.

The validated mathematical model is linearized around a critical operating point, and
the continuous time transfer functions of the system are obtained. By utilizing these
transfer functions, a combined feedforward and feedback force controller, and a
velocity feedforward controller to reject the disturbance motion of the system under
test are designed. It is aimed to achieve an enhanced dynamic performance and
stability with a proportional closed-loop controller whereas the dynamic errors are

diminished thanks to the reference and disturbance feedforward controllers.

In addition, a Kalman filter with a kinematic model is designed in order to estimate
the actuator velocity of the hydraulic drive system under test since only its position is
measured with an incremental encoder. The implementation and tuning of the filter
are explained. The estimation results are compared with the ones obtained via finite
difference equations, and it is concluded that the KKF provides smooth velocity
estimation, especially in low velocities. Hence, it is used in the disturbance
feedforward controller. Although the KKF provides an estimate of the acceleration,
it is observed that its use in the controller causes chattering of the control valve.

Hence, the acceleration estimation is not as smooth as the velocity estimate.

The performance of the electro-hydraulic load simulator is evaluated by performing
real-time experiments and comparing them with model responses. The disturbance
rejection performance of the system is evaluated under the influence of a sinusoidal
disturbance motion of the hydraulic actuator under test. The method is highly
powerful since the development of large force errors in the force control loop is
prevented by synchronizing the velocity of load simulator with that of the
disturbance actuator. The force tracking performance of the load simulator is
evaluated by applying a sinusoidal force onto the actuator under test. The
improvement in the force tracking performance and the resulting decrease in the
instantaneous force error with the use of the reference feedforward controller are also

shown.
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The saturation limits of the electro-hydraulic load simulator are investigated by
applying some sinusoidal force inputs of different magnitudes and frequencies. It is
concluded that the design requirements stated in Chapter 2.1 are satisfied. The
experimental results are compared with the non-linear simulation results and it is also
proposed that the non-linear simulation model can be utilized as an offline test

platform before performing the real-time experiments.

To conclude, the whole design process of the electro-hydraulic load simulator is
presented and the dynamic loading limits of the simulator are clearly indicated in this
study. It is currently being used for the testing of a variable speed pump controlled
hydraulic drive system. Since its limits are well-defined, similar systems can also be
tested by using the simulator. Therefore, the load simulator is a convenient testing
platform for the research activities related to the development of new drive and
control systems as its use shortens the development period and saves the research

funds.

6.2 Future Work

In this study, a differential hydraulic actuator is used as the actuator of the electro-
hydraulic load simulator since it is readily available for use. Although differential
actuators are preferred because of their compact structures, they exhibit some
important drawbacks due to their inherent nonlinearity. Since the DC gains of the
actuator in extension and retraction cases are different, the feedforward controllers
are separately designed in this study. Even though the feedforward controller gains
are switched during tests depending on the sign of the spool position, a constant
feedback gain is preferred since gain switching in feedback loop may cause stability
problems. Hence, a gain scheduling method or a feedback linearizing controller can

be utilized to further diminish the effect actuator nonlinearity.

Another drawback of the differential actuator is that since the maximum achievable

forces and velocities in each direction of the actuator motion are different from each
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other, the performance of the simulator in each direction is different. That is, the
maximum achievable velocity and the maximum force that can be applied are limited
by the rod side of the actuator. Therefore, the specifications of the hydraulic system
are given for this chamber of the actuator. Therefore, a double-rod hydraulic actuator

can be selected to have symmetrical performance.

An important use of the load simulators is observed in hardware-in-the-loop
simulations and tests. In these applications, a physical simulation model of the plant
is constructed and the forces determined by the real-time solution of this model are
applied to the actuator under test by the load simulator. In this study, the controller of
the hydraulic load simulator is implemented by using MATLAB®/Simulink® in an
xPC target machine, and the used software and hardware provide the HIL

simulations by their real-time capabilities.

Besides the development of new hydraulic drive and control systems, the test bench
can also be utilized to evaluate the performance of newly developed force control
algorithms. Therefore, the research activities related to the active suspension
systems, injection molding machines, and etc. can also be carried out with the

electro-hydraulic load simulator designed and constructed in this study.

To improve the disturbance rejection performance of the system, an accelerometer
can be utilized so that both the compensation related to the acceleration of the
actuator is included to the control signal, and also the accuracy of the velocity

estimation obtained by kinematic Kalman filter can be improved.

In this study, a number of simple buttons and switches are utilized in Simulink®
model to control the load simulator. However, a graphical user interface (GUI) can
be developed in order to provide the user with the required options to select and
modify the tests more practically. In addition, the GUI can provide a mean for
formatting and displaying the test results, which can also be adjusted through the
GUI options.
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APPENDIX A

ELECTRICAL CONNECTIONS

A.1 Real-Time Target Machine Connections

e 1/0105 Analog Input Module

1 Input01 Input01 (+)

2 Input02 Input01 (-)

3 Input03 Input02 (+)

4 Input04 Input02 (-)

-] Input05 Input03 (+)

6 Input0s Input03 (-)

7 Input07 Input04 (+)

8 Input08 Input04 (-)

9 Input09 Input0S5 (+)

10 Input10 Input05 (-)

1 Input11 INpUtOs (+)

12 Input12 Input06 (-)

13 Input13 Input07 (+)

14 Input14 Input07 (-)

15 Input15 Input08 (+) Pressure transducer,
16 Input16 Input08 (-) Piston-side pressure, p,
17 GROUND GROUND

18 GROUND GROUND

19 Input17 Input09 (+) Pressure transducer,
20 Input18 Input09 (-) Rod-side pressure, py
21 Input19 Input10 (+)
2 Input20 Input10 (-)
ﬁ mz; :m:: :‘? Force transducer, F
25 Input23 Input12 (+) Proportional control valve
26 Input24 Inputi2 (-) spool position, LVDT
27 | Input25 Tnput13 (+)
28 Input26 Input13 (-)
: m :x:: :.‘]] Position transducer, x
31 Input29 Input15 (+)
32 Input30 Input15 (-)
a3 Input31 Input16 (+)
34 Input32 Input16 (-)

Figure A.1-1 Analog input connections
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1/0111 Analog Output Module

1 Output01 A
2 Output02 B
3 Output03 c
4 Output04 D
5 Output05 A
6 Output06 B
7 Output07 (%]
8 Output08 D
9 Output09 A
10 Output10 B Valve command signal, u
1 Output11 c Valve spool actuator enable
12 Output12 D
13 Output13 A
14 Output14 B
15 Output15 [ o]
16 Output16 D
17

18

19

20

21

22

23

24

25

26

27

28

29

30

31

32

33

34

Figure A.1-2 Analog output connections
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1/0 401 TTL/SSI Encoder Module

CLK INO1 (+) QAD_BO1(+)

_(ihannel A, signals Aand /A

S B |

Channel B, signals B and /B |

DATAD1 (+) _101(+)

| on | ro | -

CLK OUTO! (+)
ND
QAD_AD2 (#)

CLKINO2(+) | QAD_BO2(+)

Channel Z, signals Z and /2 |

DATAQ2 (+) QAD_102 (+)

w|om| -

CLK OUTO2 (+)
QAD A3 (+)

CLK IN03 (+) QAD_B03 (+)
12 | DATAO3 (+) QAD_103 (+)
13 | CLKOUT03 (+)
19 ND
15 QAD_AA (+)
16 | CLK INO4 (+) QAD_B04 (+)

DATAGA(+) | QAD_IO4 (%)

CLK OUTO4 (+)
QAD_ADS (+)

CLKINO5(+) | QAD_BO5 (+)

DATAQS (+) QAD_105 (+)

CLK OUTOS (+)

ND

QAD_ADS (+)

CLK INOS (+) QAD_B06 (+)

2(3PB R BB |82

DATAQ6 (+) QAD_I06 (+)
CLK OUTO6 (+)

S B LD BN R DB 2B B\ &5\ 5|&|E\S 8 =88

o
=

DATAG () [9ADI06E)
CLKOUTO ()

62
2 24V DigitalInput 01 63 24V Digital Input 01 Ground
30 24V Digital Input 02 64 24V Digital Input 02 Ground
3 24V Digital Input 03 65 24V Digital Input 03 Ground
) 24V Digital Input 04 6 24V Digital Input 04 Ground
3 24V Digital Input 05 67 24V Digital Input 05 Ground
) 24V Digtal Input 06 68 24V Digtal Input 06 Ground

Figure A.1-3 Incremental encoder connections
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A.2 Proportional Directional Control VValve Connections

Code 5 (11+PE)

5
0...£10V D

PIDH l>

0...£20mA
4...20mA

=Y (P —e=n
spool stroke
0...£10V 0 !

|

o%o

@3

:
|
&k

Figure A.2-1 Proportional valve connections

The command signal for the valve spool position from [0O111 module of real-time
target machine is connected to the pins 4 and 5 of the electronic driver of the valve.

The actual position of the valve spool is available through pins 6 and 7.

For the continuous operation of the proportional control valve a permanent supply

voltage of 24 V DC is provided at pin 3 with respect to PE.
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APPENDIX B

CALIBRATION AND SETTINGS OF TRANSDUCERS

B.1 Calibration of Pressure Transducers

The pressure transducers are calibrated by using a dead weight pressure tester which

is seen in Figure B.1-1. It consists of a weight carrier, a screw pump, an oil reservoir,

and a test port.

)Veight-can:_igr_

Figure B.1-1 Dead weight pressure tester
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The calibration procedure is summarized as follows [67]:

e The transducer to be calibrated is connected to the test port.

e A calibration load with a known weight is placed onto the weight carrier.

e The oil pressure is increased by using the screw pump and the weight carrier
with the calibration load is raised by the oil pressure.

e Having the pressure oscillations damped out, the voltage output of the
transducer is read.

e The previous steps are repeated for different calibration loads.

The calibration curves of the pressure transducers are given in Figures B.1-2 and

B.1-3 for the rod and piston sides.

Rod Side Pressure Transducer Calibration

Output [Volt]
N

Pressure [bar]

Figure B.1-2 Rod side pressure transducer calibration
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Piston Side Pressure Transducer Calibration

Output [Volt]
N

Pressure [bar]

Figure B.1-3 Piston side pressure transducer calibration

B.2 Gain Setting and Calibration of Power Amplifier

A signal amplifier, Burster Amplifier Module 9243 [68], is utilized in this study in
order to amplify the output of the force transducer, which is a signal in the order of a
few millivolts. In Figure B.2-1, the front view of the amplifier module together with
the terminal assignment table is given. In the figure, the fine gain adjustment & zero

point potentiometers can also be seen.
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Terminal | Function Description

1 Input: +/~ Supply voltage
2 Input: - [~ Supply voltage
3 Output: - Ground for the current output
4 Output: + Current output
5 Output: - Ground for the voltage output
6 Output: | +  *10 V output
7 Output: - =5 V monitor output
8 Output: +  Calibration voltage 5 mV
Modul-Verstarker 9 Sensor: | - Sensor excitation, shield
Typ 9243 10 Sensor: - Sense
11 Sensor: | +  Sensor excitation
] M n 12 13 14 15 18 12 Sensor ¥ sense .
13 Sensor: - Signal input
14 Sensor: | +  Signal input
15 Input: Calibration shunt
16 Input: Calibration shunt

Figure B.2-1 Burster Amplifier Module 9243 - Front view & Terminal assignment
table [68]

The desired gain of the amplifier module V,,;,; is determined as follows:

U,
Viotar = U (B.1)
a

where U, is the maximum voltage output of the force transducer at maximum

deflection, and U, is the required voltage output of the amplifier at U,,.

The maximum output of the force transducer is determined as 7.5 mV in Chapter 2,
and the required output of the amplifier is U, = 10 V since the analog input range of
the DAQ system is 10 V. Therefore, the gain of the amplifier, from Equation (B.1), is
to be

v, _ U _ 10V =~ 1333 B.2
tOtal_Ua_7.5mV_ ( ')

The required gain of the amplifier module is adjusted coarsely from the DIP switches
available on the left side of the amplifier module (Figure B.2-2) and finely from the

fine adjustment potentiometer on the front of the amplifier module as

158



Viotar = Vstagel ) Vstagez ) Vstage3 -(0.85...1.11) (B.3)

where the first three gains, Vsiqger> Vstagez» Vstages» are for the coarse adjustment

stages, and the last term represents the fine adjustment stage.

Hence, the coarse adjustment gains are set as 10,16.75,and 8, respectively.
Therefore, the product of these three gains yields to a gain of 1340. These gains are
set by properly adjusting the DIP (dual in-line package)switches as seen in Figure
B.2-2. Finally, the desired gain of 1333 is obtained by the fine adjustment

potentiometer.

The calibration of the amplifier module is performed by using the highly precise
5.0 mV voltage source available on the module. The corresponding terminal of the
precision voltage source is terminal 8 (Figure B.2-1). Hence, the following steps are

followed for the calibration of the amplifier module:

e Disconnect the transducer,

e Connect the input terminals (13, 14) to the ground terminal (9),

e Adjust “0 V” at the output of the module via the zero point potentiometer,
e Connect terminal 14 to terminal of the precision voltage source (8),

e Adjust the calculated voltage output with the set gain V¢4,

e Connect the transducer and adjust the zero point through the potentiometer.
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Figure B.2-2 Gain adjustment of the amplification module by DIP switches [68]
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APPENDIX C

TECHNICAL DRAWINGS WITH NOMINAL DIMENSIONS
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Figure C-1 Load simulator test bench assembly
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Figure C-2 Mounting bracket
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Figure C-3 Load spring system assembly
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APPENDIX D

SPRING STIFFNESS

The stiffness of the die springs used in this study is highlighted in the catalog of the

manufacturer as seen in Figure D-1.

YELLOW DIE SPRING -EXTRA HEAVY DUTY

Dy Dq Lo Stiffness
Outer Diameter | Inner Diameter | Free Length
mm mm mm N /mm
32 27.9
38 23.7
44 19.2
51 16.5
64 13.2
76 10.9
mm mm mm N /mm
76 952
89 819
102 700
115 620
- i 127 565
152 458
178 384
203 337

Figure D-1 Spring stiffness
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APPENDIX E

M - FILES

e Simulation Parameters and Plant Transfer Functions

% Load Simulator - Model Parameters
% 04.05.2014

0 ——— %
clear all;

clc;

0 ——— %
% Sampling time

Ts = 0.001; % [Second]

% Supply pressure

p_supply = 12; % [MPa]

% Fluid propoerties

B = 1.3e9/1e6; % Bulk Modulus of the Fluid - Nominal
Value [Pa]2[MPa]

% Valve parameters

Kv = (25/60*1e6)/10/sqrt(3.5); % [mm"3/s]/V/[MPa]”™0.5
Tv=1/21/ pi / 80; % [Rad/s]

u_max = 10; % [V]

% Actuator Parameters

% Hanchen

A_A = pi/4 * (0.06072) * 1e6; % Piston Area A[m™2]2[mm"™2]
A B = pi/4 * (0.060"2-0.030"2) * 1le6; % Piston Area B

alpha = A B /7 A A; % Area Ratio [unitless]
Xx_piston = 0.2*1e3; % Piston Stroke [m]2[mm]
V_dead A = A A*15; % Dead volume A
[m3]2[mm~3]

V_dead B = A B*15; % Dead volume B
[mM™3]2[mm~3]

% Initial volume iIn the chambers of the Actuator
% Assuming that the piston i1s at the midstroke
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% Initial Volume A [mm"3] — at mid-stroke
V_A =V _ dead A + x_piston * 0.5 * A A;
V_initial A = V_A;

% Initial Volume B [mm"3]

V.B = V. dead B + x _piston * 0.5 * A B;

V_initial B = V_B;

% Load Model

% M = 3*1e-3; % Mass [metric ton] — for open-loop tests
M = (3+5)*1e-3; % Mass [metric ton] with adapter parts
k = 565 * 2; % Spring rate [N/mm]

b = 6500/1e3; % Damping coefficient [N/(m/s)]2[N/(mm/s)]
%% ——————mm %

% Linearized Models

0 ——— %

% Effective flow area

A=AA* (1 + alpha®2 * (V_A /V_B));

% Capacitance

C=VA/ B;

% Valve Dynamics

G_valve = tf(1,[Tv 1]);

% ————— %

% For xv >= 0, Extention of the hydraulic actuator
% Operating point around which the linearization

% will be performed:

p_load 0 = O;

x_valve 0 = O;

% Steady State Pressures

p_A O ext = (p_load 0 + alpha™3 * p_supply) /7 (1 +
alphan3d);

p_ B 0 ext = (-alpha™2 * (p_load 0 - p_supply)) 7 (1 +
alphan3d);

% Valve Coefficients [mm™2/s]

KgA_ext = Kv * sqrt(p_supply - p_A 0 _ext);
KgB_ext = Kv * sqrt(p_B_0_ext);

KcA ext = Kv * x valve 0 / 2 / sqrt(p_supply -
p_A_ 0 _ext);

KcB_ext = -Kv * x_ valve 0 /7 2 / sqgrt(p_B O _ext);

% Equivalent Parameters

KQ_ext = KgA_ext + alpha * (V_A /7 V_B) * KgB_ext;

KC_ext = (KcA_ext - alpha™3 * (V.A /7 V.B) * KcB_ext) /7 (1
+ alphan3d);

% Transfer Functions for Extention

% G_FU(s) for extension

168



G_ext_force = tf(KQ ext * k * A A,[C*M (C*b+KC_ext*M)
(KC_ext*b+A*A_A+k*C) (k*KC_ext)]) * G_valve;

% G_FXd(s) for extension

G_ext_force_dist = minreal (tF(k*[C*M (C*b+KC_ext*M)
(KC_ext*b+A*A_A) 0], [C*M (C*b+KC_ext*M)
(KC_ext*b+A*A_A+k*C) (k*KC_ext)])):;

0 ——— %

% For xv < 0, Retraction of the hydraulic actuator
% Steady State Pressures

p A O ret = (p_load O + alpha * p_supply) /7 (1 +
alphan3d);

p_B O ret = (p_supply - alpha®2 * p_ load 0) /7 (1 +
alpha™3);

% Valve Coefficients

KgA_ret = Kv * sqrt(p_A O ret);

KgB_ret = Kv * sqrt(p_supply - p_ B 0 ret);

KcA ret = -Kv * x valve 0 /7 2 / sgrt(p_A O _ret);

KcB_ret = Kv* x valve 0 /7 2 / sqgrt(p_supply - p_ B O ret);

% Equivalent Parameters

KQ_ret = KgA ret + alpha * (V_A /7 V_B) * KgB_ret;

KC_ret = (KcA_ret - alpha™3 * (V.A/ V.B) * KcB_ret) /7 (1
+ alphan3d);

% Transfer Functions for Retraction

G_ret_force = tf(KQ_ret * k * A_A,[C*M (C*b+KC_ret*M)
(KC_ret*b+A A*A+k*C) (k*KC_ret)]) * G _valve;
G_ret_force_dist = tf(k*[C*M (C*b+KC_ret*M)
(KC_ret*b+A*A_A) 0],[C*M (C*b+KC_ret*M)
(KC_ret*b+A*A_A+k*C) (Kk*KC_ret)]);

e Fourier Analysis of the Experimental Data

function BodePlot(x_in,y out,t start,t end,PloT,Ts)
% Delete the undesired data range

x_in([1:t _start/Ts-1,t _end/Ts+l:end]) = []1;
y out([1l:t_start/Ts-1,t end/Ts+l:end]) = [1;
% Time vector [second]

t = t_start:Ts:t_end;

Fs = 1/Ts;

% Number of points

npts = length(t);

% Remove the bias

X = detrend(x_in);

y = detrend(y_out);
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% Auxiliary Plots

if PloT>0

% Plot the signal

figure

plot(t,x,t,y);

xlabel("Time (s)7);

ylabel ("Amplitude®);

legend("Signal x(t)");

end

% Fast Fourier Transform(FFT) of the Data

X=FfFt(x);

Y=Fft(y);

% Determine the numberof unique points

NumUniquePts = ceil((npts+1)/2);

T = (O:NumUniquePts-1)*Fs/npts;

if PloT>0

figure; subplot(211);

plot(f,abs(X(1:NumUniquePts)));

title("X(f) : Magnitude response®);

ylabel (" | X(F)]"); subplot(212);

plot(f,abs(Y(1:NumUniquePts)));

title(C"Y(F) : Magnitude response®)

xlabel ("Frequency (Hz)"); ylabel(C"|Y(P)|™)

figure; subplot(211);

plot(f,angle(X(1:NumUniquePts)));

title("Phase response®);

ylabel ("Phase (rad)"); subplot(212);

plot(f,angle(Y(1:NumUniquePts)));

title("Phase response®);

xlabel ("Frequency (Hz)");

ylabel ("Phase (rad)”);

end

% Magnitude [dB]

MAG = 20*l1ogl0(abs(X)./Zabs(Y));

% Phase [degree]

PHA = (angle(X)-angle(Y))*180/pi; % degree

% Format phase

for 1 =1 -1 : (size(PHA) - 1)
if PHA(i+1)-PHA(i) > 200

PHA(i+1) = PHA(i+1)-360;
elseif PHA(i+1)-PHA(i) <-200
PHA(i+1) = PHA(i+1) + 360;

end

end

% Bode Plots
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figure(“name”, "Bode Magnitude™)
semi logx(f,MAG(1:NumUniquePts));
grid on;

xlabel ("Frequency (Hz)");
figure("name”, "Bode Phase™);
semi logx(f,PHA(1:NumUniquePts));
xlabel ("Frequency (Hz)");

grid on;
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