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ABSTRACT

THEORETICAL INVESTIGATION OF CONJUGATE CONDENSATION
HEAT TRANSFER INSIDE VERTICAL TUBES

Kose, Serhat
Ph.D., Department of Mechanical Engineering
Supervisor: Prof. Dr. A. Orhan Yesin

September 2010, 165 pages

Based on the well-known theoretical studies related to the film
condensation inside vertical tubes, a known temperature distribution is prescribed
as boundary condition at the inner surface of the tube wall. But, in reality, there is
a thermal interaction between the condensate fluid and conduction through the
wall where the temperature variation along the inner surface of the tube wall is
unknown and this unknown temperature profile should be determined by taking
account of this interaction. In other words, the heat conduction equation for the
tube wall and the energy equation for the condensate fluid flow should be coupled
and solved simultaneously. Therefore, this type of problem is named “conjugate

condensation heat transfer problem”.

Subject to the conjugate condensation heat transfer problem in the
industrial applications, there are two different fluid flows separated by a tube
where the vapor flowing inside the tube condensates whereas the other one is
heated and it flows externally in the counter current direction in the annular

passages.
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Because of its fundamental and practical importance, in this doctoral
thesis, the studies are focused on the analytical and numerical investigation of
conjugate heat transfer due to the steam condensation inside vertical tubes which
is cooled externally by a fluid flowing in the counter current direction. The
unknown wall temperatures of the condenser tube, condensate liquid layer inside
the tube and the turbulent coolant flow outside the tube are coupled. A computer
code, named ZEC, containing condensation conjugate heat transfer model is
developed in FORTRAN 90 Language. This code and the models it contains are

assessed against the various experimental databases.

The predictions of the code ZEC are found to reasonably agree with the
experimental results over a wide range of conditions. Therefore, this developed
code, ZEC, may be used for the preliminary design of in-tube condensers and for

the performance evaluation of such condensers in operation.

Keywords: Condensation, Conjugate heat transfer, Vertical tube
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DUSEY TUPLERDE ESLENIK YOGUSMALI ISI AKTARIMININ
KURAMSAL ANALIZi

Kose, Serhat
Doktora, Makina Miihendisligi Bolimii
Tez Yoneticisi: Prof. Dr. A. Orhan Yesin

Eyliil 2010, 165 sayfa

Diisey tiipler icerisinde film yogusmasi ile ilgili kuramsal c¢aligmalarda,
siir kosulu olarak tiip duvariin i¢ yiizeyinde bilinen bir sicaklik dagilimi kabul
edilir. Oysa, gergekte, tiip duvarindaki 1s1 iletimi ile tiip i¢inde yogusan akigskan
arasinda 1s1l bir etkilesim vardir ve tiip boyunca i¢ yiizey sicaklik dagilimi
onceden smir kosulu olarak bilinmez. Bilinmeyen sicaklik profili ise bu 1sil
etkilesim g6z dniine alinarak belirlenmelidir. Diger bir deyisle, tiip duvarindaki 1s1
iletim esitligi ile yogusan akigkanin enerji esitligi birlikte diisliniilerek baglasik
hale getirilmelidir. Bu nedenle, bu problem “eslenik yogusmali 1s1 aktarimi”

olarak adlandirilmistir.

Eslenik yogusmali 1s1 aktarimina bagl olarak endiistriyel uygulamalarda,
bir tlip ile birbirinden ayrilmis iki farkli akis vardir. Tiip icinden akan buhar

yogusurken, tiip digindaki akiskan ters yonde akarak 1sinir.

Temel uygulamalardaki ve pratikteki Oonemi nedeniyle, bu doktora

calismasinda, dis ylizey duvarindan sogutulan diisey bir tiip igerisinden akan su
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buharinin yogusmasi eslenik 1s1 aktarim problemi olarak ele alinmistir. Yogusma
tiipii lizerindeki bilinmeyen duvar sicaklik degerleri, tiip i¢inde yogusan sivi sinir
tabakasi1 ve tiip disindaki akis baglasik olarak birlestirilmistir. Eslenikli yogusma
1s1 aktarim modelini iceren, ZEC isimli bir bilgisayar programi FORTRAN 90
dilinde gelistirilmistir. Bu program, c¢esitli deneysel veri tabanlari ile
karsilastirilarak, gelistirilen programin ve i¢erdigi modellerin bir degerlendirmesi

de ayrica yapilmistir.

ZEC programi ile genis bir araligi igeren deneysel sonuglarin
karsilastirmalar1  yapildiginda, bu karsilastirmalar neticesinde sonuglarin
tatminkar bir bigimde Ortiistiigli goriilmiistiir. Bu nedenle, gelistirilmis olan ZEC
programi, tiip i¢i yogusturucularin Onciil tasarimlarinda kullanilabilecegi gibi
halen caligmakta olan tiip i¢i yogusturucularin islevlerini yerine getirme

degerlendirmeleri i¢in de kullanilmasi s6z konusudur.

Anahtar Kelimeler: Yogusma, Eslenik 1s1 aktarimi, Diisey tiip
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CHAPTER 1

INTRODUCTION

Conjugate heat transfer is a term used to describe the heat transfer
between two different media such as fluid-solid or fluid-fluid where the interface
boundary conditions between them are unknown. Conjugate heat transfer occurs
when heat transfer in one medium is coupled with the heat transfer in the other. In
common industrial applications, the fluid-solid problems are encountered and the
flow properties affect the heat transfer and surface temperature in the solid region.
Therefore, the governing energy equations for solid and fluid regions are solved

simultaneously.

Typically, the unknown parameter is the interface temperature, which can
be determined from some knowledge of the heat source. Ever since Perelman
(1961) suggested the expression “conjugate heat transfer”, numerous studies have
been devoted to this problem. The interest in the conjugate heat transfer problem
stems not only from the fundamental nature of the problem, but also largely from
the fact that the problem has a wide range of applications in the nuclear reactors,
desalination units, cooling of electronic components etc. The conjugate heat
transfer problems are encountered in many engineering applications mainly in the

following two forms:



a. Heating/cooling of a fluid by a solid body

This form refers to a heat transfer process involving an interaction of heat
conduction within a solid body with either of the free, forced, and mixed
convection from its surface to a fluid (or to its surface from a fluid) flowing past
over it. Thus, a realistic analysis of conjugate heat transfer problems requires the
coupling of the conduction problem in the solid with the convection problem in
the fluid by satisfying the conditions of continuity in temperature and heat flux at
the solid—fluid interface. There are many engineering applications wherein this
analysis becomes essential. One of the most common examples is a heat
exchanger in which the heat conduction in the tube wall is greatly influenced by
the convection in the surrounding fluid. Another important example of conjugate
heat transfer problem can be found in fins [Barletta (2007), Mobedi (2006)]. The
conduction within the fin and convection in the fluid surrounding it must be

simultaneously analyzed to obtain design information precisely.

The conjugate heat transfer analysis finds yet another very important
application in the fuel element of nuclear reactors. [Ramis (2007), Jahangeer
(2007), Jilani(2002)]. Knowledge of the temperature distribution in the fuel
element is needed in order to predict its performance, in particular the highest fuel
element temperature and the rate of heat removal. This necessitates a detailed
conjugate heat transfer analysis of the heat generating fuel element cooled by
forced fluid flow. Conventional heat transfer analysis pertaining to applications of
similar nature is based on the assumptions of a uniform surface temperature or

uniform heat flux, both of which actually may vary over the solid surface.

Another application of conjugate heat transfer analysis is encountered in
the electronic components, in which it is essential to maintain the temperature
within the prescribed limits. Therefore, there are numerous conjugate heat transfer

studies in the literature, in order to calculate the surface temperatures and to



analyze how it is affected by heat flux variations of the solid surface, depending

on different inlet fluid flow conditions [Mathews (2006), Bautista (2006), etc].

In most of the theoretical analyses related to the heating/cooling of a fluid
by a solid body which can be found even in the heat transfer textbooks, the
temperature distribution along the solid surface is obtained based on the average
heat transfer coefficient. However, the accurate temperature distribution at the
solid surface can only be calculated by using problem specific local heat transfer
coefficients instead of the average heat transfer coefficients obtained from
empirical correlations. From another point of view, the calculation of local heat
transfer coefficients directly depends on the determination of both the local fluid
temperatures and local solid surface temperatures. Therefore, the conjugate
solution where the heat conduction equation for the solid body and the energy
equation for the fluid flow are coupled should be considered to provide more

realistic results for these types of problems [Mobedi (2006)].

b. Two different fluid flows separated by a solid wall

There are common engineering applications for the coupling of two
different fluid flows separated by a solid wall where one of them is cooled/heated
whereas the other one is heated/cooled. An example for this type of application is
the double-pipe heat exchangers. A specific application is the design of the multi-
effect distillation plant for seawater desalination, financed by European Union
[EasyMED-project (2007)]. The objective is to develop a prototype plant which is
easy to operate and which is efficient in use of energy. The basic elements of the
plant are vertical plates. On one side of a plate, seawater flows as a falling film
and evaporates, whereas on the other side, the plate is heated by condensing
vapor. Evaporating and condensing fluid flows at both sides of the plate are

laminar [Raach (2005)], Raach (2007)].



In the nuclear technology, there are several engineering applications
wherein the conjugate heat transfer becomes essential. The residual heat removal
system of the pressurized power reactors (PWR) having once-through type of
steam generators can be given as an example. System behavior during an accident
initiated by the loss of residual heat removal system after reactor shutdown is
greatly affected by the heat transfer mechanisms between the primary (tube) side
and the secondary (shell) side of the steam generator, where the dominant mode
of heat transfer in the tube is film-wise condensation. Many experimental research
studies regarding countercurrent flow for the performance of the once-through
type of steam generators during the accident were performed [Tanrikut (2005),

Seul (1999), etc].

Another example of this type of the problem is found in the containment
design of some advanced pressurized power reactors (PWR) such as AP1000
[IAEA-TECDOC-872 (2001)]. This design utilizes a unique system to maintain the
containment pressure and temperature within design limits. Figure 1.1 shows a
schematic of the reactor containment. In the event of a postulated accident where
high pressure cooling water escapes into the containment, the pressure and
temperature will increase as water flashes to steam. The steam will in turn start to
condense on the steel containment vessel surface which is initially at ambient
temperature. This results in an increase in the surface temperature of the steel
wall. The heating of the steel containment wall causes air flow from outside, due
to buoyancy forces, to be drawn in through an air baffle between the concrete
containment and the steel inner wall (not present in current reactors). This
temperature difference along the wall leads to the condensation of steam inside
the containment and sets up an air circulation in the countercurrent direction at

the outside of the containment wall.

Another example is encountered in the design of one of the safety system
of the simplified boiling water reactor (SBWR). One of the major innovations of

the SBWR 1is the passive containment cooling system (PCCS) capable of



sustaining containment cooling for 72 hours (long term cooling). This passive
cooling system relies upon condensation efficiency to remove steam from the
containment atmosphere. Typical example of in- tube condensation of steam is
the isolation condenser (IC) of the PCCS that has a function of a passive heat
exchanger. After a typical loss of coolant accident, steam from the reactor
containment/ pressure vessel may flow to the IC where it condenses moving
downward inside, externally cooled vertical tubes located in a pool (Figure 1.2).
This increases the containment’s capability to withstand the loads expected in
case of a hypothetical severe accident [Sato (2007), IAEA-TECDOC-1149
(1998)].
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CHAPTER 2

SCOPE OF THE STUDY

2.1 Definition of the problem

The thermal boundary layer formation over a wall surface is strongly
influenced by the wall thermal conditions. These thermal conditions are either
prescribed as wall temperature or wall heat flux. There is a third boundary
condition where the interaction between the fluid convection and conduction
through the wall is considered. In the third boundary condition, the temperature
variation along the wall surface is generally unknown and the unknown
temperature profile is determined by taking account of this interaction, i.e.,
coupling of the heat conduction equation for the wall, continuity, momentum and
energy equations for the fluid flow. If there is a condensation process at one side
of the wall, this condensation phenomenon is also involved into this interaction.
Therefore, this type of problem is named “conjugate condensation heat transfer

problem”.

2.2 Thesis objective and outline

In this study, the conjugate-condensation problem will be investigated in
two concentric tubes. Figure 2.1 shows the system considered in the analysis. As
the steam condenses downwards inside the condenser tube, the heat is transferred
from the condenser tube by the cooling water flowing upwards in the jacket tube.
The figure also shows the development of condensate liquid film layer inside the

tube and thermal boundary layer in the coolant flow outside of the tube.
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Due to unknown wall temperature of the condenser tube, formation of

condensate liquid layer inside the tube and development of the thermal boundary

layer in the cooling water flow are affected by the other’s local conditions (Figure

2.1). Therefore, film-wise condensation, heat conduction through the condenser

tube wall and heat removal from the outer surface of the condenser tube by

cooling water flow should be coupled and solved simultaneously.

For the solution of the conjugate condensation heat transfer problem

inside the vertical tubes, the following boundary conditions and assumptions are

considered:

a)

b)

g)

h)

The vapor and cooling water flows at both sides of the condenser tube
wall are steady.

Hydrodynamically fully developed flows are established for the vapor and
cooling water entering the tube and annulus respectively.

Inlet thermo-physical conditions of the vapor and cooling water are both
known. The vapor entering the tube is saturated.

The vapor and cooling water flows are turbulent, whereas the condensate
film flow inside the tube is laminar.

Only film-wise condensation occurs inside the condenser tube; mist
formation and wavy effects are disregarded.

The jacket tube wall is insulated.

The interfacial shear stresses acting on the condensate film and the vapor
are not equal due to the condensation process inside the tube.

Heat is transferred from the condensate to cooling water thorough the
condenser tube wall only in radial direction.

Dimensions of the condenser tube and jacket tube are uniform and

constant throughout.

There are three important phenomena in the conjugate condensation heat

transfer in vertical tubes cooled by forced turbulent fluid flow. These phenomena



can be classified as condensation process, heat transfer to the turbulent water flow
inside the annulus and conjugate heat transfer between the solid and fluid regions.
Therefore, in the present study, a stepwise modeling is performed for each

phenomenon.

For the first step, the condensation inside a vertical tube is analyzed with
known variable tube surface temperature. In Chapter 4, an analytical model for
condensation of a vapor flowing downward inside a vertical tube is developed.
This model is also compared with the results of three experimental data bases;

UCB [Kuhn (1994)], NASA [Goodykontz (1966)] and METU [Tanrikut (1998)].

At the second step, the fluid flow and the heat transfer mechanism is
modeled at the outside of the condenser tube. In Chapter 5, inside the annular
passage, the velocity and temperature distributions for the turbulent fluid flow are

solved with a given variable heat flux (¢"(z)) from the outer surface of the

condenser tube while the cooling water is flowing inside the annular passage.

This model is also compared with some experimental results in the literature.

At the final step, these two different problems are combined by the energy
balance and the conduction equation for the condenser tube wall and they are
coupled via temperatures and heat fluxes at the inner and outer surfaces of the
condenser tube wall respectively. In order to solve this identified conjugate
problem involving condensation-conduction-convection phenomena, a computer
code named ZEC, is developed in Chapter 6. The comparisons between the results
of ZEC and the experimental data bases of UCB [Kuhn (1994)], NASA
[Goodykontz (1966)] and METU [Tanrikut (1998)] are presented and interpreted.
By using computer code ZEC, the effect of some parameters such as inlet
pressure and mass flow rate of vapor, inlet temperature and mass flow rate of the

coolant on the condensation process are analyzed in Chapter 7.
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CHAPTER 3

LITERATURE SURVEY

There are three important phenomena in the conjugate condensation heat
transfer in vertical tubes cooled by forced turbulent fluid flow. These phenomena,
as previously stated in Chapter 2 are conjugate heat transfer, condensation process
and heat transfer to turbulent fluid flow inside an annular channel. So, the

literature survey is based on these three classifications.

3.1. Conjugate heat transfer at solid-fluid interfaces

Perelman (1961) is probably the first researcher who suggested the
expression “conjugate heat transfer”. He studied the laminar flow over an
internally heated flat plate with asymptotic expansions. He identified a parameter
that combined the ratio of the conductivities of the fluid and the solid, the Prandtl
number and the Reynolds number. This work was followed up by Luikov (1971,
1974). He termed Perelman’s parameter and used it in an approximate analysis
involving simplified thin-solid geometry with a linear temperature distribution

across the solid, i.e., a one dimensional model.

Karvinen (1978) used the integral method to solve a problem similar to
that considered by Luikov. Karvinen presented an approximate method for
solving the conjugate heat transfer problem associated with a heat generating
plate cooled by forced convection flow, and achieved good agreement with

measured data.
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Sparrow (1982) studied the conjugate heat transfer problem associated
with a vertical plate cooled by laminar forced convection flow. One-dimensional
conduction equation for the fin and boundary layer equations for the fluid were
solved simultaneously by satisfying the conditions of continuity of temperature
and heat flux at the solid—fluid interface. Keeping Prandtl number fixed at 0.7 for
air, the numerical results were presented for a range of values of conduction—

convection parameter.

Conjugate heat transfer problem of a plate cooled by laminar forced
convection boundary layer flow was carried out by Garg (1986). One dimensional
conduction equation for the plate and boundary layer equations for fluid were
solved simultaneously by similarity solution approach. The results were presented

for a wide range of Prandtl number and conduction—convection parameter.

Yu (1991) proposed a very effective solution method for solving the
conjugate conduction forced convection problems. For incompressible, laminar
boundary layer flow of a fluid with constant thermo-physical properties over a flat
plate and a wedge, the interface temperatures and heat transfer rates were

computed accurately using finite-difference scheme with marching technique.

Conjugate heat transfer problem associated with forced convection flow
over a conducting slab sited in an aligned uniform stream was analyzed
analytically as well as numerically by Vynnycky (1998). For the full numerical
solutions, the governing equations were first developed in dimensionless stream
function—vorticity—temperature form and then solved using a finite difference
scheme. The numerical results were presented for a wide range of Reynolds

number, Prandtl number, aspect ratio of the slab and thermal conductivity ratio of

the slab and the fluid.

Chiu (2001) studied conjugate heat transfer of horizontal channel both

experimentally and numerically. He found that the parametric study of
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operational parameters related to the conjugate heat transfer revealed that the
addition of conjugate heat transfer significantly affects the temperature and heat

transfer rates at the surface of the heated region.

Jilani (2002) numerically studied conjugate heat transfer problem
associated with a heat generating vertical cylinder cooled by upward forced flow.
The two-dimensional conduction equation for the heat generating cylinder and
boundary layer equations for the fluid were discretized using finite difference
schemes. While the two-dimensional heat conduction equation for the cylinder
was solved using Line-by-Line method, marching technique solution procedure
was employed to solve the boundary layer equations for the fluid. Results were
presented for a wide range of aspect ratio, heat generating and conduction—

convection parameters, keeping Prandtl number fixed at 0.005.

Chen (2005) proposed a technique which was used the linear least-
squares-error method to estimate the unknown outer-wall heat flux for conjugate
heat transfer within a thermally developing, hydrodynamically developed
turbulent flow in a circular pipe. The proposed method was applied to solve the
steady two-dimensional conduction equation for the pipe wall and the steady two-
dimensional convection equation for the flowing fluid simultaneously. The
method requires no prior knowledge of the functional form of the unknown wall
heat flux, and yields solutions for the unknown conditions within a single
computational iteration. The results compared the experimental data confirm that
this method is capable of providing precise predictions of the unknown outer-wall

temperature, and heat flux.

Jahanger (2007) studied the conjugate heat transfer problem pertinent to
rectangular nuclear fuel element dissipating fission heat into upward moving
liquid sodium. Introducing boundary layer approximations, the equations
governing the flow and thermal fields in the fluid domain were solved

simultaneously along with two-dimensional energy equation in the solid domain
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by satisfying the continuity of temperature and heat flux at the solid—fluid
interface. While the boundary layer equations were discretized using fully
implicit finite difference scheme so as to adopt marching technique solution
procedure, a second-order central difference scheme was used to discretize the
energy equation in the solid domain and the resulting system of finite difference
equations were solved employing Line-by-Line Gauss—Seidel iterative solution

procedure.

Barletta (2008) studied the conjugate heat transfer problem in a parallel-
plane channel. The hydrodynamically developed laminar flow inside the channel
was assumed with a boundary condition given by a temperature distribution on
the external side of the channel wall, which undergoes a sinusoidal longitudinal
change. The local energy balance equation was written with reference to the fully
developed region, where the temperature distribution was expressed as a periodic
function of the longitudinal coordinate. The temperature field in the solid wall
and in the fluid, as well as the local and average Nusselt number, was determined

analytically and numerically.

Ramis (2008) presented a comparative study of uniform and non-uniform
volumetric energy generation in a rectangular nuclear fuel element cooled by
upward moving stream of liquid sodium. Employing finite difference schemes,
the boundary layer equations governing the flow and thermal fields in the fluid
domain were solved simultaneously with two-dimensional energy equation in the
solid domain by satisfying the continuity of temperature and heat flux at the
solid—fluid interface. Numerical results were presented for a wide range of aspect
ratios, conduction—convection parameters, total energy generation parameters,

and flow Reynolds number.
Lin (2008) investigated the conjugate heat transfer characteristics of a

single-phase rectangular natural circulation loop numerically. Effects of the wall

thermal conductivity and the wall thickness on the heat transfer behavior in a
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circulation loop with fixed geometrical configuration were analyzed in detail. It
was shown that the presence of axial conduction through thick and highly
conductive loop wall tends to strengthen markedly the buoyancy-induced

circulating flow in the loop at lower Rayleigh number.

Bilgen (2009) presented a numerical and experimental study of conjugate
heat transfer by conduction and natural convection on a heated vertical wall. The
system considered was a wall subject to uniform heat flux on one side and cooled
on both sides by natural convection of surrounding air. The equations of mass,
momentum and energy conservations were solved by the control volume method,
Simpler algorithm [Patankar (1980)]. The non-dimensional wall thickness vas
varied from 0.02 to 0.10, the wall to air conductivity ratio from 1 to 100 and
Rayleigh number from 10’ to 10°. The results were presented in terms of Nusselt
number on both surfaces as a function of Rayleigh number, and in terms of
governing parameters of wall thickness and conductivity ratio. It was found that
Nusselt number was a strong function of Rayleigh number and wall thickness,

and a weak function of conductivity ratio.

Arict (2009) studied the conjugate heat transfer in thermally developing
laminar forced convection in a pipe including viscous dissipation and wall
conductance, numerically. The constant heat flux was assumed to be imposed at
the outer surface of the pipe wall. For the solution of the problem, the finite
volume method was used. The distributions for the developing temperature and
local Nusselt number in the entrance region were obtained. The dependence of the
results on the Brinkman number and the dimensionless thermal conductivity were
shown. The viscous heating effect on the wall was also shown. Significant

viscous dissipation effects have been observed for large Brinkman numbers.
Ramis (2010) analyzed numerically the steady state fluid flow and

conjugate heat transfer characteristics of liquid sodium as a coolant flowing past

over rectangular nuclear fuel element having non-uniform volumetric energy
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generation. Accordingly, employing stream function-vorticity formulation and
using finite difference schemes, the equations governing the flow and thermal
fields in the coolant were solved simultaneously with energy equation for the fuel
element by satisfying the conditions of continuity of temperature and heat flux at

the solid—fluid interface.

Also, a literature survey has been performed for the conjugate coupling
heat transfer between a condensation process at one side of a solid body and
cooling with a fluid at the another side of this body. However, the theoretical
studies related to the conjugate condensation heat transfer problems are limited in

the literature.

Patankar and Sparrow (1979) solved the problem of laminar condensation
on an extended surface by considering the heat conduction in a plate coupled with
the condensation process. Their numerical solution of the governing equations
confirms the influence of non-isothermal extended surface over the condensing

process.

Wilkins (1980) showed that an explicit analytical solution is possible for

the formulation of Patankar and Sparrow.

Neglecting inertia and convection terms in the condensate film, Honda
and Fujii (1984) solved the forced flow condensation on a horizontal cylinder as a

conjugate heat transfer problem.
Sarma (1988) studied the condensation process on a vertical plate of
variable thickness. They studied the effect of the plate geometry on the

condensation heat transfer and found that this interaction is very important.

Brouwers (1989) performed an analysis of the condensation of a pure

saturated vapor on a cooled channel plate, including the interaction between the
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cooling liquid, the condensate and the vapor. He obtained in closed form the
solution of the governing equations, confirming that this interaction has to be

taken into account in order to have more realistic models for this type of process.

Mendez (1996) analyzed the film condensation process of a saturated
vapor in contact with one side of a vertical plate, caused by a forced flow on the
other side of the plate. They showed that effects of the heat conduction through
the plate substantially modify the classical Nusselt's solution [Nusselt, (1916)].

Trevino (1996) studied the transient conjugate condensation process on
one side of a vertical plate, caused by a uniform cooling rate on the other surface
of the plate, including the finite thermal inertia. In this work, the transient
evolution of the condensed layer thickness and the temperature of the plate were
obtained using different realistic limits, including the cases of very good and poor
conducting plates. Their main results indicated that the condensed layer thickness
evolution is almost insensitive to the longitudinal heat conduction effects through
the plate, for a thermally thin plate and that the wall thermal inertia was the

controlling factor for the transient condensation process, in most practical cases.

Mendez (1997) solved the problem of the laminar condensation process of
a saturated vapor in contact with one side of a vertical thin plate, caused by a
natural laminar boundary layer flow on the other surface of the plate. The effects
of both longitudinal and transversal heat conduction in the plate were considered

in the problem.

Mendez (2000) studied the conjugate condensation-heat conduction
process of a saturated vapor in contact with a vertical plate. For the non-
isothermal wall conditions, it is considered that the base of the plate is maintained
at a uniform temperature. The coupling between the vertical fin and the
condensed phase offers a new theoretical perspective to the earlier fundamental

works on laminar film condensation. In this work, a perturbation methods and the
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boundary layer description for the condensed fluid flow is used to show that the

longitudinal and transverse heat conduction through the plate.

Char (2001) studied the conjugate film condensation and natural
convection along the vertical plate between a saturated vapor porous medium and
a fluid porous medium, theoretically. The solution takes into consideration the
effect of heat conduction along the plate. The governing equations along with
their corresponding boundary conditions for film condensation and natural
convection are first cast into a dimensionless form by a non-similar
transformation, and the resulting equations are then solved by the cubic-spline
method. The primary parameters studied include the thermal resistance ratio of
film to plate, the thermal resistance ratio of natural convection to film, and the
Jakob number of the subcooling degree in the film. The effects of these
dimensionless parameters on the plate temperature distribution and the local heat
transfer rate on both sides of the plate are discussed in detail. In addition, the
interesting engineering results regarding the overall heat transfer rate from the

film condensation side to the natural convection side are also illustrated.

Raach (2005) developed a solution in one-dimension for a plate, where
evaporating seawater is distributed as a falling film one side of the plate, whereas
on the other side, the plate is heated by condensing vapor. Evaporating and
condensing flows at the both side of the plate are laminar. For the laminar
condensation, model is based on Nusselt theory where the plate temperature is
assumed to be constant for the design of the multi-effect distillation plant for
seawater desalination. In the solution procedure, an adaptive grid was used, i.e.,
the number of cells was constant whereas their coordinates varied according to
the changing film thicknesses. Two years later, this program has been developed
in two-dimensions for the simulation of the conjugate heat transfer between the

condensing water film on the one side of the plate and the evaporating seawater

film on the other side [Raach (2007)].
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3.2. Film-wise condensation

The first attempt to analyze the film-wise condensation problem is that of
Nusselt (1916). It is assumed that wall temperature is constant, liquid film is
laminar, material properties are not changing, vapor is stagnant (i.e., no interfacial
shear), convective heat and momentum transfer in liquid film is negligible. With
those assumptions, an expression for the local film thickness is derived and it is
shown that the condensation heat transfer rate depends on condensate local film

thickness.

Since the pioneering analysis of Nusselt, many researchers tried to solve
the problem by the boundary layer analysis or by an analytical model. The
boundary layer model is based on solving the governing equations for the
condensation process including the vapor and liquid film regions with appropriate
boundary layer approximations. In the analytical models, mass, momentum and
energy balances are established with/without some simplifications, depending on

the specified problem.

Rohsenow (1956) analyzed the flow of the liquid film and introduced a
correction for latent heat in the Nusselt equation. The use of fluid mechanics to
solve the condensation problems was proposed by Cess (1960). Sparrow (1959)
solved the boundary layer equations of the condensate film for the laminar vapor
flow. For flowing vapor, Shekriladze (1966) assumed that the shear stress at the
liquid vapor interface is equal to the loss of momentum of the condensing vapour.
The integral method has been used by Jacobs (1966) and Fujii (1972). Dobran
(1979) numerically studied the laminar film-wise condensation of pure saturated
vapor in forced flow in a vertical tube. Chen (1993) used the modified Nusselt
analysis considering interfacial shear for the film and the self-similar velocity
profile assumption to solve the governing partial differential equation in the vapor
region. Neglecting the pressure gradient Srzic (1999) solved the boundary layer

equations for condensation of a mixture of vapor and a lighter gas.
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The influence of waves on the condensate film has been treated by Unsal
(1988a, 1988b), Hung (1996) and Chou (1997), but the effect of waves on the
heat transfer coefficient is not well understood in these studies. Jayanti (1997) has
analyzed the influence of waves of a given shape and showed that the heat

transfer is mainly due to conduction through the liquid film.

For turbulent condensation inside a tube, Carpenter and Colburn (1951)
attributed the resistance to heat transfer to the laminar sublayer. Ueda (1972)
measured the film thickness and showed the disagreement with the Carpenter-
Colburn theory. Bellinghausen (1992) used k- turbulence model for
condensation inside a vertical tube. Numerical analysis of the condensation of
pure and mixed vapors by taking the turbulence in the liquid and vapour phases
into account has been presented by Louahlia (1996). Munoz-Cobo (1996)
developed a model for condensing flows inside tubes, relying on a coefficient of
friction derived from single phase flows. An interfacial shear stress model has
been proposed by Narain (1997). The effect of two phase flow regimes on
condensation inside tubes is discussed by Dobson (1998). Panday (2003) solved
numerically the turbulent film condensation of saturated vapor flowing inside a
vertical tube based on the fully coupled liquids and vapor phase boundary layer
equations. Oh (2005b) developed a modified Nusselt model with a correction
factor and using the Blangetti model [Blangetti (1982)]. Oh (2006) also analyzed

the film-wise condensation with the non-condensable gas by using this model.

3.3. Heat transfer in the annular channels

The primary practical interest in turbulent fluid flow in a concentric
circular annulus is in connection with convective heat transfer in the outer
passage of a double-pipe heat exchanger. Because of the non-linear radial
variation of the total shear stress within the fluid, the analysis of flow in an
annulus is considerably more complex than in a round tube or parallel-plate
channel in the laminar as well as in the turbulent regime. Therefore, numerous

analytical and numerical studies of turbulent flow in concentric annular channels
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at different thermal boundary conditions have been reported. In the following,
some of them related to the hydrodynamically fully developed turbulent flow are

reviewed.

Lorenz (1937) discovered experimentally that in turbulent flow the
location of the maximum in the time—mean velocity distribution in an annulus
differs considerably from that for laminar flow. Kjellstrom (1966) derived
integral expressions involving the local turbulent shear stress from which it may
be inferred that the location of the maximum in the velocity differs from the
location of the zero in the total shear stress as well as from their common location
in laminar flow. He was unable to confirm experimentally the difference in
location between the maximum in the velocity distribution and the zero in the
total shear stress for a smooth annulus, but did succeed for an annulus with a
roughened inner surface, for which the difference in locations is magnified.
Finally, Lawn (1972) confirmed experimentally the non-coincidence for smooth

annuli.

Kays (1963) correlated the experimental data of various investigations for

the location of the maximum in the velocity distribution in the turbulent regime
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with the empirical expression

Rehme (1974) similarly correlated his own experimental data as well as
that of others for the location of the zero total shear stress for Re = 10° with the

expression

0.386

Ror — Riw _ Riw
Row - Ror R

ow

21



A lot of experiments to determine velocity and temperature profiles have
been performed for different fluids. For instance, Heikal (1976) measured the
velocity field and wall heat transfer rate in flow of air. Kuzay (1977) measured
the wall heat transfer rate and mean temperature distribution in air flow. Hasan
(1992) performed the measurements to obtain the velocity and temperature fields
in turbulent upflow of liquid Refrigerant-113 through a vertical concentric
annular channel. However, these measurements appeared to have suffered from
the probes which were rather large compared to the annulus spacing, precluding
the measurements near the wall and quite possibly disturbing the flow field. In
order to rectify this shortcoming, Velidandla (1996) used a laser Doppler
velocimeter for the velocity measurements and simultaneously, a cold wire for the
temperature measurements. Recently, by using this measurement technique,
Kang (2001) measured time mean axial and radial velocities, the axial and radial
velocity and temperature fluctuations, and radial velocity and temperature profiles
precisely. Results were reported for Reynolds numbers at channel inlet of 22,800,
31,500, 46,400 and for the annulus inner wall heat fluxes of 0, 9000 and 16,000
W /m’.

A number of numerical studies of turbulent flow in concentric annular
channels at different thermal boundary conditions have been reported. Quarmby
(1968) carried out an analysis of isothermal flow in a concentric annular channel
using the Reynolds number and radius ratio of the channel as parameters. The
results including the friction factor, the velocity profiles near at the inner and
outer walls, and the maximum mean axial velocity location were reported.
Hanjalic (1974) simulated isothermal turbulent flow in a concentric annulus using
high Reynolds number versions of the transport equations for axial turbulent
shear stress, turbulent kinetic energy, and its dissipation rate. The wall boundary
conditions for the mean and turbulence quantities were imposed by means of a
modified velocity wall law in which the additive constant is a function of the

aspect ratio (inner diameter/outer diameter). Azous (1993) simulated isothermal
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flow in concentric and eccentric annuli using a low-Reynolds number two-

equation k-t model of turbulence and a mixing length model as closures.

Numerical simulation of the velocity and thermal fields in turbulent flow
through a concentric annular channel with its inner wall heated was performed by
Wilson (1968) and Malik (1981). Wilson (1968) used the van Driest model of
turbulent viscosity which takes into account the viscous damping in the near-wall
region. A constant turbulent Prandtl number, (Pr, =), was used for Pr > (.1 and
an empirical relation for Pr,. Malik (1981) used three different turbulence models

to evaluate the eddy viscosity and a constant turbulent Prandtl number of 0.9.

The authors who have reported numerical simulation of turbulent flow and
heat transfer in channels using the k-¢ model of turbulence are Abdelmeguid

(1979), Pietrzyk (1985) and Cotton (1990).

Churchill (1997) reviewed the prior studies on turbulent flow and
convection in annuli. As a result of this review, he found that the most of the prior
predictive results were highly uncertain owing to the failure to account for the
displacement of the maximum in the velocity from that for laminar flow and/or

from the zero in the total shear stress.

After Yu (2001) developed a general expression for the velocity profile in
the round tubes, this expression has been developed for the circular annuli by
Kaneda (2003), taking account of Churchill’s review [Churchill (1997)]. He
presented a new, essentially exact, differential model, a set of numerical
solutions, and a set of generalized predictive equations for the time-averaged
velocity distribution and the mixed-mean velocity. The validity of these results
was confirmed by comparisons with prior experimental data and with prior

numerically computed values.

23



Yu (2005a) used this fully developed turbulent flow modeling developed
by Kaneda (2003) in his analysis. He developed an analytic solution for fully
developed convection extended in concentric circular annuli, with the boundary
conditions of uniform heating on the inner wall and an adiabatic outer wall. These
conditions correspond to longitudinally and angularly uniform electrical
resistance heating of the inner wall as well as to iso-enthalpic counter-current
flow through an inner tube and the annulus with perfect insulation on the outer
wall. Such conditions may be approached in the heat exchangers far away from
the entrance. Also this analytic solution which uses Kaneda’s velocity profile has

been generalized for some alternative boundary conditions by Yu (2005b, 2005c¢).

3.4. Concluding comments

Since the pioneering paper of Nusselt (1916) on film-wise condensation,
simplifications and idealizations have been re-examined during the past decades
in order to improve the simple Nusselt's theory. Well-recognized works totally
deal with film condensation over the known thermal boundary conditions at the
wall. But, the theoretical studies taking the interaction between the solid wall and

the film condensation process into account are very limited.

For the conjugate heat transfer in round tubes, there are many studies in
the literature, regarding the coupling of single phase fluid flow heat transfer with
the solid heat conduction in the tube wall. However, it is apparent from the review
of published literature that, any theoretical study considering the conjugate heat
transfer between film-wise condensation processes of the saturated vapor flowing
turbulently in contact with a surface of a wall caused by counter current forced or

natural flow on the other surface of the wall does not exist.
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CHAPTER 4

IN-TUBE CONDENSATION MODEL

The theoretical analysis of the condensation of the vapor in a tube has
been carried out by many researchers. The analysis of the vapor condensation
process generally involves either the boundary layer model or analytical models.
The boundary layer model is referred to the solution of the governing equations
for the condensation process including the vapor and liquid film regions with
appropriate boundary layer approximations. In the analytical models, mass,
momentum and energy balances are established with/without some

simplifications, depending on the specified problem.

When the analytical methods are compared with the boundary layer
model, the balance equations are solved easier than the boundary layer equations
due to their simplicity. But, one of the shortcomings of these methods comes from
the question of which correlations would be the most appropriate for a given
problem. Researchers suggest different correlations for interfacial friction factors,
effect of suction, liquid film model, transition Reynolds number in film, waviness
effects in film, etc. Therefore, it needs to be developed a mechanistic model

reflecting the transport phenomena of mass, momentum and heat transfer.

4.1 Physical description of the problem

The physical model of the co-current downward flow film condensation in

a vertical cylindrical tube is shown in Figure 4.1, where the pure vapor entering
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the tube is assumed to be in saturated state and the condensate film forms along
the tube surface and it is assumed to be laminar (see page 43, paragraph 3). The
inner tube surface is maintained at varying temperature, 7;(z), which is given as

boundary condition.

T; {3
- Grow)

Figure 4.1 Film-wise condensation in a vertical cylindrical tube

An analytical model for the condensation of vapor flowing downward
inside a cylindrical tube has been recently studied by Oh, employing the
conservation laws [Oh (2006), Oh (2005a, 2005b, 2005¢)]. However, OH-model

which is summarized in Appendix A has five substantial deficiencies, where;

e Force balance is established for the cartesian geometry, disregarding

the area differences in the radial direction for the shear forces,
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e Energy balance is constructed and local heat transfer coefficient is
calculated in cartesian geometry assuming that the temperature profile
in the liquid film is linear.

e Pressure gradient is assumed due to the vapor head only as in the
solution of stagnant vapor. But, this is not a good approach if the
vapor flow is highly turbulent and the vapor interfacial shear is
dominant

o % terms in velocity profile are neglected, assuming that %«1
(See Figure A.1 and Egs. (A.10), (A.11)).

e Shear stress from the liquid to vapor (7, ) is assumed to be equal to

shear stress from the vapor to liquid (7, ). Namely, 7, =7, =7,.

Therefore, in this thesis work, an analytical model is developed for the in-
tube condensation, overlapping the all above deficiencies. Then, the resulting
equations are numerically solved to predict the local condensate film thickness,

condensate velocity and local heat transfer coefficients.

4.2 Formulation

Steady, film-wise condensation of a downward vapor flow in a vertical
cylindrical tube is considered (Figure 4.1). The vapor flow regime can be either
laminar or turbulent, depending on the axial location considered. Near the tube
entrance and in the upper region of the tube, the regime may be turbulent. In the
lower region, whereas the most of the vapor condenses, the regime might be
laminar. It is also assumed that the vapor entering the tube is at saturated state

with a fully developed velocity profile.
In order to calculate the local heat fluxes and heat transfer coefficients, the

velocity profiles in the liquid and vapor sides have to be determined initially.

Therefore, the force balances at both sides should be considered separately.
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4.2.1 Liquid layer

An arbitrary distance z, measured from the entrance of the tube is chosen
and a force balance is considered on the element of condensate film, lying radially

between R-6 and R, axially between z and z+dz (Figure 4.2).

Force balance inside the liquid layer between z and z+dz can be given as;

7, P(R-0)dz+ A p, + ,ofg[A2 (z+dz)-Az]=17,P(r)dz

+A{“*GEJ*} @1
0z

where

P(R—-0)=2n(R-0)
P(r) =2xr

A=A=A=7r" - 7(R-6) =x[r’ - (R-6)" ]
Inserting above expressions into Eq. (4.1);

7, [2m(R-8)|dz +x| > = (R-6) | p, + p,gr[ 1’ = (R-5) |dz

4.2
=1L[27zr]dz+7z[r2 —(R-95) ]pL+7r[r2 - (R—é')z]{(%jdz} #2

Eq. (4.2) becomes:

2rz, =2R-8)7, +p,g|r’ - (R-6) |-[r* - (R-6) | (j—lz’] 4.3)

r,(r)=1,

(R-5) [ - (R-0)] _[*—@—@ﬂ[@
r

4.4
2r Pr& 2r jL (4

zZ
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Figure 4.2 Force balance in the condensate liquid layer

Local pressure gradient can be defined with a fictitious vapor density, p’,

expressed in the form of [Collier (2001)];

) .
( dzl—pg (4.5)

where p* will be determined later.
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Defining the shear stress in the liquid layer as;

rL<r>=uL(”Z‘;j 4.6)

Inserting Eq. (4.5) and (4.6) into (4.4);

(duLj: [P R= | (p,-p)e | (R-8)z, @7
dr 2r )78 rooou

Hence, the velocity profile in the laminar liquid film can be obtained from

the integration of Eq. (4.7);

u, ()= LL=P)E [ﬁ_ (R=0)° ln(r)} RS +C  (48)
H 4 2 L

In order to find the constant C, the boundary condition u, =0 at r =R is

applied.

_ * _ 2 2
c=lp=re {(R %) lnR—R—} ~ T (R-5)nR
My 2 4 Hy

Condensate liquid velocity profile at any point z, can be given as;

u, (1) = (p,—p)g {(1'3—5)2 ln(R/r)—M} — T (R-&)In(R/7) 4.9)
Hy 2 4 Hy

The first term in the right hand side of above equation is the velocity
distribution, as in the case of Nusselt analysis with no interfacial shear. The

second term 1is the logarithmic velocity distribution due to the interfacial shear.
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For high interfacial shear, the second term is dominant. Hence, the velocity
distribution is almost logarithmic. The mass flow rate can be calculated using the

velocity profile as follows:
R
iy = j 0 10, (r) 2zrdr (4.10)
R-6

The condensation mass flow rate per unit length can be defined as

.

Hz)= 27R

(4.11)

Integrating Eq. (4.10) by using Eq. (4.9) and inserting this expression into
Eq. (4.11); I'(z) becomes;

(R-6) R
(z)= (oL —p).g R n(R—é)
i | (2R-6)(R-6)5 (2R-05) (o) (4.12)
2R 4R
L |(R-0) (R )_(2R—5)(R—5)5
2v, R-§5 2R

The liquid film Reynolds number and the vapor Reynolds number can be given at

any axial location as;

4r

Re,(z)=—
e, (2) ” (4.132)
2m,
Re (2) = m (4.13b)
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In Eq. (4.12), I'(z) is the function of &(z), but also there are two

unknowns; the fictitious density, o+, and the interfacial shear, 7, .

Interfacial shear

In the above analysis, the interfacial shear is an unknown parameter,
which should be determined by the momentum balance at the film—vapor
interface. Two methods are possible for the calculation of the interfacial shear.
One method is used to solve the governing equations in the vapor region and to
impose the no-slip condition on the tube surface and the continuity of shear at the
interface. This method requires relatively long computation time. The other
method is used to calculate the interfacial shear with some appropriate

correlations as follows:

1. If 1 =0, it becomes Nusselt solution (no shear at the interface). It
works for the stagnant vapor or low vapor flow velocities. However,
as the vapor flow velocities increases, interfacial shear becomes

dominant. So, T # 0.

2. Shear stress from the liquid to vapor (7 ) is equal to shear stress from

the vapor to liquid (7, ) [Oh (2006)].

Ty =Ty=T7; (4.14)

f= i (4.15)

where f'is the interfacial friction factor given by;

S__ b (4.16)
Jo exp(b,)-1

32



(&)
dz (4.17)

o, (f,12)

dr . )
where — 1is called as condensation mass flux.

dz
f() =0.079 RG;O'ZS RCV > 2300 (418)
f,=16/Re, Re, <2300

. The interfacial shear stresses, 7,, and 7, acting on the vapor and

liquid are different due to the influence of mass transfer in

condensation [Silver (1964), Wallis (1969) and Spalding (1963)].

Ty # Ty (4.19)

_a (4.20)

a'e 4.21)

where 7,, is the interfacial shear stress in the absence of phase

change, given by;
1 N
Tro = Ef IDV( uy _”L) (4.22)
where u, and u, are the mean velocities of the vapor and liquid,
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respectively. a' is defined by Wallis (1969) as;

(4.23)

a= — _ 2
fpV( uV_uL) /2

=/ (1+360%j (4.24)

where f) is given in Eq. (4.18).

7 and 7, values obtained from Eq. (4.20) and (4.21) are used in the

present analysis.

Pressure drop and fictious density

The fictitious density is another unknown parameter. It can be determined
by solving the governing equations in the vapor region. Since this method
requires a large computation time, the following approaches are applied to

calculate the pressure drop in liquid layer at any axial location:

1. If only pressure gradient is assumed due to the vapor head [Oh
(2005b)], then the fictitious density can be assumed as p = p, , as in

the solution of Nusselt. But, this is not a good approach if the vapor

flow is highly turbulent and vapor interfacial shear is dominant.

2. One can obtain pressure drop from the force balance at the vapor side
assuming average velocities in the radial direction instead of radial
velocity profile and then calculate the fictitious density by using single

phase approaches [Munoz-Cobo (1996)].
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ap)\ _ (dp) _ 425
(dzjy (dzl re (42

So, the fictitious density, o , can be obtained from the vapor side force

balance.

4.2.2 Vapor side

The next step is to apply the conservation of momentum to the vapor
volume element shown in Figure 4.3, lying radially 0< r < (R-J), and axially

between z and z+dz.

Force balance at the volume element inside the vapor layer lying between

z and z+dz;

A4 p,+ 4 (pV L_‘VLTV)"' pVg[AZ(Z + dz)_AIZ] =4, 7,

op L 0 L (4.26)
+4, py+(a—] dz |+ 4, (pl,u,,u,,)+(—(p,,uyu,,)jdz
Z )y Oz
where
A, =27(R-9)dz
A =4,= 7 (R-95)
Inserting above expressions into Eq. (4.26), it becomes:
dp dai 427
(R-0) pyg =27+ (R=5)| = | +(R-0)| —(p,it,10,) (4.27)
dz ), dz
() ons- g (4105
i), Pr8 R-0) " "\ & Pyuyuy (4.28)
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Figure 4.3 Typical vapor volume element, used to apply the momentum

conservation
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By using the definition of fictitious density given at Eq. (4.25), Eq. (4.28)

becomes;
. 2 1(d, __
P =Py Ty —— Z(pyuyuy) (4.29)
d — ) .
For the (d—( 0, 1y, )) term, the following expression can be used:
Z

d di, R _dr

E(pVﬁV”TV) =G, b (R-0) N (4.30)

Inserting above expression into Eq. (4.29), the fictitious density is

obtained as;

p=plie—L | DAl Ay (4.31)
py gD, | D, ~ dz dz

where the hydraulic diameter (D, ) and the mass flux (G, ) of the vapor are
defined as;

D, =2(R-5) 4.31)

GV =10Vl’7V (4.31)

4.2.3 Energy balance

The heat transfer rate at the vapor and the film region is balanced at the

interface as;
dr
(;j hfg = hL (T.;at _T;) (432)
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Heat flux at any axial location in the film region is given as;

q"=h (T, -T)
‘ (4.33)
g=—k, 9L (4.34)
dr

Since the condensate film flow is assumed to be laminar, heat transfer is
by conduction and the temperature profile in the film is similar to that in a hallow

cylinder with surface temperatures (7, ,, 7,) ;

T(r)= % ln(%j +7, (4.35)
ln( j

By using Eq. (4.33), (4.34) and (4.35) at radial point =R -0, the film

(condensation) heat transfer coefficient can be obtained as;

ky

R-0

If Eq. (4.32) and (4.36) are combined, the rate of change of the liquid

mass flow rate per unit radial length is obtained as;

dr’ _ k(T =T) 437
d - R . 7
z hy {(R—é‘)ln(R 5)}

The liquid film (condensation) Nusselt number can be defined as follow

[Tanrikut (1998)];
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Nu, = K, (4.38)

4.3 Solution procedure

In order to obtain the local condensation heat transfer coefficient given in

Eq. (4.36), it is necessary to determine the local values of five unknown

parameters, namely, the liquid film thickness (5 ), the condensate mass flow rate
per unit length ('), the interfacial shears (7, ,7, ) and the fictitious density

( p*), where these parameters are coupled with five equations given in Egs.

(4.12), (4.20), (4.21), (4.31) and (4.37).

The flowchart of the calculation procedure is summarized as follows

(Figure 4.4):

1) Specify inlet conditions for vapor (m, ,p,) and the condenser wall
temperature profile (7(z) )

2) Start the iteration for the specified node by assuming a condensation mass

ary’ . . L .
flux, (d_j , where n is the index number of iteration and node is the
Z

node
number that shows the axial point for which the calculations are performed.

For initial guess of condensation mass flux at node=1 and n=1

1
(d_l"j =10"°
dz ),

3) Calculate the film thickness (5 ",

node

) from Eq. (4.37).

39



4) Calculate the interfacial shears ((T,L)Zode,(r,,, ) e ) by using Egs. (4.18),
(4.24), (4.23), (4.22), (4.20) and (4.21).
5) Calculate the fictitious density (( ox )n ; ) from Eq. (4.31)

6) Calculate the condensate mass flow rate per unit length (I""*/*) from Eq.

(4.12)

n
node

7) Calculate the condensation mass flux (I"? ) from

1_‘Zode = 1_‘noafe—l + Az(d_rj
dz

node

8) Compare I'"*/* and I'

node node

n+1/2 n
1—‘node % node

l—w’l+l/2

node

<¢g

9) Go to next step if the convergence is satisfied. If not, go to Step 2 for the next
iteration (n=n+1)

10) Calculate the local condensation heat transfer coefficient and the local heat
flux from Egs. (4.36) and (4.33) respectively.

11)Repeat this calculation procedure from Step 2 through 10 until last node

calculation at z=L is performed.
For this calculation procedure, ¢ is chosen as 10” and the condenser tube

of which the axial length is about 1.5 m is divided into 50 nodes, which is enough

for the numerical accuracy (see Appendix B for the verification of 50 nodes).
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Specify inlet and boundary conditions (1, , p,,T(2))

:

Y

»| node = node +1
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dry
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& az ) e

l

Calculate the film 1hick|1us.~;[§"

" ) from Eq. (4.37)

Caleulate (7 ) oo (Typ )ioie from Egs. (4.20) and (4.21)

!

a1
Calculate (,0 ) ~ from Eq. (4.31)

!

Caleulate (I'!}%) from Eq. (4.12)

!
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. . iy
IS x[—]
"‘j: fJIIrJ’('

NO

=€

ml/2 n
rrrm.l’f _rnrmf:r
mil/2
l—mml’r

Figure 4.4 Flowchart of the calculation procedure
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4.4 Results and discussions

There are some experimental facilities related to in-tube condensation
phenomena, where the test sections generally consist of a double-tube annulus.
Steam flows and condenses downward inside the condenser tube while the

cooling water flows upward in the annulus.

In order to obtain the local heat transfer coefficient from the experiments,
steam bulk temperature, local inner wall temperature, and the local heat flux must
be known. The thermocouples for certain axial locations are embedded in the wall
of the condenser tube to measure the local inner wall surface temperatures. Also,
to obtain the local heat flux through the condensate film, an energy balance from
the coolant side is used. Another set of thermocouples are mounted into the

annulus to measure the coolant bulk temperature.

The local inner wall surface temperature is measured directly and the local
heat flux is obtained from the knowledge of the axial coolant temperature profile.

From a steady state energy balance on the coolant;

q"(z)dA=r,c, dT,, (4.39)
or
" n‘/lcw Cpcw d]—'LW
zZ) = —& %
'(2) =t (4:40)

From steady state heat balance, the local condensate flow rate is obtained.

The heat balance considering only the latent heat transfer is given as;

dq = dmcand h/g

(4.41)

The local condensation heat transfer coefficient is obtained as;
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q"(z)
h(z) = T -1 (4.42)

sat

The experimental values of local heat transfer coefficient and local
condensate flow rate can be compared with the calculated results. Also,
experimental values of local liquid film thickness and local liquid Reynolds

number can be readily obtained from the local condensate flow rate for the same

purpose.

In order to compare the calculated results, there are three available
experimental data bases; UCB [Kuhn (1994)], NASA [Goodykontz (1966)] and
METU [Tanrikut (1998)]. The parameters of these experimental setups are given
in Table 4.1.

The condensate film is reported to be laminar in UCB and METU
experiments (no information is reported in NASA experiments). Therefore, in the
condensation model developed at the present study, the condensate film is also

assumed to be laminar.

From each database, four runs, shown in Table 4.2, 4.3 and 4.4 are
selected regarding different steam inlet conditions such as the inlet vapor

Reynolds number, the pressure and the mass flow rate.

During the simulation of all experiments, vapor inlet mass flow rates and
inlet pressures are selected as tube inlet conditions. Besides this, the condenser
tube wall temperature profiles obtained from the experimental databases are
directly used as a boundary condition of the simulations. For example, the wall

temperatures measured in the UCB experiments are given in Figure 4.5.
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Table 4.1 Comparison of the parameters for the pure steam experiments

UCB NASA METU
[Kuhn (1994)] [Goodykontz [Tanrikut
(1966)] (1998)]
Condenser Tube:
Inlet steam pressure (kPa) 116-501 112-385 183-545
Inlet steam temperature (°C) 130-151 105- 143 152-168
Inlet steam flow rate (kg/hr) 22-60 15-53 50-123

Inlet Reynolds number

12600-36100

44300-89400

54700-93300

Material SS. SS. SS.
Length (m) 2.42 2.43 2.15
Inner diameter (mm) 47.5 15.875 33.5
Thickness (mm) 1.65 1.5875 4.55
Coolant Side:

Jacket inner diameter (mm) 73.7 50.8 81.2
Flow rate (kg/hr) 600-1200 492-3483 795-814
Temperature rise (°C) 20-40 5-20 22-35
Inlet Reynolds Number 3000-6500 2000-27000 2000-2200
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Table 4.2 Simulated runs and conditions at the tube inlet for UCB tests

Run # Re, i, (kg/s) pv (bar) Tin (°C) T (°C)
6.1-2 12614 | 0.00613889 2.155 130.2 122.6
1.4-1 18083 0.00833333 1.106 126.2 102.5

1.2-4R1 26007 | 0.01338889 4.093 148.1 144.5
1.1-1 36143 0.01672222 1.161 138.8 103.9

Table 4.3 Simulated runs and conditions at the tube inlet for NASA tests

Run # Re, m, (kg/s) pv (bar) T (°C) Tsat (°C)
6 44322 0.00743387 3.075 136.02 134.44
14 52132 0.00856786 2.434 127.78 126.67
10 71430 0.01222179 3.847 143.33 142.22
4 89419 0.01474175 2.523 128.10 127.78

Table 4.4 Simulated runs and conditions at the tube inlet for METU tests

Run # Re, i, (kg/s) pv (bar) Tin (°C) Tyat (°C)
13.1 66875 0.02314 3.03 157.0 133.9
1.4.1 76645 0.02721 3.96 162.7 143.3
1.5.1 85675 0.03101 4.84 165.5 150.6
1.6.1 93365 0.03419 5.45 167.5 155.2
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Figure 4.5 Condenser wall temperatures measured in UCB experiments

The liquid film thicknesses, local condensation heat transfer coefficients
(HTC) and the local heat fluxes calculated from the present analytical model (SK-
model) are compared with the UCB experimental results based on runs in Table
4.2. Also, the calculations for another analytical model, named OH-model given
in Appendix B [Oh (2005b)] are performed for the same runs. The comparisons of
SK and OH-models with the experimental results are shown in Figure 4.6 through

4.17.

Figures 4.6, 4.7, 4.8 and 4.9 show the variations of the condensate liquid
film thicknesses respectively for each case. One can see that the liquid film
thickness increases rather steep at the condenser tube inlet. As the steam
condenses, the liquid film becomes thicker and so that the thermal resistance
increases, leading to slow down of the condensation rate. SK-model model
predicts the general trend of experimental data reasonably well while OH-model
predicts a thinner film thickness by about less than 15% difference compared to

the experimental data.
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In Figures 4.10, 4.11, 4.12, 4.13, the calculated and experimental local
heat transfer coefficients are presented for each case. The heat transfer
coefficients obtained from SK-model are in agreement with the experimental
data. However, OH-model overestimates the local heat transfer coefficients by
about less than 20% difference compared to the experimental data for all cases.
The calculated local heat transfer coefficient is inversely proportional to the liquid
film thickness. SK-model calculates the temperature profile at the liquid layer in
radial direction and obtains the local heat transfer coefficients from Eq. (4.36)
while the temperature distribution in OH-model is calculated in cartesian
geometry and it uses Eq. A.14 to determine the heat transfer coefficients.
Therefore, one can say that among these two models, the main reason of the
difference in the heat transfer coefficient is undertaken by the error of the
calculated liquid film thickness itself and temperature profiles assumed in the

liquid layer.

In order to obtain the calculated heat flux values, calculated local heat
transfer coefficients and the experimental wall temperatures (Figure 4.5) are used

in the following equation:

40 (2) =h o (D[ T, - (T(2)),, | (4.43)

It is also noted that the experimental local heat fluxes are obtained from
the temperature measurements in the jacket side given in Eq. (4.40). So, in
Figures 4.14, 4.15, 4.16, 4.17, the calculated and experimental local heat fluxes
are compared for each case. SK-model predicts the general trend of experimental
data reasonably well while OH model overestimates the heat fluxes compared to

the experimental data for all cases.
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The predictions of SK-model are found in favorable agreement over the
whole range of UCB experimental results. Although results of OH-model are
satisfactory and this model also predicts the general trends, the results of this
model are not as accurate as SK-model due to its inherent deficiencies as

mentioned before.

Similar comparisons are performed for the NASA experiments. Since
there is only experimental information about the local condensation heat transfer
coefficients, the results of analytical SK and OH-models for heat transfer
coefficients are compared with the experimental data from Figures 4.18 to 4.21.
The figures show that both models achieve good agreement with experimental
data within +25% deviation, except at the inlet of the tube. This difference may
arise from the high inlet steam Reynolds numbers that does not allow film-wise
liquid layer formation at the inlet of tube. This situation may sweep the
condensate liquid particles from the tube surface and inhibits the liquid film
formation at the entrance of the condenser tube. Since both analytical models

disregard the misty flow, the analytical results are very poor at the tube inlet.

Finally, the analytical models are compared with METU experimental
results for the liquid film Reynolds numbers and the condensate heat fluxes given
in figures from 4.22 to 4.29. SK-model predicts the liquid film Reynolds numbers
within +£30% deviation whereas OH-model significantly underestimates the liquid
film Reynolds numbers (Figures 4.22, 4.23, 4.24 and 4.25). In the case of heat
flux comparisons (Figures 4.26, 4.27, 4.28 and 4.29), SK and OH models
underestimate the experimental data within +40% deviation. In METU
experiments, it is reported that the maximum uncertainty associated with the heat

flux is £11% [Tanrikut (1998)].
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CHAPTER S

HEAT TRANSFER IN THE ANNULAR FLOW

Turbulent flow and heat transfer in concentric annular channels have been
studied extensively because of its many applications in engineering equipment.
The primary practical interest in turbulent flow in a concentric circular annulus is
in connection with convective heat transfer in the outer passage of a double pipe
heat exchanger. Because of the non-linear radial variation of the total shear stress
within the fluid, the analysis of flow in an annulus is considerably more complex
than in a round tube or parallel-plate channel in the laminar as well as in the
turbulent regime. As the aspect ratio (inner diameter/outer diameter) increases
toward unity, the velocity distribution and the friction factor approach to those for
a parallel-plate channel in turbulent as well as in laminar flow. As the aspect ratio
decreases toward zero, the velocity distribution approaches to that for a round
tube but never quite attains it, because the velocity remains zero and the velocity

gradient is finite at the inner wall.

As a consequence of its relative complexity, the behavior of both flow and
convective heat transfer in an annulus in the fully developed turbulent regime
should be characterized and generalized theoretically. The objective of this
chapter is to improve a model in a quantitative sense by a combination of
theoretical and correlative methodologies. The specific plan is; first to derive the
correlating equations for the turbulent shear stress distribution, second to utilize
such expressions to calculate the total shear stress distribution, as well as to obtain

correlating equations for the time-average product of fluctuating velocity
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components in radial and axial directions, third to utilize these values to predict
the velocity profile, fourth to utilize these predictive and correlative expressions
to determine the heat flux distribution in the annulus. This mission is finally
accomplished with the calculation of turbulent thermal conductivity and the

temperature distribution in the annular channel.

5.1 Formulation

In this section, a system in which a Newtonian fluid flows with steady
motion in an annular pipe is considered (Figure 5.1). It is analogous to the cooling
water flow inside the jacket tube for the conjugate condensation heat transfer
problem. The fluid temperature, mass flow rate and the pressure at the inlet of the

annular pipe are known. A spatially non-uniform heat flux (¢"(z)) which is

distributed along the outer surface of the condenser tube wall is removed by the
coolant passing through the annulus. During the solution of the heat transfer
problem inside the annular tube, the following conditions and assumptions are

considered:

a) The flow inside the annular tube is steady and potential flow.

b) Hydrodynamic fully developed flow is established for coolant entering the
annulus.

c) The coolant flow might be laminar or turbulent.

d) The jacket tube wall is thermally insulated.

e) Heat is only transferred from the condensate to the coolant inside the
annulus through the condenser tube wall. Therefore, the heat flux (¢"(z))
at the outer surface of the condenser tube (i.e. at the inner wall of the
annulus) is a function of axial location only.

f) Cross sectional areas of the condenser and jacket tubes are uniform and

constant.
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Figure 5.1 The annular flow and heat transfer inside the jacket tube
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Figure 5.1 is a schematic representation of the considered annular pipe
flow and heat transfer. The governing differential equation for the temperature

field of the annular pipe flow can be expressed as:

oT 1 6 or
pept: — = — —| "y — (5.1)

The appropriate boundary conditions are as follows:

e T(r,z)=T, at z=0
. (Z—T] =0 at r =R, (0< z < L) (Lis the tube length.)
r r=R,,
e ¢"(2)= (—keﬂp a@—fj at r =R, (0<z<1)
r=R.,

where £, is the effective thermal conductivity given as;

k(r) , for laminar flow (thermal conductivity k(7))
T k(r) +k,, () , for turbulent flow

For turbulent flow, Eq. (5.1) has three unknowns, namely, u., &y, and T.

The fluid properties (0,c,,k ) can be calculated from the polynomials given in

Appendix C.

If the flow is laminar, number of unknowns drops to two since 4, is equal
to zero. In this case, one can solve Eq. (5.1) and obtain the temperature
distribution if the velocity profile,u_(r), is known. So, for the fully developed
laminar flow in an annular passage, the velocity profile is specified using the

analytical expression obtained by Kays (1993):
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U _ 2[R e R (5.2)
R R

2
M:l{iJ - B
ROW

For the fully developed turbulent case, velocity profile is calculated in
Section 5.2. The calculation of turbulent viscosities (eddy diffusivities) and £, are

performed in Section 5.3.

Finally, in Section 5.3, the solution methodology of the energy equation,
Eq (5.1), is presented for the annular passages where the inner surface is heated
and the outer surface is insulated. Also, the predicted results are compared to some

experimental results.

5.2 Velocity profile for the turbulent flow in an annulus

The axial velocity profile, u_(r), of the turbulent flow in the cylindrical

geometry can be written from the definition of total shear stress as;

V4

dr

T =pu—= —pulu (5.3)

where u'u! is the time-average product of fluctuating velocity components in

radial and axial directions. Eq. (5.3) may be re-expressed in a dimensionless form

which is proposed by Churchill (1995);
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L du’ +(u;u; )+ (5.4a)

where

(ur'u) = —-p uruz/r

u+ _ uz (p/TW )1/2

y(pr,)"” [u (5.4b)
y:r_Riw
_ r(prw)llz/,u

R+ :R(pz’w)“z/lu

If one can calculate (my and 7/7, precisely in a circular annulus, the
dimensionless velocity profile, u", for fully developed turbulent flow can be

obtained by stepwise integration of Eq. (5.4a).

5.2.1 Shear stress distribution

In order to find the distribution of shear stress, 7(r), the force balance for

the cylindrical control element shown in Figure 5.2 can be given as:

t(2rrdz)+ {p + ( o J dz} (2rzrdr) = {T(Z?Z’l”dz) +£[ T(Zﬂ'l’dz)] dr}
0z or (5.5)

+ p(2rxrdr)
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shear stress and the force balance in an annulus
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Rearranging Eq. (5.5), it becomes

0 op
5(2’1’)2 I’g (5.6)

The annulus is divided into two regions as inner region, (R, <r<R,),

and outer region, (R, <r<R, ), where Ryis the location of zero in the total shear

stress. The shear stresses can be calculated for both regions as follows:

Inner Region (i)

Integrating Eq. (5.6) to obtain;

where C is the integration constant and it can be obtained from the boundary

condition at,

1( op 5 )
=R, = 7,=0 => C=——| =—|(R;, R},
r 0 Tl 2(azj( zw)

and hence
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Shear stress at the inner surface (r =R,,);

Tiw :2;7[2_]:) (szv _Rg) (5-8)

Dividing Eq. (5.7) by (5.8), the following equation is obtained:

(L] _R, (7R (5.9)
1_ r (Rizw_Roz)

Quter Region (o)

By the same way, Eq. (5.6) can be written for the outer region as;

ap R,,
(TOI’)Z — jrdr , Ry<r<R,

r

1(q
A2 (re-r) e

U
—~
N

~
~

Il

Using the boundary condition at

r:RO — TOZO = C:_lia_pj (Rozw_Roz)
2\ oz

and hence
TO(V)ZL(G_PJ (R2 =) (5.10)

Shear stress at the outer surface(r =R, );
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Tow = 1 a_p (RO2 _ij) (511)
2R \ Oz

Dividing Eq. (5.10) by (5.11), the following equation is obtained:

[ij R, (P-R) (5.12)

T r (wa—Rg)

w /o

And finally, the surface shear stress ratio,z", is defined by using Eq.(5.9) and
(5.12);

o T R (R~ Ry) (5.13)

T R[W (R(? _Rozw)

Rehme (1974) correlated his own experimental data for the location of
zero in the total shear stress (Ry) for the turbulent flow in an annulus with the

following empirical expression;

0.386
RO — Riw _ Riw

ow 0 ow

Kays (1963) similarly correlated the experimental data of various
investigations for the location of the maximum in the velocity distribution (R;)

in an annulus for the turbulent regime with the following empirical expression;

0.343
Rmax _R[w _ Rz’w
2 R | & (5.15)

ow
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These two empirical expressions which are independent of the flow rate
and fluid properties can be used to find the radial locations where the shear stress

is zero and the axial velocity is maximum.

One can easily obtain the surface shear stress ratio, 7", by using Eq. (5.13)
and (5.14). But in order to find the shear stress distribution, the definition of mean

friction factor can be used;

Jom =5 (5.16)

Kaneda (2003) proposed an expression for 7, as the weighted mean of the

shear stresses at both inner and outer surfaces of the annulus:

RiWTiw + Rowz-ow
Ty = (R.R.) (5.17)

w

Kaneda (2003) also proposed a mean friction factor (f,, )correlation as;

275

1 1/2
2/ 7. ) =32+ In|Re(f,, /8)" |- ———— (5.18)
( / ) 0436 |: ( / ) :| Re(fwm /8)1/2
where Reynolds number for an annular flow (Re) is defined as;
Re :Zp(Raw _Riw)um (519)

7]

r,, and 7, can be obtained by using Egs. (5.13) and (5.17);
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R +R.| (R-R)/(R,-R) (5.20)

w ow

TR, LH{(R =R/ (R~ R} for

R +R.| (R-R)/(R-R) (5.21)

w ow

TR (R R)(R-R)

By using Eqgs. (5.18), (5.19) and (5.16), the weighted mean of the shear

stresses (7, ) can be calculated. Then, shear stress distribution in the annulus can

be obtained from Eq. (5.9) and (5.20) for inner region and Eq. (5.12) and (5.21)

for outer region.

5.2.2 Fluctuating velocity distribution

Churchill (1995) developed an equation of the non-dimensional time-

average product of fluctuating velocity components in radial and axial directions

(u;u; )+ for a round tube and for a parallel plate channel. This equation was

adopted by Kaneda (2003) for annuli, defining two regions inside the annulus as
inner region (R, <r<R_ ) and outer region (R <r<R ), where R 1is

given in Eq. (5.15). Both of these adopted equations have the following form:

() | = | (), || () | (522)

with a combining exponent n of -8/7. In this correlative model, it is assumed that

flow regime in radial direction is divided into two sections shown with the

subscript 0 and oo. (u;u; )0 denotes the dimensionless velocity profile for the

—\+
sublayer near the inner and outer surfaces while (ur’u;) denotes the
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dimensionless velocity profile for the fully turbulent region from the sublayers

near the surfaces to the point of maximum velocity.

The following asymptotic expression for small values of y* is presumed to

be applicable for all shear flows for both the inner region (R, <r<R__) and

outer region (R <r<R_)ofan annulus [Kaneda (2003)]:

) o) (2] 2
0 T

<u;u;>;=[gj—[l-;_:][§+g{u(ngj@_jm 524

For the arbitrary constants B and C, Zagarola (1996) suggested the values

2.294 and 6.824, respectively for round tubes. Kaneda (2003) claims that these

constants are also applicable to the annular passages.

When Egs. (5.23) and (5.24) are written for the inner region of annulus
(R, <r<R

w max

), the dimensionless distance from the wall, y* is replaced by

7" =R, the radius R" by R’ —R!

max w2

the shear stress at the wall, 7, by 7, and
the shear stress ratio 7/z, by 7/z,, given in Eq. (5.9). Then, these two equations

become;

(), = m(iJ R, (R (525)
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+ —\+
. [ [ + + + : :
Here; (uruz )0 ,(uruz )w , ', R and R are normalized with respect to

7,, (Eq. (5.4b)). For the outer region(R_, <r<R ), Eqs. (5.23) and (5.24) are

directly applicable in terms of /7, =7/7,, , ie., (u,',u; ); , (u;u; )+ ,
y' =R’ —r"and R" =R’ —R’ areall normalized in terms of 7, . If Eq. (5.23)

ow max

is written by using Eq. (5.4b), (ﬁ); for the outer region becomes;

3
(7)o (7)o e (2]

w

It is noted that the fluctuating velocity is normalized in terms of 7, . In

—\+
order to be compatible numerically with the values of (u;u; )0 for the inner
region, it is convenient to renormalize the equation in terms of 7, . If Eq. (5.27) is

—\+
rewritten, (u'u') for the outer region becomes;
0
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Using Egs. (5.9) and (5.13), Eq. (5.29) becomes;

[ R+ + 3 R R2 2 R2 372 R2 R2 372
(wul) =0.7] = s (— S e T o~ (5.30)
0 10 r Row _Rz'w Ruw RO _Riw

By the same way, if Eq. (5.24) is rewritten by inserting Egs.(5.13) and

—\+
(5.9), (u;u;) for the outer region becomes;

()_(R_j (Ri=r) (R (R =R _r-R,,
PTG RER) R AR R R )y

B B 2C R —r
X + I+ 1+— || —2—
R;W - r+ R0+\/V - RI:laX B ROW - Rmax

For the inner region (r<R__ ), a different value of C used in Eq.(5.26),

designated as C' is proposed by Kaneda (2003) in order to force the expression
for the velocity distribution in the inner region and outer region to match at the

. _ [ .
pointr =R __ . Hence, C'is evaluated as;

max

3 R2 1/2 R2 B R2 1/2
ow 0 iw
2 Riw Row - RO (532)

2(C —B) + + Rzi " Razw _ ROZ
y T+ A+ Bln {(Row — R, )} ij m

where the constant 4 is taken as 6.18.

C'= B —%[A+Bln(R+ -R;)]

69



5.2.3 Numerical evaluation

Since non-dimensional time-average product of fluctuating velocity
—\+
components in radial and axial directions (u;u;) is the most important variable

to obtain the solution of the velocity profile in the annulus, it is necessary to

present the variation of this quantity. As an illustration of this behavior,
computed values of (LEY from Eq. (5.22) are plotted in Figure 5.3 for four
different values of aspect ratio (R,/R,, ) and for three different values of
R’ —R. . Atboth surfaces of the annulus, the absolute value of (my increases

rapidly, whereas it shows almost linear variation across the central part of the

annulus.

—\+
Since (u;u;) and 7/r, are calculated readily in a circular annulus, the

non-dimensional velocity profile,u” can be obtained by a stepwise integration of

Eq. (5.4a2);

) } dy* (5.33)

+
m?

For an annulus, non-dimensional mean velocity, u , is defined as;

(Rs~R2)
u+ + d + R;’“_RI:/
[ wydy , )

u’: ) (R(?W_R;) ) (R;V_Rj-;)z !; u+y+dy+ (534)
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For illustrative purposes, values of u/u, computed from the Egs. (5.33)

and (5.34) for u"and u_, respectively, are plotted versus the non-dimensional

radial location ((r -R))/(R,, - Rl.w)) across the annulus in Figure 5.4 for three

different values of aspect ratio(R,, /R, ) and for three different values of

ow

R’ —R’ . For a particular value of R} —R;

w2

as R, /R, decreases from unity to
zero, the maximum value of the ratio u/u, moves from mid-point of the annulus
to the inner surface. This result confirms that as R, /R, —1, the velocity

distribution approaches to that for a parallel-plate channel while the velocity

distribution approaches to that for a round tube as the aspect ratio decreases

toward zero. For a constant value of R, /R, as R, —R

w2

increases, the
maximum value of the ratio u/u, decreases and u/u, becomes flatter. This

result confirms that as R — R increases, the effect of turbulence in the flow

channel increases.

In order to verify this annular flow model, it has to be compared to some
experimental data for the developed turbulent annular flows. Figure 5.5 shows the
calculated fully developed velocity profile and the experimental results obtained
from the Kuzay (1973) data for an annulus of aspect ratio 0.556. Another
comparison is shown in Figure 5.6 for an annulus of aspect ratio 0.25 where the

experimental data from Ball (1972) are used.

On the basis of comparisons with the experimental data, the computed

values are seen to be in reasonable agreement for the turbulent annular flow.
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5.3 Temperature profile in an annular flow

For steady, axisymetric, fully developed two dimensional flow in a pipe or

in a concentric annulus, the energy equation is written as;
peu L 1 ﬁ(rk a_Tj (5.35)
, f

Eq. (5.35) can be solved for the appropriate thermal boundary conditions

given in Section 5.1 in case of known velocity profile and the effective thermal

conductivity, k,, as well. The velocity profiles are given in Eq.(5.2) for laminar

flow and in Section 5.2 for the turbulent flow respectively. If the flow is laminar,

k., 1s directly equal to thermal conductivity (k(7)) of the coolant. But if the flow
is turbulent, &, should be taken into account. From the definition of effective

thermal conductivity, k,, can be written as follow:

1/Pr, Pr

— A
keff :k+ktur:k|:l+@:|:k 1+ ktW [Cpﬂ] (/’ltur j
) k oy, ) \ K H

(5.36)

Many empirical and semi-theoretical correlating equations are proposed in

the literature for the turbulent Prandtl number(Pr,, ). In this study, the following

ur

numerically modified empirical equation of Jischa (1979) is used:

Pr, =085+ 0.015 ,Pr>0.7 (5.37)

Pr

The eddy viscosity for the turbulent flow is defined as;
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_p u/u’
_Zput 5.38
= ) dr (5-38)

From Figure 5.2, the eddy viscosity is positive forr>R__ ., infinite for

r=R negative for R, <r<R__, zero for r =R, and positive again for r

smaller than R, . Due to infinite and negative values of eddy viscosity, x . given
in Eq. (5.38) is not applicable for an annulus. Yu (2005a, 2005b, 2005¢) suggested
an equation for the annular heat transfer to avoid the singularity and the negative

values as follows:

P _ (12 ) (5.39)

5.3.1 Heat transfer model

In a concentric annulus, the inner surface is assumed to be heated and the
outer surface is insulated. The heat transfer analysis can be carried out by a
thermal energy balance. The thermal energy balance for the cylindrical control

volume in Figure 5.7 can be given as;

q;(27rdz)+ pc uT 2mrdr)= [q;'(Zﬁrdz) + 82 [q;'(Zzz'rdz)] dr}
r

5 (5.40)
+ [pcpuT(27zrdr) + > [pcpuT(Zﬂrdr)] dz}
4
where ¢’ is the heat flux in the radial direction. From Eq. (5.40);
—i( "r) =pc ura—T
o (a7r) = peur— (5.41)
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Figure 5.7 Schematic representation of thermal energy balance in the annulus

Integrating Eq. (5.41);

14 ROW aT
(¢/r)=- I pc,,u(a—

V4

jrdr +C

(5.42)

where C is the integration constant and C=0since ¢"=0 atr=R,, .

It is assumed that there exists constant heat flux at the inner wall and

constant heat transfer coefficient between z and z+dz. The temperature gradients

in axial direction can be shown that
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o, _at, _or

m

oz oz oz (5.43)
By using Eq. (5.43), Eq. (5.42) can be rewritten as;
oT\ 1'%
LA S c urdr 5.44
g [ ~ j p j pe, (5.44)

If Eq.(5.44) is rewritten for the inner surface with known uniform and

constant heat flux, ¢ , between z and z+dz

w2

w

or, ) 1 | "¢
e e c urdr (5.45)
oy ( 82)R.[ijp ]
Dividing Eq. (5.44) with Eq. (5.45), one can obtain the heat flux ratios as;

e .
» I pc,urdr
i L) [ (5.46)

R()M’
I pc,urdr
Riw

After determination of heat flux distribution along the radial direction, the
temperature profile at any axial point, z, can be derived from the basic heat

conduction equation:

” aTz

It should be noted that there is only conduction heat transfer in radial
direction since advection can be disregarded in radial direction. Radial

temperature distribution at point z (7.(r)) can be obtained by integrating

Eq.(5.47);
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de = —fidr (5.48)

So, Eq.(5.48) yields;

r

T.0)=T.(R,) - [ L-dr (5.49)
R, “eff

If Eq.(5.46) is substituted into Eq.(5.49), the radial temperature profile at

any axial point z is given as;

Ry
pc, urdr
r " R. j P
M) =TR) - [ | e ir (5.50)
R el j pc, urdr
R, i

The mean temperature (7 (z)) at any axial point z is given as;

2 R,,
:(11'1—7;) RJ:’(pcpurT)dr (5.51)

Nl

The local heat transfer coefficient (4) and Nusselt number (Nu) at any axial point

z is given as;

9@
. (T;(Riw)_]_;) (552)
Nu. = 2h. (R, ~R,) (5.53)
: k

z

79



5.3.2 Solution procedure

In order to determine the value of 7, (R,) ,i.e., the temperature (7, ) atthe

w
inner surface and at axial point z+Az, conservation of energy between the axial

points z and z+Az can be used,

RIM (pcp u rT)Z+Az dr = Rf (pcp u rT)Z dr + R, Azq;, (5:59)
i R,

Since Eq. (5.50) is a double integral, it can be solved by simultaneous

stepwise integration.

The calculation procedure to be performed is summarized as follows:

(1) Specify inlet conditions (71,7, ) and heat flux profile at the inner surface of
the annulus (g, (z)) as boundary condition
(2) Calculate velocity distribution, u_(r), from Section 5.2

(3) At axial point z, calculate the fluid properties ( 0,c,,k, ) for the mean

temperature (7.) from Eq.(5.51)

R()W

(4) Caleulate [ (pc,urT) dr

Ry,

z+

R,,
(5) Calculate E, = .[ (pcp urT) N dr from Eq.(5.54)
R,

(6) Assume the temperature at the inner surface for the axial point z; 7, (R,,)

(7) Calculate the heat flux distribution from Eq.(5.46)
(8) Calculate k,, from Eqs.(5.36), (5.37) and (5.39)

(9) Calculate the temperature distribution from Eq.(5.50)

z+Az

R,.
(10) Obtain E, = J ( pc,urT ) dr from calculated temperature distribution
R,
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(1) If T.(R,) converges, i.e.,(nEzE;EIHS

g] , go to the next step. If not, go to
1

Step 6 for the next iteration.
(12) Go to Step 3 for the next axial node. Repeat this calculation procedure from

Step 3 through 12 until last node calculation at z=L is performed.

The flow chart of the temperature distribution calculation in the annulus

(TZ (r)) is given in Figure 5.8. For this calculation procedure, & is chosen as 107

and the annulus is divided into 50 nodes, which is the same number of nodes in

condensation model given in Chapter 4.

5.4 Results and discussions

Turbulent flow and heat transfer in concentric annular channels where the
inner surface of the channel is heated and the outer surface is insulated have been
studied experimentally by many researchers such as Carpenter (1946), McMillan
(1946), Dufinescz (1938), Monrad (1942) and Miller (1955) for water
(2<Pr<10), Leung (1962), Petukhov (1963), Roberts (1968), Quarmby (1967)

and Vilemas (1987) for air (Pr=0.70), and Trefethan (1951) for mercury
(0.01<Pr<0.03).

In these earlier studies, sufficient information such as the local values of
wall temperatures and mean temperatures or the local values of Nu number is not
given. Instead of these, the average values of Nu and Re numbers are given by the
authors due to inadequacy of the measuring instrumentation. But, one of the
recent experimental studies performed by Kang (2001) covers all information for
the velocity and thermal fields, where these values are measured in heated and
unheated turbulent upflow of liquid R-113 through a vertical annular channel of
inner to outer radius ratio 0.415. These experiments are conducted at test section
inlet temperature of 42.7°C, three different flow rates and inner surface heat

fluxes. Table 5.1 contains the experimental conditions and associated parameters.
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Figure 5.8 Flow chart of the temperature distribution calculation in the annulus
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Table 5.1 Inlet conditions and parameters for Kang’s experiments [Kang (2001)]

Experiment

Parameter 1 2 3 4 5 6 7 8
U, (mM/s) 0.374 0.374 0.374 0.516 0.516 0.516 0.760  0.760
Re 22800 22800 22800 31500 31500 31500 46400 46400
P (kPa) 269 269 269 269 269 269 269 269
Tintet (°C) 427 427 427 427 427 427 47 427
ql'; (W/m?) 0.0 9000 16000 0.0 9000 16000 0.0 16000
Pr 7.25 7.15 7.07 7.25 7.18 7.12 7.25 7.16

Figures 5.9, 5.10 and 5.11 show the radial velocity profiles at the exit of

the test section for each experiment and the corresponding calculated velocity

profiles. It is observed that the velocity profile does not change significantly for

heated and unheated channels in case of same inlet flow conditions.

The comparisons of the measured and calculated temperature profiles for

different heating cases are shown in Figures 5.12-5.16. On the basis of

comparisons with the experimental data, the calculated values are seen to be in

good agreement with them. One can conclude that the heat transfer model for the

annular flow presented in this section seems to be reasonably well. Moreover, the

calculated and measured inner surface temperatures are sufficiently close to each

other, where it has vital importance for the conjugate condensation heat transfer

analysis to be performed in the following chapter.
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CHAPTER 6

CONJUGATE CONDENSATION HEAT TRANSFER

The heat transfer mechanism and thermal boundary layer formation for a
fluid flowing inside a tube is directly influenced by the tube wall boundary
conditions. In common applications, the wall boundary conditions are prescribed
as either known temperature distribution or known heat flux values at the wall
surface along the tube. But, there might be a case where the fluid convection and
conduction through the wall interact and the wall surface temperature or wall
surface heat flux are not known. The unknown temperature or heat flux profiles
are determined by taking account of this fluid convection and wall conduction
interaction. Therefore, the heat conduction through the wall and heat convection
to/from the fluid flow should be coupled. This coupling procedure is called

conjugate heat transfer between the wall and fluid flow.

In the conjugate condensation heat transfer process considered in this
thesis work, there are two concentric tubes as shown in Figure 2.1, where the
steam flows downward and condenses inside the condenser tube. The latent heat
of condensation process is transferred out of the tube by the coolant flowing
upward outside of the condenser tube. Because of the fact that only the inlet
boundary conditions of steam and coolant are known, the conjugate solution
should be applied to determine the outlet conditions of both condensed steam and
heated coolant. In order to obtain these outlet conditions, an energy balance

taking the heat transfer interactions into account should be established and the
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parameters such as local temperatures and local heat fluxes along the condenser

tube and annular passage should be calculated.

6.1 Coupling of two different fluid flows separated by a solid wall

Since the heat transfer characteristics of both annular side convection and
steam condensation inside the condenser tube are directly dependent on the local
heat fluxes and the local wall temperatures of the condenser tube respectively, the
interaction between these two heat transfer mechanisms through the tube wall is
important. Due to unknown wall temperature of the condenser tube, formation of
condensate liquid layer thickness inside the tube and the fluid temperature
distribution in the annulus are effected by the other’s local conditions. Therefore,
film-wise condensation, heat conduction through the condenser tube wall and heat
removal from the outer surface of the condenser tube by cooling water flow

should be coupled and solved simultaneously.

Two different and independent heat transfer models, namely
“condensation model” and “convection model of annular flow” are previously
given in Chapters 4 and 5, respectively. The solution of condensation model
requires the local inner surface temperatures of the condenser tube wall as
boundary condition while the convection model of annular flow solution uses the
local heat flux values at the outer surface of the condenser tube wall as boundary
condition. Therefore, it is essential to couple these two separate models via heat

conduction through the condenser tube wall (Figure 6.1).

Disregarding the axial conduction in the tube wall (see Appendix C), the

heat balance through the condenser tube wall is given by;

g(2) = ]’:—_"q;'(z) 6.1)

w
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It should be noted that ¢/ (z) is the same as the local heat flux value

which is taken as boundary condition at Section 5.3.1.
A general expression for the inner surface temperature of the condenser

tube wall at any location in axial direction for constant thermal conductivity of

tube material can be written as;

1(:)=Tu(2)+ - In[Ru/R] (2) (62)

w

which satisfies the boundary conditions:

T:T;W(z) at V:Riw

q" =q;(z) at r=R;

If the thermal conductivity is considered as a linear function of

temperature, it can be presented as follows:
k (T)=a+bT (6.3)

where the parameters a and b can be determined for the specified material. The

energy balance at any axial point of the condenser tube can be written as;

oTr
27R. q' dz=2rrq"dz = R g =r (—kw 6_j
r

T R, ) R,»
j k (T)dT = - j g/ —dr (6.4)
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The solution of Eq. (6.4) by using Eq. (6.3) is given by,

(\/a2—2bc)—a

b

where parameter c is expressed as;
" b 2
c= qi (Z)Ri ln [Riw /Rz] - ETI'VW +aT;w
Also, the following interface conditions should be applied for coupling:
e At r =R, and 0< z < L, where L is the tube length;

oT.
K (aij _ (9%
or "\ or

T,(R,.2)=T,(R,.2)

where subscript j refers to cooling fluid in the annulus (jacket side).

e At r =R, and 0< z < L;

oT.
q”(Rowﬂ Z) — O = ( J ] :0
or

For the complete solution of the conjugate problem, Eq. (6.1) and Eq.(6.2)
(or Eq.(6.5)), as well as the interface conditions should be consistent all along the

tube. Coupling between the condensate heat flux (¢’ ) and the temperature profile

in the coolant flow (7)) is constituted by using the energy balance and thermal

resistances at the inner and outer surfaces of the condenser tube wall. And then,
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the ultimate solution must also be satisfied by the interface conditions [Chen

(2005)]. Therefore, an iterative procedure should be sought for the solution of this

conjugate problem.

During the solution of the conjugate condensation heat transfer problem

inside the concentric tubes, the following conditions and assumptions are

accepted:

a)

b)

g)

h)

The vapor and the coolant flows inside and outside of the condenser tube
are steady.

Hydrodynamically fully developed flows are established for the vapor and
external coolant entering the tube and the annulus, respectively.
Thermo-physical conditions of the vapor and external coolant are both
known at their respective inlets. The vapor entering the tube is at saturated
or superheated state.

The vapor and external coolant flows are turbulent. But the condensate
film flow inside the tube is laminar.

Only film-wise condensation occurs inside the condenser tube; mist
formation and wavy effects are disregarded.

The jacket tube wall is insulated.

The interfacial shear stresses acting on the condensate film and the vapor
are not equal due to the condensation process inside the tube.

Heat is transferred out from the condensate to the external coolant through
the condenser tube only in the radial direction. In another words, heat
conduction along the condenser tube in the axial direction is disregarded
(see Appendix C).

Dimensions of the condenser tube and jacket tube are uniform and

constant throughout.
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6.2 Solution procedure

Condensation process inside the condenser tube and external turbulent
flow outside the condenser tube are coupled by using the Egs. (6.1) and (6.5) (or
Eq.(6.2)) and interface conditions given in the previous section. Also, the solution
methodologies for the condensation and turbulent flow heat transfer phenomena,
developed in Chapter 4 and Chapter 5 are arranged according to the boundary and

interface conditions at the inner and outer surfaces of the condenser tube wall.

A computer code named ZEC covering an iterative solution scheme to
solve the condensation-conduction-convection problem based on the conjugate
heat transfer is developed in Fortran-90 language. During the iterative solution,
the iteration to obtain the coolant flow outlet temperature is called “outer
iteration” and the iteration to determine the inner surface temperature of the
condenser tube wall is called “inner iteration”. The iteration procedure of ZEC

can be summarized as follows:

1. Specify inlet conditions for vapor (7, p, ) and coolant flow ("'1,-’7_},[,,1@,)
2. Start outer iteration by assuming an outlet mean bulk temperature for the

coolant flow (fj(”t) at z=0 where [ is the index number of outer iteration.

For the first outer iteration (/=1);

M _ sat + Jinlet

2

J,out

U
Take T;’,O - Jsout
3. Start inner iteration for the specified node by assuming a temperature for

the inner surface of the condenser tube wall (T (r) ), where #n is the index

i,node

number of inner iteration and node is the number that shows the axial
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10.

11.

point for which the calculations are performed. For node=1 and n=1, 7;,(11)

is assumed to be slightly less than the saturation temperature of vapor.
Apply the solution procedure of condensation model given in section 4.3

"(n)

i,node

to calculate the heat flux Value(q ) at the inner surface of the

condenser tube by using 7 value designated in Step 3 as boundary

i,node

condition.

Obtain the heat flux Value(q;w(,’”n)u de) at the outer surface of the condenser

tube wall from Eq.(6.1).

Designate this heat flux as boundary condition for the coolant flow.

Calculate the temperature distribution in the coolant flow (T ) (r)) by

J,node
using the solution procedure of heat transfer model of annular flow given
in section 5.3.2.

Obtain the outer surface temperature of the condenser tube wall
(Tlt»(t:,]r)mde = T;(,Zlde (Riw))
Calculate the updated inner surface temperature of the condenser tube wall

(T(") ) from Eq. (6.5) (or from Eq.(6.2))
updated

i,node

Compare the updated and the previous values of inner surface

temperatures of the wall, i.e.,

(n) (n)
H (T;,rmde )updated - 7-;,nnale

<é
(n)
(7:L)
i,node updated

Go to next step if the convergence is satisfied. If not, go to Step 3 for the

next inner iteration (n=n+1) by using Secant Method [Cheney (1999)].

Calculate the coolant mean temperature for the specified node (Tfffode)

from
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—_ 27

Jsnode - . J.node
mc
P 7 j,node

[ (pe,urr)” ar (6.6)

12. Repeat this calculation procedure from Step 3 through Step 11 until last

node calculation at z=L, (f”)

J,lastnode

), is performed.
13. When the last node is reached, compare the calculated mean temperature

(f(l)

Jlastnode

) and inlet mean temperature(Tj’Wet

) given as boundary

condition for the flow in annular jacket side

7

J Jlastnode J.inlet

— <g,

Jinlet

14. If convergence is satisfied, stop the calculation. If not, go to Step 2

(I=[+1) until outer iteration is converged.

The complete flow chart for the calculations is given in Figure 6.2. The
flow chart for the “condensation model” and “heat transfer model of annular
flow” are previously depicted in Figures 4.4 and 5.8, respectively. These two
models given in Chapters 4 and 5 are used in the conjugate solution where
condensation model uses inner surface temperatures of the condenser tube wall as
boundary condition obtained from the solution of annular flow model whereas
annular flow model uses the heat flux values at the outer surface of the condenser
tube wall as boundary condition obtained from the solution of condensation

model for each node and for each iteration.
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Figure 6.2 Flow chart of the whole calculational procedure
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6.3 Numerical results and discussions

The numerical calculation results are compared to three available
experimental databases; UCB [Kuhn (1994)], NASA [Goodykontz (1966)] and
METU [Tanrikut (1998)]. The parameters of these experimental setups are

previously given in Table 4.1.

In these experimental setups, the condenser tubes are made of SS304. The
thermal conductivity (k,) of this material is not constant for the operational
temperatures of the experiments (Figure 6.3). Therefore, in numeric calculations,
k, 1s taken as the linear function of temperature, which is given in Eq. (6.3).
Figure 6.3 shows the temperature dependent thermal conductivity variation of
SS304 given by Assael (2004) and Incropera (1985). The study of Assael (2004)

is used in the calculations, where the constants @ and b in Eq. (6.3) are as follows:

a=13.96048 and b=0.01857 50°C< T <150°C (6.7)

18.0
c 175 -
E
S 170 | .-
> e
E 16.5 - S //
%’ 16.0 — /
8 155 e
= e
£ 150 [~
2 Assael [2004]
= 145 —

- = = = Incropera [1985]
14.0 T 1
50 70 90 110 130 150

Temperature (°C)

Figure 6.3 Thermal conductivity variation of SS304
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In all code calculations, the condenser tube is divided into 50 axial nodes,

which is enough for the numerical accuracy. The convergence criteria, ¢, and ¢,

are chosen as 10 and 107, respectively.

6.3.1 Comparison of numerical calculations with UCB experiments

UCB experimental data [Kuhn (1994)] contains sufficient information
such as local coolant mean temperatures, local outer and inner surface
temperatures of the condenser tube wall, local condensate liquid boundary layer
thickness and the local heat transfer coefficients. Therefore, the numerical

calculation results are compared to all these parameters.

In UCB database, the steam inlet Reynolds number varies from 12600 to
36100 for different pressures while coolant (jacket) side inlet Reynolds number
changes between 3000 and 6500. Therefore, six runs, shown in Table 6.1 are
selected, from the database, regarding different steam and coolant inlet conditions

covering the whole range of experiments.

Table 6.1 Inlet conditions for UCB tests

Condenser Side Jacket Side

Run (vapor) (coolant)
# Re 7 Py Tin Tsat Re m Tin
o o °C
(kghn)  (KPa)  (C)  (°C) (kg (O

6.1-2 | 12614  22.1 2155 1302 122.6 | 43563 4940 879

1.4-1 | 18083 30.0 110.6  126.2 102.5 | 34664 828.7 374

1.3-2 | 23213 40.4 199.2  136.7 120.1 | 3946.4 9325 382

1.2-4R1 | 26007 48.2 409.3  148.1 144.4 | 6426.1 1095.8 404

1.2-1 | 29926  49.7 1127  135.1  102.8 | 48725 10824 42.0

1.1-1 | 36143 60.2 116.1  138.8 103.9 | 45659 999.8 42.7
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For each case, the calculated values of the inner and the outer surface
temperatures of the condenser tube wall, coolant axial mean temperatures inside
the jacket tube, vapor Reynolds number, condensate liquid film thickness inside
the condenser tube and local condensation heat transfer coefficients are compared

with the experimental data from Figure 6.4 through Figure 6.39.

The calculated coolant mean temperatures (Figures 6.4, 6.5, 6.6, 6.7, 6.8
and 6.9) for each run predict the general trend of experimental data reasonably
well. The code ZEC calculates the coolant mean temperatures by about less than
5% deviation, compared to the experimental data. The comparisons for the outer
and the inner surface temperatures of the condenser tube wall are given in Figures
6.10, 6.11, 6.12, 6.13, 6.14, 6.15 and Figures 6.16, 6.17, 6.18, 6.19, 6.20, 6.21,
respectively for each case. The code ZEC predicts the outer and the inner surface
temperatures of the condenser tube wall by about less than 8% difference
compared to the experimental data for all case. In UCB experiments, a constant
thermal conductivity value is used to calculate the inner and outer surface
temperatures from the measured wall temperatures by means of embedded
thermocouples into the condenser tube wall at certain axial locations while the
temperature dependent function given in Eq.(6.3) is used during the code

calculations.

Figures 6.22, 6.23, 6.24, 6.25, 6.26, 6.27 and Figures 6.28, 6.29, 6.30,
6.31, 6.32, 6.33 show the variations of the vapor Reynolds numbers (Eq. (4.13b))
and condensate liquid film thicknesses respectively for each case. One can see
that the liquid film thickness increases rather steep at the condenser tube inlet. As
the steam condenses and its Reynolds number decreases, the liquid film becomes
thicker and so that the thermal resistance increases, leading to slow down of the
condensation rate. The ZEC model predicts a thinner film thickness by about 10%

less than experimental data for all cases.
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Finally, in Figures 6.34, 6.35, 6.36, 6.37, 6.38 and 6.39, the calculated and
experimental local heat transfer coefficients are presented for each case. The heat
transfer coefficients are in agreement with the experimental data. The code ZEC
predicts the local heat transfer coefficients by about less than +15% difference
compared to the experimental data for all cases. The calculated local heat transfer
coefficient is inversely proportional to the condensate liquid film thickness (Eq.
(4.36)). Therefore one can say that the main reason of the difference in the heat

transfer coefficient is undertaken by the deviation of the calculated liquid film
thickness.

In UCB experiments [Kuhn (1994)], it is reported that the maximum
uncertainty for the condensation heat transfer coefficient is +£18.7%. Regarding
the experimental uncertainty, the numerical results of code ZEC seem to be

satisfactory.
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6.3.2 Comparison of numerical calculations with NASA experiments

NASA experimental data [Goodykontz (1966)] contains the local coolant
mean temperatures, local inner surface temperatures of the condenser tube wall
and the local condensation heat transfer coefficients. Therefore, the numerical
calculation results are compared to the experimental data in terms of these

parameters.

From NASA experiments, two runs are chosen for comparison. Inlet
conditions of these NASA experiments are summarized in Table 6.2. For each
case, the calculated values of coolant axial mean temperatures inside the jacket
tube, the inner surface temperatures of the condenser tube wall and local
condensation heat transfer coefficients are compared with the experimental data

from Figure 6.40 through Figure 6.45.
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Table 6.2 Inlet boundary conditions for NASA tests

Run Condenser Side Jacket Side
4 (vapor) (coolant)
Re m pv Tin Teat Re m Tin
(kg/hr)  (KPa) (°C) (°C) (kg/hr)  (°C)
6 44322 26.8 307.5 136.0 1344 | 57282 6709 453
10 71430 44.0 384.1 143.3 142.2 | 25455 3016.4 394

The code ZEC predicts the calculated coolant mean temperatures, given in
Figures 6.40 and 6.41, by about less than 10% deviation compared with the
experimental data. The calculated coolant mean temperatures reflect the general

trend of experimental data reasonably well.
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The comparisons for the inner surface temperatures of the condenser tube
wall are given in Figures 6.42 and 6.43 for each case. For NASA experiments,
there is not detailed information about how to obtain the surface temperatures and
which thermal conductivity value is used. However, during the code calculations,
the temperature dependent function given in Eq.(6.3) is used. The code ZEC
calculates the inner surface temperatures of the condenser tube wall by about less

than +25% difference compared to the experimental data for these two cases.

In Figures 6.44 and 6.45, the calculated and experimental local heat
transfer coefficients are presented for each case. The code ZEC predicts the local
heat transfer coefficients by about less than 30% difference compared to the
experimental results for all cases. The results of code ZEC are found to be

satisfactory, compared with the NASA experiments.

It should be noted that an error analysis for the NASA experiments does

not exist in the reference report [Goodykontz (1966)].
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6.3.3 Comparison of numerical calculations with METU experiments

The local coolant mean temperatures, local inner surface temperatures of

the condenser tube wall and the local condensation heat transfer coefficients in

METU experimental data [Tanrikut (1998)] are used to compare to the numerical

calculations of the code ZEC.

From METU experiments, two runs are chosen for comparison. Inlet

conditions of these METU runs are summarized in Table 6.3. For each case, the

calculated values are compared to the experimental data from Figure 6.46 through

Figure 6.51.
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Table 6.3 Inlet boundary conditions for METU tests

Run Condenser Side Jacket Side
" (vapor) (coolant)
Re m Pv Tin Tsat Re m Tin
(kg/hr)  (KPa) 0 O (kg/hr)  (°C)

1.3.1 | 66875  83.30 303 157.0 1339 | 2115.1 802.8 20.2

1.4.1 | 76645  97.96 396 162.7  143.3 | 21435 813.6 214

The code ZEC predicts the calculated coolant mean temperatures given in
Figures 6.46 and 6.47 by a deviation about 45% compared to the experimental
data. Especially, the considerable deviations between the experimental and

calculated values occur at the inlet region of the test section where the

condensation process starts.

50

45

e - -&- = Experimental
40 A v, 45*.0‘ ”
» o
e
— — o
T 35- G 40 .
g e
3 3
< .
[ o
Q. o
£ £
3 (3
[ [

Calculated

15 A - -#- - Experimental

10

0 0.3 0.6 0.9 1.2 15 1.8
Axial Position (m)

Figure 6.46 Mean temperature

variation of coolant inside the
jacket for Run 1.3.1

112

55

Calculated

50 1

15

0 0.3 0.6 0.9 1.2 15 1.8
Axial Position (m)

Figure 6.47 Mean temperature
variation of coolant inside the
jacket for Run 1.4.1



The comparisons for the inner surface temperatures of the condenser tube
wall are given in Figures 6.48 and 6.49 for each case. In METU experiments, a
constant thermal conductivity value is used to calculate inner surface
temperatures of the condenser tube wall from the measured temperatures by
means of embedded thermocouples into the condenser tube wall at certain axial
locations while the temperature dependent function given in Eq.(6.3) is used
during the code calculations. The code ZEC predicts the surface temperatures by

about less than 10% difference compared to the experimental results for these two

cases.
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In Figures 6.50 and 6.51, the calculated and experimental local heat
transfer coefficients are presented for each case. There are significant deviations
(more than £100%) between the experimental data and calculated values. In
METU experiments, it is reported that the maximum uncertainty for the

condensation heat transfer coefficient is £24% [Tanrikut (1998)].
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6.3.4 Concluding comments

After the comparisons between the results of developed computer code,
ZEC, and the experimental results of 3 different databases (UCB, NASA and
METU), the numerical results are found to reasonably agree with the
experimental results of UCB and NASA. But, there are serious deviations

between the calculated results and METU experimental results.

The maximum uncertainties for the condensation heat transfer coefficients
of UCB and METU experiments are +18.7% and +24%, respectively [Kuhn
(1994), Tanrikut (1998)]. It should be noted that such kind of error analysis is not
available for NASA experiments [Goodykontz (1966)]. Regarding the
uncertainties in the experiments and also the assumptions given in Section 6.1 for
the numerical calculations, it can be stated that the results of code ZEC are in
agreement with the experimental data of UCB and NASA. Therefore, the

numerical results reflect the general trend of experimental data reasonably well.
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CHAPTER 7

EFFECTS OF PARAMETERS ON THE CONDENSATION

The predictions of the ZEC code are found to be in good agreement with
the experimental results over a wide range of conditions. Therefore, this
developed code, ZEC, may be used for the preliminary design of in-tube

condensers and for the performance evaluation of such condensers.

In this respect, the effect of some parameters such as inlet pressure and
mass flow rate of vapor, inlet temperature and mass flow rate of the coolant on
the condensation process can be analyzed by using ZEC code. In order to perform
such kind of analyses, a reference case, Run 1.3-2 of UCB data, from Table 6.1 is
chosen arbitrarily and following results are obtained to show the effects of

parameters on the condensation process.

7.1 The effect of steam inlet pressure

In order to investigate the effect of inlet steam pressure, calculations for
three cases are conducted at different pressure levels which are 110 kPa, 199.2
kPa (reference case, Run 1.3-2 of UCB data) and 300 kPa. The basic principle
employed in this analysis is to keep all parameters fixed while the inlet steam

pressure is varied.

For three cases used in this analysis, the inlet saturation temperatures (7,,)

of the steam are 102.3 °C, 120.1 °C and 133.5 °C for the pressures 110.0 KPa,

115



199.2 KPa and 300.0 KPa, respectively. The increase of Ty, leads to a higher
temperature difference between the steam and inner surface of the condenser tube
wall along the axial direction. Variation of temperature difference, AT (=754 —71),
along the condenser tube for different inlet pressures are shown in Figure 7.1.

Local values of AT increases as steam inlet pressure increases.
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Figure 7.1 Variation of temperature difference between the
steam and inner surface of condenser tube wall along the
condenser tube

The condensate liquid film Reynolds number, Re;, given in Eq.(4.13a) is a
linear function of the condensation mass flow rate per unit length (I"). The
variations of the local Re; are given in Figure 7.2 for three different inlet steam
pressures. Local I' and also local Re; increase as the inlet pressure increases.
Figure 7.3 depicts the variation of local liquid film thickness (') along the axial
locations for different inlet steam pressures. As the inlet pressure increases, the

local liquid film thickness also increases.

The condensation heat transfer coefficient (/;) is a reciprocal function of
the liquid film thickness (Eq. (4.36)). Therefore, as the local value of J increases
with increasing inlet pressure, /; and liquid film Nusselt number (Eq. (4.38))

decrease (Figure 7.4).
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In Figure 7.4, it is also noted that the local film Nusselt number given in
Eq. (4.38) is not only the function of local condensation heat transfer coefficient
and also the function of local thermal conductivity values of the liquid film (k)
which is a function of local liquid temperature. Therefore, these two parameters
are graphed separately although the behaviors are almost same. From this figure,
one can see that if the steam inlet pressure is increased by 50% (referred to 199.2
KPa and 300.0 KPa cases), the condensation heat transfer coefficient decreases

about 5%.

7.2 The effect of steam inlet mass flow rate

A similar analysis is performed for the effect of steam inlet mass flow
rate. Three different mass flow rates; 30 kg/h, 40.4 kg/h as the reference case
(Run 1.3-2 of UCB data) and 50 kg/h are considered, with the corresponding
steam inlet Reynolds numbers 17237, 23213 and 28729, respectively.

The variations of the local condensate liquid film Reynolds number, Rey,
are given in Figure 7.5 for three different steam inlet mass flow rates. The local
Re; and also local T increases (Eq.(4.13a)) as the steam inlet mass flow rates
increases. Figure 7.6 shows the variation of local liquid film thickness along the
axial locations for different steam inlet mass flow rates. Higher steam inlet mass
flow rates yield lower local liquid film thickness, although the local Re;, increases

with the increase of the steam inlet mass flow rate.

Figure 7.7 shows the local variation of the condensation heat transfer
coefficient (4;) and the local condensation Nusselt number. /4, is a reciprocal
function of the liquid film thickness (Eq. (4.36)). It is obvious that as the local &
decreases with the increase of the steam inlet mass flow rate, 4; and also Nusselt
number (Eq. (4.36)) increases. Therefore, as the steam inlet mass flow rate
increases, the local values of 4; and also local Nusselt number increase. For

instance, if the inlet mass flow rate is increased with a factor 23.4% (referred to

118



Film Reynolds Number

Condensation HTC (W/m 2K)

1000

900 -

800 -

700 -

600 -

500 -

400 -

300 -

200 -

100 +

Steam inlet mass flow rate
— — m=30.0 kg/hr
m=40.4 kg/hr .
- - - .m=50.0 kg/h
0 0.3 0.6 0.9 1.2

Axial Position (m)

Figure 7.5 Local liquid film
Reynolds number variation along
the condenser tube

1.5

16000
14000
Steam inlet mass flow rate
12000 4 \ — — m=30.0 kg/hr
- m=40.4 kg/hr
------- m=50.0 kg’h
10000 -
8000 -
6000 -
4000 T T T T
0 0.3 0.6 0.9 1.2

Figure 7.7 Local condensation heat transfer coefficient and liquid film

Axial Position (m)

1.5

Liquid Film Thickness (m)

Condensation Nu Number

1.6E-04

1.2E-04 -

8.0E-05 -

4.0E-05 -

0.0E+00

Steam inlet mass flow rate

— — m=30.0 kg/hr
m=40.4 kg/hr
- = = .m=50.0 kg/h

0.3

0.6 0.9 1.2
Axial Position (m)

Figure 7.6 Local liquid film
thickness variation along the
condenser tube

15

1200
1050 A
900 +
750 A
600 -

450 -

300

Steam inlet mass flow rate

— — m=30.0 kg/hr
m=40.4 kg/hr

------- m=50.0 kg/h

0.6 0.9 1.2

Axial Position (m)

Nusselt number variation along the condenser tube

119

1.5



40.4 kg/h and 50 kg/h cases), the condensation heat transfer coefficient increases

about less than 2.5%.

7.3  The effect of cooling water inlet temperature

In order to analyze the effect of the cooling water inlet temperature, ZEC
code runs are performed for different coolant inlet temperatures which are 20.0
°C, 38.2 °C (Run 1.3-2 of UCB data as reference case) and 60.0 °C. During this
analysis, all other inlet conditions for steam and coolant in Run 1.3-2 of UCB data

set are fixed.

The results given in Figure 7.8 show the increase of cooling water mean
temperature along the jacket annulus as the inlet temperature increases. Also, the

increase of the inlet temperature of the cooling water (f/. ) leads to an increase

Jinlet
of the outer surface temperature of the condenser tube wall (7, ) along the axial

direction (Figure 7.9). Since the inner surface temperature of the condenser tube

wall (7)) is a linear function of the outer surface temperature of the condenser
tube wall (Eq. (6.2)), 7, also increases as the inlet temperature of the coolant
increases (Figure 7.10). It is also noticed that 7, reaches to 120.1 °C at the

condenser tube inlet for all cases, which is the inlet steam temperature of the

reference case.

As the inner surface temperature of the condenser tube wall (7)) increases,

the temperature difference between the steam and the inner surface of the
condenser tube wall, AT (=T, —T;), along the axial direction decreases where T,
is constant (120.1 °C). Therefore, AT at any location decreases as the coolant inlet
temperature increases. The variations of the local condensate liquid film Reynolds
number, Re;, are given in Figure 7.11 for three different coolant inlet
temperatures. Local Re; decreases with the decrease of local AT values, i.e., with

the increase of the coolant inlet temperature.
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Figure 7.12 shows the variation of local liquid film thickness along the
axial locations for different coolant inlet temperatures. As the coolant inlet

temperature increases, the local liquid film thickness decreases.

Since the condensation heat transfer coefficient (/) is inversely
proportional to the liquid film thickness (Eq. (4.36)), local /; and also local
condensation Nusselt number (Eq. (4.38)) increase, as the local values of o
decreases with the increase of the coolant inlet temperature (Figure 7.13). For
example, if the coolant inlet temperature is increased by 57% (referred to 38.2 °C

and 60.0 °C cases), the condensation heat transfer coefficient increases about 8%.
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Figure 7.12 Local liquid film thickness variation along the
condenser tube for different coolant inlet temperatures
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7.4 The effect of cooling water inlet mass flow rate

Another analysis for the effect of the cooling water inlet mass flow rate is
performed. Similarly, as in the previous analyses, all other inlet conditions for the
steam and coolant in Run 1.3-2 of UCB data are set to be fixed whereas only the
cooling water mass flow rate is varied. Three different inlet flow rates; 800.0
kg/h, 932.5 kg/h (reference case) and 1100.0 kg/h are considered, with the
corresponding inlet water Reynolds numbers 3385.9, 3946.4 and 4657.7,

respectively.

One can readily perceive that if the coolant water inlet mass flow rate or
inlet water Reynolds number increases, local heat transfer coefficient (Eq. (5.52))
and also local Nusselt number (Eq. (5.53)) at the jacket side increase (Figure

7.14). This increase leads to the decrease of local temperature differences

(T, —]_"j) between the outer surface of the condenser tube wall and the mean

temperature of the cooling water (Figure 7.15). Therefore, higher coolant inlet

mass flow rates yield lower outer surface temperatures of the condenser tube wall
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as given in Figure 7.16. Since the inner surface temperature of the condenser tube

wall (7)) is a linear function of the outer surface temperature of the condenser
tube wall (Eq. (6.2)), local 7, values also decrease as the cooling water inlet mass

flow rate increases (Figure 7.17).

1400 50
) Coolant inlet mass flow rate
1350 - Coolant inlet mass flow rate 48 - T
— — meE00.0 kgfhr mE932.5 kg/hr
1300 H m=932.5 kg/hr 46
< - m=1100.0 kg/hr - = = .m=1100.0 kg/hr
&
E 1250 "= ~i agd TTeel
S S L e e R O |
1200 . 421 -
— . 3
o Trel -g
T 1150 | - E 40
S -
N =1
3 z
£ 1100 . \
=
o
F 1050 - 36 1m
5 T ——
T — -~
1000 { = =< 34 1 -—
e~
RN 32
| ~ 1
950 ~
-~
~
900 : : : ‘ 30 \ ‘ ‘ ‘
0 0.3 0.6 0.9 1.2 1.5 0 0.3 0.6 0.9 1.2 1.5
Axial Position (m) Axial Position (m)

Figure 7.14 Variation of local heat transfer coefficient and local Nusselt
number inside the jacket for different coolant inlet mass flow rates

In case of the decrease of the T}, temperature difference between the steam
and inner surface of the condenser tube wall, AT (=T, —T;), along the axial
direction increases where Ty is constant (120.1 °C). Therefore, AT at any
location increases, as the coolant inlet mass flow rate increases. The variation of
AT directly affects the condensation process. Figure 7.18 shows the variations of
the local condensate liquid film Reynolds number, Re;,for three different coolant
inlet mass flow rates. Local Re; and also local I" Eq.(4.13a) increase with the
increase of local AT values. Figure 7.19 depicts the variation of local liquid film
thickness along the axial locations for different coolant inlet mass flow rates. As
the coolant inlet temperature increases, the local liquid film thickness also

increases.
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The condensation heat transfer coefficient (%) is inversely proportional to
the liquid film thickness (Eq. (4.36)). Therefore, as local values of J increases
for higher coolant mass flow rates, the condensation heat transfer coefficient and
the condensation Nusselt number decrease along downward direction as well as

the coolant inlet mass flow rate at the jacket side increases (Figure 7.20).

All of these facts show that the coolant inlet temperature and inlet mass
flow rate affect the condensation process and they should be taken into account if
any meaningful comparisons between the experimental works, correlations and

analytical studies on condensation are to be made.
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CHAPTER 8

CONCLUSIONS

8.1 General comments

In this thesis, a comprehensive analytical and numerical study is
conducted to simulate the conjugate condensation heat transfer in vertical tubes

cooled by counter-currently forced liquid flow.

At the first step of the study, two phase heat transfer is modeled and
analyzed inside the condenser tube by using an annular flow pattern with a liquid
film at the tube wall and a turbulent vapor core. The momentum balance at the
liquid and steam interface is established on the correlative interfacial shear stress
expressions. The liquid phase heat transfer is modeled as heat conduction across a

falling film. Surface temperature profile of the tube wall (7(z)) is used as a

boundary condition. This developed model is compared to various experimental
data from the point of view of the vapor Reynolds number, the condensate liquid
film thickness and the condensation heat transfer coefficient. The agreement

between the calculated and experimental results is quite satisfactory.

At the second step of the study, the cooling water flow and the heat
transfer mechanism is modeled at the outside of the condenser tube. Inside the
annular passages, the velocity and temperature distributions for the turbulent

water flow are solved with a given variable heat flux (¢"(z)) from the outer

surface of the condenser tube as boundary condition while water is flowing inside
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the annular passage. This model is compared with the experimental results in the
literature. The analytical model predicts the general trend of the experimental data

reasonably well.

At the final step, these two separate problems are combined by an energy
balance and by the conduction equation for the condenser tube wall. They are
coupled via temperature and heat flux predictions at the inner and outer surfaces
of the condenser tube wall respectively. In order to solve this identified conjugate
problem involving condensation-conduction-convection phenomena, a computer
code named ZEC is developed in Fortran-90 language. The results of code ZEC
and the available experimental data are compared. The results of ZEC are found
to be in reasonable agreement with the experimental data over a wide range of

conditions.

As an important outcome of this study, the effect of some parameters such
as inlet pressure and mass flow rate of vapor, inlet temperature and mass flow rate
of the coolant on the condensation process are analyzed. The parametric analysis
show that the boundary conditions at the outside of the condenser tube such as
coolant inlet temperature and mass flow rate affect the condensation process and
might be taken into account if any meaningful comparisons between the
experimental works, correlations and analytical studies on condensation are to be
made. As a result of this study, it reveals that these parameters directly govern the
condensation heat transfer processes and this mutual dependency might be

coupled by means of a conjugate model implemented in code ZEC.

Although specifically, this work is aimed to predict the steam
condensation process in the passive cooling systems of nuclear reactors during the
LOCA, it is also applicable in other industrial areas, where in-tube condensation
is employed such as distillation, evaporation etc. processes. Therefore, this
developed code, ZEC, may be used for the preliminary design of in-tube

condensers and for the performance evaluation of such condensers.
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8.2 Recommendations for future work

During the condensation process, in case of the operational mode of the
passive containment cooling systems of AP1000 reactors and ice condenser of
SBWR, the steam contains some amount of non-condensable gasses such as air.
The existing experimental studies in the literature show that the presence of non-
condensable gas in the vapor can greatly reduce the performance of condensers
even though it contains very small amount of non-condensable gas. Therefore, a
condensation model taking the presence of non-condensable gas into account can

be developed and this model can be incorporated with the computer code ZEC.

The ice condenser of SBWR is located in a liquid water pool. Hence, the
performance of the condensation process inside the ice condenser tubes is directly
influenced by the natural circulation mode in the pool. But, the present computer
code, ZEC does not contain natural convection model at the jacket side (outside
of the condenser tube). For this purpose, a natural circulation model may be

added into ZEC with some modifications.
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APPENDIX A

OH-MODEL FOR IN-TUBE CONDENSATION

Liquid Film Model

For the liquid film, the force balance in the control volume depicted in

Figure A.1 can be described in wall coordinate system as follows;
7,P,dz+ A1p+pLg[A2(z +dz)—Alz] =7,P, dz

+Az{p+[a—pjdz} a-1)
0z

where

P, = P, =t (depth of the film thickness)

4 =4,=A4= (6-y)
Inserting above expressions into Eq. (A.1);

T,tdz + (0—y)tp + p,g(d—y)tdz

=7,tdz +(0—y)tp + (6—y)t K@—pj dz} (A-2)

oz

Eq. (A.2) becomes:
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Figure A.1 Physical model of the in-tube condensation used by OH-model
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7, + (8-y)pg=1, +(5— y)(g—];j (A.3)

7, (») {mg —(Z—I:ﬂ (6-y)+7, (A.4)

If the pressure gradient is assumed due to the vapor head, then we can

write it in terms of the vapor density as in Nusselt (1916) solution;

dp) _
( dzj =pyg (A.5)

Defining the shear stress in the liquid layer as;

7, (V) =H, (OZ‘VL j (A.6)

Inserting Eq. (A.5) and (A.6) into (A.4);

(2)- (7R | (p,-p)g , (R=0) 7, A7
dr 2r )78 rooou

Hence for laminar film, the velocity profile in the liquid film can be

obtained from the integration of Eq. (A.7);

u,(r) =L PIE {@—ﬂ - Ly (A.8)

The first term in the right hand side of above equation is the parabolic
velocity distribution, as in case of Nusselt analysis with no interfacial shear. The

second term is the linear velocity distribution due to the interfacial shear. For high
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interfacial shear, the second term is dominant. So the velocity distribution is

almost linear. The liquid flow rate can be calculated using the velocity profile;
o
i = 27 [ p () (R = )y (A9)
0

From Eq. (A.8) and (A.9), the mass flow rate per unit width in liquid film

can be expressed as follows:

. _ 3 4 2 3
i _(pmp) [8_s0t] g[8 & A10)
27R, v, 3 24R | v,| 2 3R
. o :
In Eq. (A.10), it is assumed that ) < 1. Then it becomes;
= (PL_pv)g53+ (7 52 (A.11)

v, 2v,

Eq. (A.11) can be simplified by using of dimensionless parameters as;
Re, = G(a*f + 2.1;‘.(5*)2] (A.12)
where the dimensionless parameters are;

Film Reynolds number :  Re, = ar

Hy

Dimensionless film thickness : 5" = o

*

L
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2 1/3
Characteristic length scale : L' = (#j

p(p,—p)g
. . * 7
Dimensionless shear stress : 7, =————
(pL—-p)gL

By solving Eq. (A.12), film thickness can be calculated.

Energy Balance

The heat transfer rate at the vapor region and the film region is balanced at

the interface as;

dr
(Zj hy=h, (Tgr =T) (A.13)

For laminar film, the temperature distribution in the film region at wall
coordinates of the Cartesian system is assumed to be linear. Therefore film heat

transfer coefficient can be expressed as;

B, =K (A.14)
o(2)

Film Nusselt number is defined as follow;

*

h,.L (A.15)

Nu, =

L

From Eq. (A.14) and (A.15), film Nusselt number for laminar film can

written as;
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nu, =L - (A.16)

Vapor Interfacial Shear

For the above analysis, the interfacial shear is an unknown parameter,
which will be used at the film—vapor interface. One of the methods to calculate
interfacial shear is to use appropriate correlation. The interfacial shear is

correlated with interfacial friction factor defined as

f=—— (A.17)

Since the condensation can be regarded as a kind of wall suction, the
results of the transpiration effect should be taken into account in the condensation
problems. The effect of transpiration was formulated by the ratio of the
dimensionless transport quantity with transpiration to one without transpiration as
a function of blowing parameter. For the momentum transfer, the friction factor

with the transpiration effect can be expressed as follows:

f_ b (A.18)
fo exp(bf) -1

Here, subscript 0 represents the quantity without transpiration and

momentum transfer blowing parameter, b is defined as;

Y

P ATIEN o
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Here, the blowing parameter is negative for the suction. For turbulent

friction factor without transpiration, the Blasius equation is used,

fo =0.079 RG;O'ZS (A.20)

For laminar friction factor, the analytic solution is used,

f=J16 (A21)

- Re,

Concluding Comments

Although OH-model gives satisfactory (but not adequate) results compared
to the experimental results, it contains some certain deficiencies which can be

underlined as follows:

e Force balance is established for the cartesian geometry, disregarding
the area differences in the radial direction for the shear forces,

e Energy balance and local heat transfer coefficient is also constructed
in cartesian geometry assuming that the temperature profile in the
liquid film is linear.

e Pressure gradient is assumed due to the only vapor head as in the
solution of stagnant vapor. But, this is not a good approach if the
vapor flow is highly turbulent and vapor interfacial shear is dominant.

J % terms in velocity profile are neglected, assuming that % <l1.

e Shear stress from the liquid to vapor is assumed to be equal to shear

stress from the vapor to liquid (7, =7, =7,).
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APPENDIX B

NUMERICAL ACCURACY FOR IN-TUBE
CONDENSATION MODEL

For the numerical accuracy of the in-tube condensation model, an
illustrative example is considered. In this case, a condenser tube with a inner
diameter of 33.5 mm. is chosen. The steam inlet conditions entering into the tube

are defined as Re, =93400 and p, =5.45 bar, where corresponding saturation

temperature of the vapor(7.,) is 155.2 °C. The inner surface temperature of the

sat

condenser tube (7)) is assumed to be uniform and equal to 140.0 °C. Taking these

inlet and boundary conditions, local condensate mass flow rate per unit

length(I"), used as the comparison parameter in the numerical calculations, are

plotted for 20, 30, 50 and 100 nodes in Figure B.1.

From Figure B.1, it can be seen that the solution of I'(z) varies with the
number of nodes up to a value of 50. However, ['(z) does not change

significantly upon 50 nodes. Therefore, the number of nodes for in-tube

condensation model is chosen 50 for numerical accuracy.
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APPENDIX C

THERMODYNAMIC PROPERTIES OF WATER

Thermodynamic properties of liquid water and saturated water vapor
should be calculated accurately. Therefore, polynomial functions are generated by
the author based on the reference data of IAPWS (1998) for the density, specific
enthalpy, specific heat, latent heat of evaporation, viscosity and thermal
conductivity of the liquid and vapor separately. The temperatures (7) and
pressures (p) as the variables of polynomial functions are in °C and bar

respectively. The functions can be given as follows:

LIQUID:

For 10°C < T< 160 °C and 0.012282 bar < p < 6.1823 bar

Density (kg/m’):

p,= (9.9983787916129¢+02)  + (5.8058967389981e-02)*T
- (8.2565642525968e-03)*T* + (6.7539935426860e-05)*T"
- (5.2668976816741e-07)*T* + (2.7971099514142¢-09)*T"
- (8.7577313496460e-12)*T° + (1.1865119914629¢-14)*T"’

(C.1)
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Specific heat (kJ/kg.K):

c,,= (4.2181343648751) - (3.0708559730143¢-03)*T
+(9.4186019724207¢-05)*T* - (1.5238751829861¢-06)*T"
+(1.5295470564867¢-08)*T* - (8.8692324825506e-11)*T" (C.2)

+(2.8162179783441e-13)*T¢ - (3.7611775384704¢-16)*T”

Viscosity (Pa*s x10°):
For 10°C < T <97°C

= (1.7915554327740¢+03) - (6.2163507473114e+01)*T
+(1.6829344018615¢+00)*T> - (3.8400144168028¢-02)*T"
+(7.1188983512218e-04)*T* - (1.0078431100307¢-05)*T"* (C.3)

+(1.0222306506924e-07)*T° - (6.8950998887318¢-10)*T"’
+(2.7461798323833e-12)*T* - (4.8612593243955¢-15)*T"

For 97°C < T <160°C

= (1.2764020925091e+03) - (2.3268599626198¢+01)*T
+(2.1549612399498e-01)*T> - (9.3377353595445¢-04)*T"
- (3.4111616102061e-07)*T* + (2.2498240643136e-08)*T"
- (9.2681770547603e-11)*T* + (1.2823757849057¢-13)*T"

(C.4)
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Thermal conductivity (W /m.K):

k= (5.6126785572601e-01)  + ( 1.8416150716531¢-03 )*T
+(6.2563532972956e-06)*T> - (3.3449666434981e-07 )*T°

(C.5)
+(3.3722807205271e-09)*T* - (1.7183110924796e-11)*T"
+(4.5037880446942¢-14)*T° - (4.8398822286715¢-17 )*T’

VAPOR:
For 97°C < T< 160 °C and 0.9103 bar < p < 6.1823 bar
Density (kg/m3):
Poy= (3.1988265967439) - (1.8664521411958¢-01)*T
+(4.6727995592512e-03)*T* - (6.4011191046976e-05)*T" o)

+ (5.2829106789094e-07)*T* - (2.5608235480252¢-09)*T"
+ (6.9198504672038e-12)*T° - (7.9366040203236¢-15)*T"

Specific heat (kJ/kg.K):

Coup= (8.5936439645380) - (3.7201763423003e-01)*T
+(8.8370524502143e-03)* T> - (1.1551137194773e-04)*T" (C.7)
+ (9.0149167963064e-07)*T* - (4.1904030885193e-09)*T"

+(1.0763302143065e-11)*T° - (1.1794539489510e-14)*T"’
Viscosity (Pa*s x10°):

U, = (9.1559727427739) + (2.5703234961848e-02)* T’

+(8.3129421653614e-05)*T* - (3.3789071207916¢-07)* T (C.8)
+(4.9472169118131e-10)*T"

159



Thermal conductivity (W /m.K):

k,,= (4.3489484412211e-02) - (1.4373254247784¢-03)*T

+(3.6193305025181e-05)*T> - (4.8025505077748e-07)*T" (C.9)
+(3.8411016793502e-09)*T* - (1.8347942914227e-11)*T"
+ (4.8506805301235e-14)* T° - (5.4762823430520e-17)*T"’

Latent heat of vaporization (kJ/kg):

h,= (2.2034116342447¢+03) + (1.4109197368505¢+01)*T

- (3.8625984171934e-01)*T> + (4.9679482070573e-03)*T° (C.10)
- (3.7996504881038e-05)*T* + (1.7181588198110e-07)*T"
- (4.2659788319882e-10)*T° + (4.4812018155219¢-13)*T’

Saturation temperature for a known pressure:

For 0.9103 bar <p < 6.1823 bar

T, = (5.0142626496345¢+01)  + (8.7088982376435¢+01)*p
- (6.1670818220560e+01)*p> + (3.4504290676744e+01)*p’
- (1.3489900098263e+01)*p* + (3.6034252763654e+00)*p’
_(6.4260811100028e-01)*p® + (7.3006309391489¢-02)*p’
C(4.7711513110239e-03)*p® + (1.3635842511078e-04)%p’

(C.11)

The properties for vapor and liquid obtained from polynomial functions
are compared to a tabulated source [TAPWS(1998)]. The errors for the saturated
water vapor and the liquid properties are summarized in Table C.land Table C.2

respectively.
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Table C.1 Error percentages of thermodynamic properties of saturated water
vapor estimated by polynomial functions

Pressure Error for Error for Error for Error for Error for Error for
(bar) saturation density latent heat | specific heat viscosity conductivity
temperature | calculation | calculation | calculation calculation | calculation
calculation (%) (%) (%) (%) (%)
(%)
0.9103 | 0.00314614 | 0.0005622 | 0.0008194 | 0.00024208 | 0.00193604 0.000271
1.0142 | 0.00119781 0.0009067 | 0.0011793 | 0.00096284 | 0.00140104 0.000883
1.1277 0.0005777 0.0016242 | 0.0009229 | 0.00076339 | 0.00173489 0.000212
1.2515 | 0.00100045 0.0006630 | 0.0014820 | 0.00027174 | 0.00335364 0.002197
1.3863 | 0.00152587 | 0.0009149 | 0.0014436 | 0.00112482 | 0.00364434 0.001483
1.5328 | 0.00039509 | 6.7714E-05 | 0.0007464 | 0.00050271 | 0.00281863 0.000127
1.6918 | 0.000776208 | 9.8785E-05 | 0.00117883 | 0.001685878 | 0.001031576 | 0.000840
1.8641 | 0.001066822 | 0.00081194 | 0.00043129 | 0.001376106 | 0.001545583 | 0.000835
2.0505 | 0.000472896 | 0.00323888 | 0.00102126 | 0.000775540 | 0.002961406 | 0.000101
2.2518 | 0.000129208 | 0.00274001 | 0.00071318 | 0.002177685 | 0.000791831 | 0.001158
2.4689 | 0.00043854 | 0.00102281 | 0.00077192 | 0.001783332 | 0.002673768 | 0.000795
2.7028 | 0.000845102 | 0.00035038 | 0.00083113 | 0.001565391 | 0.001743637 | 0.000991
2.9543 | 2.29455E-05 | 0.00271796 | 0.00104873 | 0.000612033 | 0.001166976 | 0.000670
3.2245 | 0.000347811 | 0.00217984 | 0.00003397 | 0.001892045 | 0.003480965 | 0.000976
3.5143 | 0.000252484 | 0.00202936 | 0.00208071 | 0.001946021 | 0.000734972 | 0.001024
3.8247 | 0.000214913 | 0.00057492 | 0.00050238 | 0.001711334 | 0.002022426 | 0.000110
4.1568 | 0.000536688 | 0.00175441 | 0.00017200 | 0.000649034 | 0.002369333 | 0.000211
4.5118 | 0.00044333 | 0.00074813 | 0.00048369 | 6.01966E-05 | 0.000666297 | 0.000179
4.8907 | 0.000121262 | 0.00226283 | 0.00123771 | 0.000238141 | 0.003222721 | 0.001338
52946 | 0.00058459 | 0.00052493 | 0.00249806 | 0.002079859 | 0.000302521 | 0.000150
5.7247 | 0.001049649 | 0.00095956 | 0.00098046 | 0.001696964 | 0.002926639 | 0.000354
6.1823 | 0.001716614 | 0.00095087 | 0.00083259 | 0.000795272 | 0.001230676 | 0.000495
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Table C.2 Error percentages of thermodynamic properties of liquid water
estimated by polynomial functions

Temperature Error for density Error for specific | Error for viscosity Error for
(°C) calculation heat calculation calculation conductivity
(%) (%) (%) calculation
(%)

10.00 0.000537297 0.000829677 0.001551016 0.001243476
22.00 0.000171287 0.000193785 0.000774508 0.000643615
34.00 0.000220980 0.001540172 0.000467946 0.000134210
46.00 0.000185002 0.000809823 0.000139148 0.000345329
58.00 0.000353493 0.000193730 0.000835291 0.000703531
70.00 0.000380795 0.000261736 0.000785480 0.000539335
82.00 0.000157224 0.000533807 0.001052473 0.000905846
97.00 0.000158866 0.000407524 0.000800435 0.000360399
100.00 0.000101900 0.000769147 0.000898713 0.000175543
103.00 0.000453209 0.000497270 0.001150939 0.000482104
106.00 0.000191943 0.000372617 0.000329564 0.000271412
109.00 0.000198810 0.000857337 0.000769494 0.000034985
112.00 0.000495013 0.000788868 0.000034946 0.000262164
115.00 0.000199781 0.000011258 0.000862726 0.000340563
118.00 0.000000000 0.000663476 0.001613595 0.000061091
121.00 0.000077727 0.000269577 0.000733955 0.000392549
124.00 0.000025977 0.000953585 0.001338197 0.000427299
127.00 0.000175808 0.000190475 0.000199962 0.000854434
130.00 0.000535379 0.000123084 0.001968507 0.000130769
133.00 0.000013094 0.000547511 0.001134898 0.000601565
136.00 0.000393915 0.001249608 0.002253329 0.001011490
139.00 0.000454297 0.000323068 0.000991825 0.000122109
142.00 0.000396186 0.000266936 0.000270649 0.000427542
145.00 0.000490072 0.000510770 0.001860800 0.000480134
148.00 0.000352048 0.000166265 0.001320615 0.000131026
151.00 0.000039976 0.000918335 0.001140634 0.000061190
154.00 0.000507936 0.000596336 0.000049226 0.000568655
157.00 0.000187726 0.000991918 0.001457453 0.000175135
160.00 0.000053808 0.001440828 0.000675283 0.000096425
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APPENDIX D

EFFECT OF AXIAL HEAT CONDUCTION INSIDE THE
CONDENSER TUBE WALL

Since the computer code ZEC assumes that the heat transfer occurs in
radial direction through the condenser tube wall, i.e., it neglects the axial
conduction, it is necessary to analyze the effect of axial heat conduction inside the

condenser tube wall.

In order to analyze the effect of axial conduction on the temperature
distribution and also to the solution of the heat conduction equation through the
condenser tube wall, a computer code ORTHIS [NECS 0525/01, (1971)] is used
to solve the two dimensional heat conduction equation in a hallow cylindrical
geometry. The results of the computer program ZEC for a reference case, Run
1.3-2 of UCB data, are prepared as input to code ORTHIS. Code ORTHIS
requires local heat flux values at the inner surface of the condenser tube wall,
local heat transfer coefficients of the cooling water at the jacket side, inlet
temperature of the cooling water, condenser tube wall thickness and the

temperature dependent thermal conductivity of the tube material.

The radial and the axial heat conduction rates are obtained from the code
ORTHIS are shown in Figure D.1 and D.2, respectively. Since the ratio of axial

to radial heat transfer rates (g, /¢,...) 1S In the range 0.01%-0.05%, the axial

heat conduction can be neglected in the analyses.
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Figure D.1 Local radial heat transfer rate from the outer surface
of the condenser tube wall
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Figure D.2 Local axial heat transfer rate along the condenser tube
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